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ROAD TESTING 

Testing of chassis under excess load, showing method of weight disposition, with test 
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PREFACE 

T^HIS book is primarily designed as a text for the study of the 

fundamentals and technique involved in the design of an 

automobile. It purposely refrains from any discussion on the 

prime mover as there are already many excellent works presenting in 

all aspects both the oil and petrol engine. The information is 

compiled as a result of the author’s work and experience at home 

and abroad, and, whilst some of the conclusions and inferences may 

be questioned, it is hoped that the technician who studies the subject 

in the light of research and who is not bound by accepted practice, 

will find little with which he is in disagreement. 

Much of the subject matter is primarily evolved in connection 

with heavy-vehicle design, but, being of a general character, it is 

also applicable to the lighter field of car design. For many years 

the author has felt the need for a standard work which presents the 

subject of automobile design to the technician whose work it is to 

produce the vehicle in its final form and which is not entirely devoted 

to the study of any specialised individual unit. 

If, therefore, it is considered that some sections of the book are 

not treated in equal detail it is hoped that sufficient information is 

contained therein to enable the student or worker intelligently to 

deal with the main components of a motor vehicle; and, if such 

proves the case, the purpose of the book has been fulfilled. 

In conclusion, acknowledgement is due by the author to the directors 

of Leyland Motors, Ltd., for their kindness in permitting the use of 

many photographs, drawings and diagrams by which the text is 

illustrated. 

Southport, R. Dean-Averns. 

January, 1948. 
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ABBREVIATIONS USED 

(/4s recommended by the British 
Standards Institution) 

b.h.p. 

Degrees 
Per 
Brake horse power 

B.M. Bending moment 

c.g. Centre of gravity 
ft Foot 
ft. lb Foot pounds 
ft. lb/in“ Foot pounds per square 

ft. Ib/sec 
inch 

Foot pounds per second 
ft/min Feet per minute 
ft®/min Cubic feet per minute 
ft/sec Feet per second 
ft/sec/sec Feet per second per 

gal/min 
second 

Gallons per minute 
h.p. Horse power 
in Inch 
in^ Cubic inch 
in. lb Inch pounds 
lb Pound 
Ib/ft Pounds per foot 
Ib/in Pounds per inch 
Ib/in*-^ Pounds per square inch 
Ib/in® Pounds per cubic inch 
Ib/ton Pounds per ton 
m/h Miles per hour 
p.s.v. Public service vehicle 
r/min Revolutions per minute 
r/sec Revolutions per second 
S.F. Shear force 
sq. ft/min Square feet per minute 
sq. in Square inch 
ton/in^ Tons per square inch 
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AUTOMOBILE CHASSIS DESIGN 

CHAPTER 1 

VEHICLE PERFORMANCE 

IN making calculations of vehicle performance, it should be realised 
that there are many sources from which potential inaccuracies in 
basic data might emanate. The effects are fortunately such that 

the results from general formulae are satisfactory for all practical 
purposes, the certain refinements in calculations being more often of 
academic interest. 

We do not take into account gyroscopic effect of large tyres and 
wheels, although such effects are briefly referred to later, nor the 
effect of inertia of rotating parts upon vehicle acceleration or decelera¬ 
tion. There are many such points which may eventually form the 
basis for adjustments to final calculations. Certain preliminary 
calculations are necessary before any attempt is made to lay the 
chassis down in the design office for scheme and detailed treatment. 
These are in the main connected with the power available to overcome 
resistance to motion forces to a degree which produces acceleration, 
together with the forces which are required to produce deceleration 
or retardation. 

It is assumed that sufficient data is available regarding the desired 
performance to enable the vehicle essentials to be evaluated. First, 
estimations of vehicle gross weight, either by comparative data from 
known models, or, in the case of a heavy goods or public service 
vehicle, by adopting the maximum legal gross weight allowable. 
The maximum vehicle speed and the climbable gradient must also be 
known. From these three conditions the power necessary for 
propulsion, the overall gear ratio, and the gearbox ratios may be 
determined. As a rough preliminary for the heavier-type service 
vehicle power at the rate of 7-8 b.h.p. per ton minimum forms a 
useful basis for check purposes. In the private-car class, factors 
other than essential power control engine specification. The follow¬ 
ing comparisons show the wide range of power-weight ratio variation, 
so that no reliable constants can be laid down for private-car design— 

British Practice 

Car No. 1— 23 h.p. at 4,000 r/min gross weight 1,800 lb 
2— 32 h.p. at 4,000 r/min „ „ 2,100 lb 
3— 52 h.p. at 4,000 r/min ,, ,, 3,000 lb 
4— 65 h.p. at 3,800 r/min „ „ 3,250 lb 
5— 100 h.p. at 3,800 r/min ,, „ 3,400 lb 
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AUTOMOBILE CHASSIS DESIGN 

Compare these figures with— 

Car No. 1— 78 h.p. at 3,500 r/min gross weight 3,000 lb 
2— 132 h.p. at 3,400 r/min „ „ 3,500 lb 
3— 175 h.p. at 3,400 r^iiin „ ,, 5,700 lb 

In the assessment of the more detailed performance it would 
appear necessary to consider this from two aspects: The first as 
emanating from power functions such as the torque or driving effort 
at the road wheels, which is the result of preliminary calculations; 
and the second from the aspect of efficiency of assembly and general 
layout, typified for instance in the correct layout of steering in com¬ 
bination perhaps with either suspension or braking—the front axle 
and the selection of correct wheel layout. 

The first results in vehicle movement, whilst the second supplies 
the refinements of movement. In this chapter, therefore, it may 
sometimes be found necessary to discuss detail before an appreciation 
is possible of the true problems involved, as the solutions are oft 
times far more elusive, but, with regard to the first aspect, most of 
the assessment may be made from empirical formulae and known 
data, which at all events permits performance to be gauged from a 
comparative view point. Consider first the category concerned with 
vehicle movement. 

VEHICLE MOVEMENT 

The mechanics of a moving vehicle are confined primarily to 
simple calculations from accepted formulae. In considering a 
wheeled vehicle three main factors are concerned— 

(a) Rolling and frictional resistance. 
(b) Gradient resistance. 
(c) Air or wind resistance. 

Rolling resistance varies considerably with the type of road surface 
as indicated in the following table— 

Table 1 

Resistance Resistance 
Road Surface Ib/ton Road Surface Ib/ton 

Railroad 10 Soft Macadam 97 
Good Asphalt 15 Well-rolled Gravel 57 
Medium Asphalt 22 Small Cobbles 60 
Poor Asphalt 29 Medium Cobbles 130 
Wood Paving 30 Large Cobbles 240 
Granite Sets 35 Hard Dry Clay 100 
Best Macadam 45 Sand Road 360 
Ordinary Macadam 50-60 Loose Sand 560 

An average figure which appears to give a little in hand for all 
general purposes is 50 Ib/ton. This, of course, does not apply to 
specialised military or agricultural vehicles. It is interesting to 
note that rolling resistance for cord tyres is approximately 33 per 
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VEHICLE PERFORMANCE 

cent less than that for fabric tyres, and the figures are practically 
constant for speeds of 20 to 50 m/h. 

Frictional resistance is another variable factor. It includes re¬ 
sistance to motion through transmission losses, such as gear 
efficiencies, oil churning, tyre adhesion and many other influences. 
A useful general approximation is— 

f - 30 + 0 012 W 

where f ~ frictional resistance in lb 
W — total weight of vehicle. 

Transmission losses are usually estimated at 10 per cent in direct 
gear and 15 to 20 per cent in low gear, so that in calculating per¬ 
formance, tractive effort should be estimated at efficiencies of 90 
per cent top gear and 85-80 per cent in lower gears, as an average. 
This figure includes such losses as occur in oil churning in a closely- 
designed gearbox and confined rear axle. It also takes into account 
temperature losses. For private cars these figures are low, 95 to 89 
per cent being the usual figures assumed. The friction loss in the 
tyres is about two-thirds that of the total chassis loss. 

GRADIENT RESISTANCE 

Gradient-resistance figures must be added to those for rolling 
resistances in compiling the summation of total resistance to motion. 
Gradient resistance is a function of vehicle weight 
and gradient, and it does not depend on vehicle 

W 
speed. It may be expressed as P q where 

G “ gradient and W — weight of vehicle or W 
sin 6 P if the gradient is expressed in angular 
dimensions. 

Wind or air resistance is dependent upon 
speed and is calculated from the formula— 

pn = ph 
2 sin 6 
1 + sin2 0 

The value varies according to the amount of streamlining effected 
or angle of inclination of the surface to normal, for instance for 
a streamlined car a constant of 0 0017, or for a single-deck streamlined 
coach body 0 0021, may be sufficiently accurate for all practical 
purposes: 0-0032 is used in connection with double-deck passenger 
vehicles. These constants form part of the expression ph — kV^A, 
where V is velocity in ft/sec and A the projected area in sq. ft. Note 
should be made of the direction of the wind, whether head on or 
following, as obviously this affects the relative velocity as opposed 
to the surface (see Fig. 1). 
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AUTOMOBILK CHASSIS DESIGN 

TRACTIVE RESISTANCE 

The sum of these three resistances to motion is termed the tractive 
resistance of the vehicle and may be expressed by the equation— 

TR W (r + KV“A ’’"[where TR ^ tractive resistance 

W vehicle weight in 
tons 

R rolling resistance 
Ib/ton 

G gradient 
V velocity in ft/sec 
A == projected area in 

sq. ft. 
Examination of the power curves of the engine reveals that whereas 

the torque curve rises to a point representing 1,150 engine r/min 
and gradually falls with further increase in engine speed, the b.h.p. 
curve continues to rise throughout the range of engine speed : b.h.p. 
for the purpose of actual work calculation is of little value, and 
merely represents the rate at which engine is performing work. It 

becomes, however, a 
necessary figure for 
speed calculations. Tor¬ 
que represents the actual 
useful work performed, 
and its value is conse¬ 
quently applicable to 
work calculations as 
exemplified in gradient 
climbing •^^^^abiiity (see 
Fig. 2). 

In explanation of this 
it should be noted that 
torque signifies a turn¬ 
ing moment, that is a 
force acting at a lever 
arm and is expressed in 
Ib/ft, whilst power is 
made up of torque and 
angular velocity. There- 
r ^ork ^ 

Time = 
which is the rate of 
doing work, hence the 
product of torque and 
angular velocity is 
power. It is some¬ 
times necessary to cal¬ 
culate the torque from 



VEHICLE PERFORMANCE 

the horse power and speed of 
engine revolutions, in which 
case 

T 
33,000 h.p. 

6^28 n or 5,250 X 

h D 
Ib/ft, n being the number 

of engine revolutions per 
minute. 

TRACTIVE EFFORT 

To overcome the external 
forces, effort must be applied 
in the form of a torque at the 
road wheels, and the first step 
is to ascertain what overall 
gear ratio, that is low gearbox 
and axle ratio, is necessary to 
convert the available engine 
power to useful work. 

100*/i 

Fig. 3 

If e transmission efficiency (see frictional resistance) 

r ^ overall gear ratio in low gear 

D - running radius of tyre 

T engine torque in Ib/ft 

then tractive effort at wheels is found from the formula 

Te—T x'yf'x e 
D 

12 

As Te must at least equal Tu 

then = W (r + + K A 

12 

w(r -I- f K A 

andr= ^ 

12 
T X e 

The extremes in conditions both of the forces opposing motion 
and those which are required under certain circumstances to over¬ 
come such resistances have been established. It now becomes 
necessary to ascertain requirements for the desired performance in 
intermediate stages. 
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AUTOMOBILE CHASSIS DESIGN 

Knowing the engine characteristics, it is a comparatively simple 
matter to arrange the intermediate gearbox speeds. It should be 
remembered that it is advisable that the peak of power at the road 
wheels should occur at say 15-20 per cent early on the engine power 
curve, that is to say the gear ratio is such that the peak Occurs at a 
speed of 15-20 per cent lower than the ultimate speed which is 
given when the peak is projected on to the power required curve (see 
Fig. 3). It is desired that the number of speed changes should 
ensure that the drop in engine speed and consequent vehicle speed 
is not too great when making the gear shifts, whilst at the same time 
permitting ease of gear change by the driver. 

The main function of the gearbox is to maintain engine speed at 
the most economical value under all conditions of vehicle motion, 
so that the optimum value of power output/fuel consumption is 
achieved. This however is not easy to accomplish with the ordinary 
gear-type reduction; the ideal would be an infinitely variable trans¬ 
mission. It is known, of course, that the larger the step between 
two gears the more difficult is the change. The selection of correct 
ratios is therefore important. 

GEOMETRICAL PROGRESSION 

Geometrical progression affords a selection which has many 
merits, since the vehicle is propelled in gear by a series of engine 
accelerations and decelerations. If the ratios are in geometrical 
progression, then the engine speed range is constant throughout all 

gears. This, of course, is the 
^_SPEED RANGE GEOMETRIC_^ theoreticul idcal. 

In practice, however, many 
other features enter into the 
final gear-ratio selection; for 
instance, low-speed gear is 
often an emergency one, whilst 
the change down must fre¬ 
quently be quickly effected. 
Such conditions would be as¬ 
sisted by reducing the speed 
range of the engine between 
the preceding ratio and low 
gear in order that the loss of 
vehicle speed should be a 
minimum and the waiting 
period for synchronisation of 
the two gear wheel speeds be 
reduced. 

Fig. 4 illustrates a series of 
curves of engine speed/vehicle 

Fig. 4~Vehlcie performance (gears in in geo- 
geometric progression) metric progression. 
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VEHICLE PERFORMANCE 

In the example it has been assumed that in order to satisfy known 
conditions of performance an overall ratio of 25-6 to 1 is necessary. 
The selected axle ratio to give the desired direct- or top-gear per¬ 
formance is 5-4 to 1. If the gearbox is of the four forward speed 
type then the low ratio will be 4-74 to 1, direct or top 1 to 1, 
and the intermediate ratios for geometric progression will be 1 -68 
to 1 and 2*82 to 1. These are the ratios used in the curves in¬ 
dicated. 

Incidentally geometric progression represents a series of quantities 
in which each term is obtained by multiplying the preceding term 
by some constant factor called the common ratio, for example, 1, 3, 
9, 27, 81, etc., each term being three times that preceding it. For a 
series of terms n having common ratio r and the first term a the sum 

a(r« — 1) 

(r -1) 

or, if r is less than I, a more convenient expression is 

It is further assumed that the engine is governed to a maximum 
speed of 1,800 r/min and it is therefore not advisable to allow engine 
revolutions to reach this figure before changing gear, as power will 
be cut off suddenly and the vehicle will lose considerable road speed. 
Moreover, maximum engine torque is developed far below maximum 
engine revs, and in low gear it is desirable to utilise this power when 
climbing steep gradients. The engine-speed range permitted by the 
gear ratios should therefore reach its maximum just above the speed 
for maximum torque. 

From the diagram it will be seen that in first gear the vehicle 
accelerates from 4j: m/h at 980 r/min to 7^ m/h at 1,800 r/min on 
the level road, and the speed range of engine is constant over 720 r/min. 
The gear change is made when the engine revs fall to 980 r/min, 
from which the next acceleration is to 13 m/h through third gear to 
21 m/h, and on to top or direct at 37^ m/h governed speed. 

These ratios may need finally adjusting, due to extraneous features, 
after initial test. 

Incidentally, a certain amount of clutch slip is often experienced, 
when re-engaging takes place, more particularly in the lower gears, 
with higher engine speed and lower vehicle speed. The effect of 
this is illustrated by dotted lines on Fig. 4, noting that the vehicle 
speed has increased over that in the higher gear even before the 
drive has become positive. 

The selection of intermediate gears permits the plotting of tractive- 
effort curves against road speeds, in each of the four gears selected 
(see Fig. 6). Previously road speeds have been related to engine 
speed on the level ground. If the ideal tractive effort curve be 
plotted on the same ordinates, that is through the point on each of 
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the four curves corres¬ 
ponding to the selected 
engine speed, which 
indicates the most eco¬ 
nomical point of work¬ 
ing on the engine torque 
curve, it will be seen 
that there is a portion 
of each individual effort 
curve overlapping the 
ideal. This n'leans that 
the gear ratios selected 
provide in each case 
for the maximum pull¬ 
ing power at any vehicle 
speed. The ideal trac¬ 
tive-effort curve (Fig. 
5) is a rectangular 

hyperbola based on ordinates of vehicle speed and tractive 
effort. 

For example, if Tf 
V 

then from the formula 

^ tractive force, and 
= vehicle speed ft/min 

Tf X V 
33,000 b.h.p. all the data for plotting 

such a curve can be ascertained. 
Tf, say, 1,000 lb is the tractive force required at the road wheels, 

and the vehicle speed is 30 m/h or 2,640 ft/min, then— 

1,000 X 2,640 
33,000 

80 b.h.p. is the power required at the driving 

wheel to produce the desired vehicle speed. 
If the vehicle speed is to be 15 m/h, then the tractive force will be 

2,000 lb and for 7^ m/h a corresponding proportional increase. 

GRADIENT PERFORMANCE AND ACCELERATION 

We can now consider the gradient performance, and investigate 
the accelerating properties of the vehicle. Incidentally, it is of course 
appreciated that if a gearbox ratio is modified so that the total overall 
ratio between road wheel and engine is double its original ratio, 
curve A becomes curve B (see Fig. 5), all horizontal dimensions 
being halved and all vertical distances doubled, as for given engine 
speeds and doubled total ratio the vehicle speed is halved but the 
tractive effort is doubled. 

Using the same scale as for the tractive effort, we can calculate the 
total tractive resistance at different gradients. Referring to Fig. 6 
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VEHICLE PERFORMANCE 

it will be seen that the curves obtained cut the tractive efforts at 
various points. 

Take, for example, top-gear tractive effort on no gradient repre¬ 
sented by the rolling and air resistance line. At a vehicle speed of 
20 m/h there is ample excess effort available, which gradually 
decreases until at 31 m/h the two curves intersect, showing that 
the margin of surplus power has been reduced to zero. In other 
words 31 m/h is the theoretical maximum speed of the vehicle in 
top gear. 

This is not strictly the case for, as will be noted from the combined 
resistance curves, wind resistance is the main cause—the estimated 
pressure is of course for the worst possible condition and for 
ordinary work might be greatly in excess of average. In third gear 
tractive effort considerably exceeds resistance on the level and the 
vehicle will use this effort to accelerate from 10 m/h to 27 m/h, at 
which speed a change to top gear would be made. If, however, a 
gradient of 1 in 32 is encountered in third gear, the vehicle does not 
possess so much surplus power, but can still accelerate from 10 m/h 
to 18^ m/h. 

Fig. 6 also shows the vehicle speed at which the best pulling 
power of the engine is exerted in each gear. It is read from 
each tractive-effort curve 
at the point of intersection 
with the ideal tractive- 
effort curve. 

Top gear 21 m/h sur¬ 
plus effort over rolling 
and air resistance of 
250 lb 

Third gear 13^^ m/h sur¬ 
plus effort over rolling 
and air resistance of 
950 lb 

Second gear 8:J: m/h sur¬ 
plus effort over rolling 
and air resistance of 
2,200 lb 

First gear 5 m/h sur¬ 
plus effort over rolling 
and air resistance of 
3,950 lb. 

The climbable gradient 
at each of these optimum 
points is easily estimated 
from the formula— 

Fig. 6—Vehicle gradient performance in 
each gear 
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VEHICLE PERFORMANCE 

w w 
p = ^ or G “ p, where G — gradient 

W = vehicle weight 
P ~ excess power. 

For the purpose of ascertaining acceleration characteristics of the 
vehicle it must be borne in mind that the limiting factor is the adhesion 
between the tyre and road, for if excess tractive effort is put through 
the wheels, the latter will spin and adhesion will be lost. The 
coefficient of adhesion varies and depends upon the surface of the 
road, and to some extent upon the rear-axle weight. If we divide 
the driving force at the wheels by the vehicle weight we arrive at a 

factor K = Te of course varies in each gear and is a maximum 

at the point of maximum torque on th^ engine-performance curve; 
This factor may be used in calculating vehicle acceleration thus— 

If Te tractive effort in Ib/in 
W ~ mass of vehicle lb 

f ~ acceleration (32*2 ft/sec/sec) 
W 

Te mf or numerically Te = ^2.2 ^ 

32‘^T ^ T 
therefore f ^ but K and substituting we get 

f = 32-2 K ft/sec/sec. 

This expression, however, bears no relation to the coefficient of 
adhesion between tyre and road, and deals only with vehicle gross 
weight. It has been stated that the maximum effort which can be 
exerted at the ground without wheel skid will depend upon the 
weight upon the rear axle X coefficient of adhesion, hence Te = 
where w = axle weight gross and ft = coefficient of adhesion 
(usually 0*7) for normal surfaces, 

by substitution w/x — 3^2 ^ 

STABILITY AND CENTRE OF GRAVITY 

We have dealt briefly with the mechanics of a vehicle moving in a 
straight line. There are other factors to be considered in assessing 
its performance: location of the centre of gravity (c.g.) with relation 
to cornering, its steering and road-holding capacity, braking efficiency, 
and the effects of braking upon steering. However, these factors 
may be discussed briefly under their respective sections, as they do 
not directly affect calculations made in the initial design stage of a 
vehicle, which primarily are estimates regarding power available and 
power required. One point, nevertheless, should be noted and 
concerns the centre of gravity of the complete vehicle. It is im¬ 
portant that this centre should not be incorrectly disposed, and a 
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few notes here emphasising that fact may not be out of place at this 
stage. The height of the c.g. from ground affects its stability when 
rounding curves. The vehicle is acted upon by a centrifugal force, 
which is denoted by P (see Fig. 8). 

Wv^ 

& 
and P 

h 
B 

W 2Ph 
2 B 

W 

The centrifugal force applied when the vehicle overturns is given 
by the formula 
Wv- _ WB from which the maximum velocity is obtained 

gr 2h 

V - 
732-2 rB 

V 2h 
where r = radius of bend (ft) 

V -- velocity (ft/sec) 
W ^ weight of the vehicle. 

Certain other known features should 
not be lost to sight in connection 
with the c.g. location as related to 
brakes, which affect the motion of a 
four-wheeled vehicle— 

(1) There is a considerable falling 
off in the effectiveness of rear 
brakes as the centre of gravity 
moves forward and a similar 
though smaller effect with front brakes when c.g. is moved to 
the rear. 

(2) With combinations of both rear and front brakes, the variations 
in stopping distance caused by horizontal movement of the 
c.g. is comparatively small. 

(3) There is an optimum position of c.g. wherein front and rear 
brakes are equally effective so far as stopping distance is 
concerned. 

So far as deviation from line of travel is concerned— 
(1) Locked rear wheels tend to produce deviation whether used 

alone or in combination with other brakes. 
(a) The tendency becomes more marked as c.g. is moved 

forward. 
(b) As opposed to the effect of rear brakes in producing 

deviation, the steadying effect of front brakes is marked. 
(c) With the forward c.g. and the front brakes in use, the rear 

brakes have only a slight effect on deviation as well as on 
stopping distances. 

(d) To ensure minimum deviation whatever the braking com¬ 
bination, the c.g. must be near the rear wheels. 

(e) The optimum position for c.g. appears to be one-third 
wheelbase from rear-axle centre line. 

(2) The height of the centre of gravity has but little effect on 
stopping distance. The effect of increased height is felt more 

\ 

■N 

J 

cc ! 

-A 
r 

S.J J 

1 

d ^ 

' w jcl' 
2* 2 

Fig. 8 
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Fig. 9—Tilting test of double-decker bus. Note body angle and chassis angle 
due to spring deflection 

with rear-wheel brakes only, probably due to the reduction 
of rear axle load when braking. 

(3) The most marked effect of transverse movement of c.g. is in 
diagonal braking. When the right-hand front and left-hand 
rear wheels are locked, moving the c.g. so as to throw weight 
on to the right-hand wheels causes stopping distance to 
diminish to the extent of 15 per cent. With left-hand front 
and right-hand rear effect on stopping distance is much less. 

Where three wheels are locked, the effect of moving the load 
away from the free wheel is to reduce the stopping distance, probably 
because a more heavily loaded wheel produces a greater retarding 
force when locked. Similarly when the c.g. is moved towards the 
freely running wheel, stopping distance increases. 
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To find the Centre of 
Gravity of d Vehicle 

Data— 

W = total weight of 
vehicle 

Wi == weight on near¬ 
side wheels, vehicle 
on level ground 

W2 ~ weight on near¬ 
side wheels, when 
vehicle is tilted to 
a known angle. 

Referring to Fig. 10— 

^ tan a 

where a = sin-^ Y* 

a ai - 

T cos a W2 

W 
ai x-x X- r j T cos a Wg 

, -—a, substituting for aj, d — 

where b = T cos a substituting, aj 

d 

where a = 

cos a 
TWi 

W 
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VEHICLE FLOTATION 

Cross-country operation presents many differing problems as 
provision is necessary against sinkage on all types of terrain. Correct 
flotation of the vehicle in mud, clay, sand and snow demands 
consideration of the most suitable type of vehicle, the ground contact 
area of the tyre, its loading, and, above all, traction must be given 
first consideration. 

It should be appreciated that correct flotation on one type of 
terrain is not necessarily correct for another, neither does it follow 
that adequate traction on one surface will be successful on one of 
dissimilar characteristics. For instance, snow differs fundamentally 
from sand, and sand can hardly be compared with mud. Snow is 
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compressible, although the amount of penetration by the tyre depends 
upon the tyre load and the consistency of the snow. A ground 
pressure of about 2 or 3 Ib/in^ is all that can be allowed if the 
tyre is to compress a bearing surface for supporting the load 
without sinking too deeply and stalling through lack of ground 
clearance. 

Sand, on the other hand (except when wet), does not compress so 
readily. It resembles very minute round shot and the particles are 
displaced upon contact with the tyre so that some roll to each side 
of the tyre whilst the remainder immediately under the tyre compacts 
slightly. When traversing such soft sand tyre pressures are of 
paramount importance, as upon pressure depends ground-contact 
area and thus intensity of loading, which if much in excess of 10 Ib/in^ 
will probably permit sinkage to a depth at which, although the 
engine power is sufficient to spin the wheels, forward traction ceases, 
due to the build up in front of the driven wheels with the consequent 
increase in rolling and gradient resistance. 

Sand operation generally requires a tyre size with rating for road 
operation of 75 per cent more than that required for load carrying. 
The tread design is not of great importance except in so far as it 
effects tyre flexibility. A tyre should be chosen having the minimum 
number of plies and should be used as single equipment. Twin tyres 
on a driving axle considerably reduce sand performance, which from 
the author’s experience may measure 30 per cent reduction. 

Reverting to inflation pressures, tractive ability is improved by 
reduced pressure whilst rolling resistance is reduced. Reference to 
Fig. 11 illustrates the effect upon ground-contact area under reduced 
inflation pressures, whilst it will be noted that the lower pressure 
avoids the wedge action of the tyre and allows the tread to become 
concave, trapping the sand to improve adhesion and sustain the full 
amount of what compressibility the sand possesses. 

Reference to Fig. 12 shows how both tractive effort and rolling 
resistance are affected by this question 
of tyre pressures. The variations as 
shown in both cases are true for all 
tyre sizes and it should be noted that 
as deflection increases with decreased 
pressure, tractive effort increased rapidly, 
whilst rolling resistance approaches the 
minimum until any further deflation takes 
place when it results in work being done 
on the tyre itself and thus the curve 
begins to rise rapidly. The tyre size 
chosen is greatly in excess of that required 
for road work with similar loads and has 
a pressure rating of 50 lb for normal 
work. 

In the particular case and for com- pig. ii_Effect of reduced 
parative purposes, the following percent- inflation pressure 
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age deflections on hard roads correspond to the actual tyre in> 
flation pressures— 

50 lb pressure equals 25 per cent deflection 
33 lb pressure equals 30 per cent deflection 
22 lb pressure equals 40 per cent deflection 
14 lb pressure equals 50 per cent deflection. 

Another comparison of actual vehicle performance will illustrate 
the effect of tyre pressures. A vehicle fully laden to tyre capacity 
for road work and fitted with 10*00 x 20 single tyres and inflation 
pressure of, say, 70 lb would hardly be capable of movement in sand 
dunes—certainly not able to climb any gradient. In other words 
its flotation is practically nil. Should the tyre pressures be reduced, 
say to 40 per cent of their rated pressures, everything else remaining 
unaltered, it is found that the vehicle has a moderate sand performance 
and in the example in mind a 14 per cent gradient could be climbed 
with a trailer tow load of 2,500 lb. 

If, however, tyre equipment be revised and 14*00 20 tyres fitted, 
having a rated load twice that of the 10*00 x 20 (that means that 
the tyres are only 50 per cent laden), a further modification to 
pressures is permissible and the tyres may be inflated to 40 per cent 
their rated load, resulting in a similar reduction to that with the 
10*00—which in this case is 15 lb—then the vehicle will be capable 
of climbing a gradient of 30 per cent with a corresponding increase 
in tractive effort to the extent of that necessary to trail a 5,000 lb load. 

Having briefly considered tyre equipment, it remains to decide 
upon the number of driven wheels desirable. For soft terrain the 
more driven wheels provided the better will be the vehicle performance. 
This may be illustrated to greater effect if a very heavy vehicle is 
considered, as gross laden weight of the lighter types permits normal 
sand duties to be carried out by tyre adjustment, although it must 
not be overlooked that the advantages gained on the larger vehicle 
are equally applicable to the light weight. In the vehicles in mind 
the gross laden weights were 40 tons distributed evenly over all 
tyres, the measured rolling resistance of the front wheel drive vehicle 
was 11,100 lb, 24 x 32 tyres, inflation pressure 50 lb. This vehicle 
was capable of movement on the level with a drawbar pull of 2,500 H), 
but its gradient performance left much to be desired. 

The front driving wheels in this case had to overcome not only the 
rolling resistance of the trailing axle but in order to exert the 2,500 lb 
drawbar pull, they had to be capable of producing a tractive effort 
of 8,050 lb (that is 2,500 + 5,550). 

When four-wheel drive had been fitted the front drive still exerted 
its effort of 8,050 lb and two driving axles would produce 16,100 lb, 
whilst part of the rolling resistance of the rear driving wheels would 
be eliminated since they become driven. The vehicle then climbed a 
gradient of 15 per cent and could produce a drawbar pull in the 
region of 16,000 lb on level sand. 
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Further reduction in in¬ 
flation pressure from 50 lb 
to 20 lb in all tyres increased 
the drawbar pull to 20,000 lb. 

Flotation in mud may pos¬ 
sibly not be accomplished 
merely by tyre adjustments 
as mud differs somewhat 
from sand since it does not 
possess a great degree of 
compressibility, and a tyre 
passing over such a surface 
will sink until it reaches a 
solid bottom and sufiicient 
contact area to give load 
support. Generally a "mud 
surface has a hard subsoil 
underneath, but in marshy 
districts it sometimes con¬ 
sists of top growth, underneath which is an almost non-negotiable 
morass. In this latter case traction is almost impossible except with 
the multi-wheeled drive and low ground pressures. 

Mud generally is more easily displaced than sand, hence it is often 
found that even with reduced tyre pressures the tyre does not beconie 
deformed and thus it loses many of the advantages of deflation. 
Much research has been carried out on suitable tread design, but if 
the ground is adhesive chains or the like are very necessary, and 
ground clearance is of primary importance. The use of a large 
diameter tyre is preferable to a tyre of large section since the arc of 
sinkage is longer with the large diameter than that of the smaller but 
larger-section tyre, or alternatively to obtain the necessary contact 
area the smaller tyre must sink deeper. 

Traction in snow is equally difficult and variable, so variable in 
fact that a tyre designed with a suitable tread pattern may give 
excellent results in snow at temperatures of 0° F, whereas in tem¬ 
peratures nearer to freezing point tractive ability almost disappears, 
for under pressure the snow forms ice and the tread grip is lost: 
hence the use of chains in snow. As in the case of mud, a larger 
diameter tyre is necessary, large enough to produce a ground pressure 
of 2-3 Ib/in^ on hard ground. Remember that when the tyre sinks, 
as in the case of mud, the flanks of the tyre do not contribute to any 
appreciable extent area which in practice reduces intensity of ground 
pressure. It is important to consider that as any type of terrain 
where the coefficient of traction is low or where penetration or 
sinkage is above normal, the performance of the vehicle is limited by 
the amount of work the tyres can convert into tractive effort; thus 
for sand, snow and mud operation all-wheel drive is necessary as, 
regardless of engine power, forward movement may be impossible if 
all tyres do not contribute their share of tractive effort. 
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ROLLING RESISTANCE 

The standard or generally accepted figures for rolling resistance 
are, of course, applicable to vehicles moving on made roads, but 
the problem of ascertaining rolling resistance applicable to specialised 
vehicles, as instanced in the four-wheel drive gun tractor for service 
overseas, assumes a much more formidable aspect. The problem of 
placing the wheel on the ground so that the surface may not be 
displaced sufficiently to stall the vehicle completely is one which 
cannot be fully dealt with in these notes. The theory is based 
upon wheel sinkage, and as a guide to heavy-vehicle designers the 
following observations will be of assistance. 

There are certain limitations with regard to type of vehicle for 
functioning on different types of terrain, for instance the multi¬ 
wheeled low-pressure tyred vehicle is probably superior to the 
track-laying vehicle for certain surfaces, and vice versa under opposite 
conditions. Success or otherwise in performance is contributed to 
by careful consideration of rolling resistance, which in turn may be 
affected by one or more of the following points— 

(a) Input to axle shall be balanced and not exceeded at the ground 
no matter what coefficient of adhesion is encountered; the 
engine power and axle ratio to be so arranged as to 
provide tractive effort at the wheels not in excess of the require¬ 
ments of gross weight tractive adhesion and gradient. 

(b) A distribution of axle weights which will prevent stalling or 
alternatively wheel spin when transference of engine torque 
from one axle to the other is occasioned by various adhesion 
factors as between one axle and the other. 

(c) A proportion between track and wheelbase which will permit 
transverse articulation of one wheel without unduly reducing 
the load on the wheels of the other axle through excessive 
frame rigidity. 

All the foregoing points, however, cannot be treated individually, 
those concerning torque input, tractive output and axle loading 
being entirely bound one to the other. In applying the theory that 
input to wheels must not exceed required output (bearing in mind 
coefficients of adhesion) it is realised that a compromise must be 
found for effort required on gradients having soft surfaces. It is 
believed that engine torque varies continually between the two 
driving axles in direct proportion to the weight of the individual 
axles and the ground surface coefficient; for instance, if the front 
and rear axles are both similarly laden, but two wheels of one axle 
are on soft ground whilst the other axle is traversing a hard 
surface, and, say, the adhesion factors are 0*3 and 0*6 respectively, 
then the rear axle will assume twice the effort of that in the front 
axle. This is accounted for by the fact that the product of tractive 
effort and adhesion balances according to axle load, up to a point 
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where tractive effort exceeds adhesion factors when the wheels 
will spin. 

A further illustration could be shown if the front-axle adhesion 
is reduced to zero or the axle lifted clear of the ground through 
obstruction, all the torque being then utilised by the rear axle; for, 
although the engine is producing maximum output, the only work 
done is that at the rear, since the forward axle is offering no opposite 
reaction at the ground. It is this reaction which allows the available 
torque to be converted to useful work, so that the front axle absorbs 
only sufficient energy to move rotating parts. 

The basic fact to bear in mind is that— 

Coefficient of Tractive Adhesion = 
Propulsive thrust 

Driving axle weight 
If, therefore, both axles are on similar surfaces, then weight distri¬ 
bution is of little importance, but the one condition which makes 
careful balance of weight a necessity is that which appertains when 
the vehicle is negotiating a gradient demanding maximum torque 
output, the vehicle climbing the hill and not descending, whilst 
the surface is such that each axle is on ground of which the surfaces 
possess different adhesion factors. 

It is appreciated, of course, that it would be possible to destroy 
the benefit of this condition if the percentage of rear-axle weight 
were exaggerated; as, for instance, when front-axle tractive effort 
multiplied by adhesion would be inadequate to move the chassis 
since the rear would sink and thus materially increase another 
militating factor—that of rolling resistance. 

It might be suggested that a heavy front-axle load would be bene¬ 
ficial in such cases and, whilst it is appreciated that the ideal would 
be a variable loading between front and rear axles, a more important 
feature emerges which definitely rules out this desirability. 

Assume therefore that a heavy front-axle load is provided and the 
vehicle encounters soft ground with its front axle, for example a 
ditch, then the extra loading would tend to produce cavitating of the 
wheels and rolling resistance would increase to an extent which 
would overbalance power input to the wheels, whilst the remaining 
tractive effort at the rear axle would add further rolling resistance 
to the front axle by virtue of its driving effort which would in such 
a case be exerted downwards. 

It is thought, therefore, that as light a front-axle load as possible 
should be arranged for such conditions, always bearing in mind 
that a too-heavy rear axle would also be disastrous under other 
circumstances. 

The effect of increased rolling resistance due to cavitation may 
be appreciated by study of the following approximate assumptions. 
It is necessary to have some knowledge of the conditions of terrain 
to be traversed and accordingly what is known as a “ soil factor ” 
is incorporated. These factors for the following ground conditions 
are— 
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Fresh snow 1 Ib/in^ 
Soft mud or quicksand 1 to 2 Ib/in*^ 
Freshly-ploughed loam 4 to 7 Ib/in^ 
Dry sand 20 Ib/in^ 

and they cover a wide diversity of conditions. 
Referring to Fig. 13, if G -ratio of rolling resistance to vertical load 

P Fh- 
^ W “ Z V 

1 ( W \ ^ 
or approximately G - -- ^ VkFD^/ ^ 'vhere K == soil factor. 

For ground angles, or tyre sinkage 0 up to 40'' 

3 f 6\ 
G approximately ^ tan j 

h — ^ versine 0 

and V 
77- D‘'^ F / 0 sin 2 

4 A36O ~ 477 / 

A tyre which is loaded to produce 
an angle 6 of 30'', which is equivalent to 
a rut of approximately 6 or 7 in of wheel 
diameter, has a rolling resistance of 180 
Ib/ton in dry sand, whereas with a 14-00 
in X 20 in tyre the rolling resistance in¬ 
creases to 360/560 Ib/ton. 

The power absorbed in overcoming 
rolling resistances of such values is con¬ 
siderable and it is considered necessary 
to provide at least 10 h.p. per ton as 
the minimum which should be available ^ F 

particularly for track-laying vehicles. Pig. 13—wheel cavitation 
There is yet another factor which enters 

into the question of axle loading which is 
more apparent and of greater consequence on steep gradients. It 
concerns longitudinal torque reaction. The effect of this reaction 
is to reduce the load on the front wheels and more forcibly 
depress the rear, or in other words to add to the dead weight 
on the rear. The total load, of course, remains unaltered, but 
it will be seen that with the same ground-adhesion conditions as 
previously mentioned, that is uneven values for both axles, this 
feature militates somewhat against front-axle utility. 

It is not, however, of such importance when all wheels are 
encountering the same adhesion coefficient. The tow load, whilst 
imposing additional work on the engine, has but little effect on 
axle loading; it does, however, increase the rolling resistance of the 
complete vehicle and in consequence further increases the required 
tractive effort. It is on account of this load that wheel spin occurs 
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under certain conditions even after the foregoing theories have been 
incorporated in the design, since if the engine is to deliver suflScient 
output to overcome both rolling resistance of the tow and weight and 
adhesion of the tractor, the fact that only the tractor wheels absorb 
this power means that under some conditions the engine is too power¬ 
ful by an amount of torque equal to the figure required to overcome 
the rolling resistance of the gun or tow load. 

Hence it is possible for the tractor to negotiate clay comfortably 
without tow load, although with the latter wheel spin is experienced. 
It is definitely not a function of engine capacity, but entirely one of 
balance between power tractor weight and adhesion. It is, of course, 
appreciated that both longitudinal and transverse torque reaction 
exist, but it is important to note that both affect the chassis in 
different ways. 

Transverse torque reaction is transmitted via the springs to the 
frame. In consequence two important features enter into the problem 
of its absorption; first that the track of the chassis should be as 
wide as possible in order to reduce the actual reaction effect at the 
ground, and secondly that the periodicity of the suspension springs 
must be unequal, or in other words they must not synchronise. 

Of prior importance is the track, so that reaction effect will not 
depress the tyre to too great an extent and thus continually vary its 
running radius, promoting a similar inverse fluctuation in radius of 
the opposite tyre. The effect of uneven torque is therefore to establish 
a varying load through the tyre to the spring and consequent high- 
frequency oscillation. This is magnified as engine speed falls 
(torque rising), the road wheels assuming a greater load during 
depression so that axle weight and adhesion become unbalanced 
with torque input. This appears to suggest that again the light 
front load is preferable. 

It will be realised that the position of spring attachment to the 
frame is of importance, as also is the degree of frame rigidity, as the 
longitudinal torque reaction, which is of considerable magnitude, 
provides an aggravating addition to the bounce phenomena (when 
once such a condition commences) directly through the frame in 
proportion to the wheelbase of the vehicle: this reaction, however, 
is transmitted to the wheels and does not emanate from that source 
as in the case of the transverse reaction. It follows that such a 
source, whilst not altering the total load on the vehicle, redistributes 
the load between front and rear axles since the front axle tends to 
lift under its influence. The rear springs therefore become depressed 
and relieved alternately, with consequent alteration to tractive 
adhesion. The ultimate resultant torque reaction from transverse 
and longitudinal forces has the tendency to twist the frame diagonally. 

EFFECT OF CENTRE OF GRAVITY 

From investigations carried out, in which the eCFects of combined 
transverse and longitudinal torque reaction on each individual 
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wheel were measured, it was noted that the rear nearside wheel load 
is reduced by approximately the same percentage as the front offside 
is increased, whilst the front nearside loses a similar amount to that 
gained by the offside rear; and it will be appreciated that any reduc¬ 
tion in either track or wheelbase would increase these transfer 
percentages. Since the wheelbase is more or less determined by 
other considerations, it is desirable to widen the track to the utmost 
possible. Hence the desirability of establishing a definite relationship 
of track to wheelbase. 

In absorbing these reactions, the suspension-spring disposition 
(transversely and longitudinally) is very important, particularly in 
relation to the frame, which is the medium through which engine 
torque reaction is transmitted. “ Patter ” depends to a certain 
degree upon the position of the centre of gravity of the whole vehicle 
in relation to the points of reaction of the springs; for example, if 
the centre of gravity of the vehicle falls in such a position that it is 
possible for it to be balanced by the two front wheels and one rear 
wheel (plan view) then any lurching which occurs at one side of the 
front axle results in the body following that movement. In a case 
where the c.g. is such that the body could be supported by two rear 
wheels and one front (plan view) then the motion of the vehicle 
follows relatively the motion of the rear axle. 

It will be appreciated, therefore, that tendency to patter at the 
front end of the vehicle is aggravated where the vehicle centre of 
gravity falls within the front-axle control (Fig. 14). “ Patter ” is a 
particular form of high-frequency periodicity, caused probably by 
the coincidence of the spring period with that of the chassis and 
body; and, since periodicity is a function of deflection, it would 
appear that patter can be reduced by increase in deflection. Consider, 
then, the effect of spring location and attachment upon any forces 
tending to cause lurch towards the front axle, of a vehicle whose 
approximate centre of gravity conforms to that of Fig. I4b. The type 
of chassis to which Fig. 15a refers is typified in Fig. 14b, wherein most 
of the load is at the forward end. Engine-torque reaction acts upon 
the frame side members in a downwards direction on one side and 
upwards at the other side. The coil-suspension springs are inside 
the frame member (plan view) and in consequence are not located in 
so favourable a position to resist side movement or sway of the 
frame as if they had been more widely spaced. Moreover, the torque 
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reaction is applied at a position along the frame much in front of 
the point of spring attachment so that any reaction tends to tip one 
side downwards and forwards at one corner, with only one point of 
resistance. The frame and suspension loads are therefore unbalanced, 
whilst at the same time frame movement due to this unbalance is 
transmitted to the coil spring, setting up continual compression and 
lengthening with consequent increase and decrease in its applied 
load to the axle, or in this case, torque tube. 

Now, bearing in mind that the wheel already has its own driving 
mechanism and consequent torque reactions to absorb, it experiences 
a succession of loads increasing and decreasing alternately according 
to the number of impulses per revolution of the engine (4- or 6-cylinder) 
at exactly the same time as the torque-reaction fluctuation occurs in 
the wheel-driving mechanisms, so that as the pressure on the wheel 
is relieved and increased thus the required amount of input varies 
to the wheel. 

The total torque must, however, be absorbed over all the drives 
and in consequence the excess from one wheel is distributed to the 
others. A general disturbance occurs, particularly when the adhesion 
factor is low, and a continual hunting of input torque commences 
through each of the four drives. One or even two wheels, at some 
period wherein maximum torque is required to negotiate a gradient 
whereupon adhesion is low, will be submitted to an excess torque 
and immediately is/are subjected to an increased torque reaction in 
consequence. Running radius of tyre becomes another variable 
quantity and generally a vicious circle is set up. 

The adhesion factor does not vary, but the wheel loading, tyre 
radius, and spring loads are never constant. A condition thus 
develops wherein all these loads seek to synchronise, and a period 
is set up between the springs and the wheels with consequent pro¬ 
motion of patter. 

EFFECT OF VEHICLE SUSPENSION 

If the chassis is considered as a unit mounted on four coil springs 
spaced close together as in Fig. 15a a general idea of the effect of 
hunting torque will be appreciated, particularly as all reactions are 
each partly absorbed at the approximate centre of the chassis (Fig. 
15a). Were these springs situated at wider centres longitudinally and 
outside the frame transversely, they would afford a much greater 
opportunity for absorption of the loads. The ideal longitudinal 
position is immediately above the axle centres, as at these points the 
reaction moments are a minimum, whilst deflection is not so critical 
in preserving frame stability. 

An example of this type is illustrated by Fig. 16, in which the 
springs possess a much more desirable location both transversely 
and longitudinally than Fig. 15a since they are immediately above the 
axis from which torque reaction emanates. Moreover, the arrange¬ 
ment permits wider transverse spacing with consequent greater 
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possibility of increased deflection and also periodicity adjustment. 
This type of suspension incidentally (and apart from the question of 
weight distribution) possesses an inherent defect with regard to 
ground clearance which, compared with Figs. 15a or 15b, amounts to 
serious proportions. The axle centre is fixed to the frame and 
consequently does not rise with the road wheel. 

During articulation, ground clearance is reduced by the amount 
of wheel rise, or in other words ground clearance is inversely propor¬ 
tional to wheel rise; further, since the axle arms are pivoted near 
the “ banjo ” portion, the wheel track is continually subjected to 
variation, and this is particularly undesirable from a wheel-loading 
aspect, when it is recalled that the torque reaction moment is varying 
accordingly. 

A coil spring, however, is without one of the most important 
characteristics—that of leaf friction—necessary to prevent at the 
outset any increase in frequency of possible oscillations. The 
suspension springs will absorb engine-torque reaction, via the frame, 
and will transmit the impulse to the wheels. The springs thus 
become loaded through an additional source. To reduce the 
magnitude of this load they should be placed at as wide a centre as 
possible from the source of oscillation. The friction between the 
leaves of the laminated spring may assist in preventing the develop¬ 
ment of a period, whilst the fact that they possess transverse rigidity 
is of considerable assistance. 

A useful idea might be the introduction of progressive springs 
wherein each progression has a different periodicity and it could be 
arranged so that (since the first progression is very light in com¬ 
parison to chassis weight) any addition to the dead loads of chassis 
weight bring the second progression into action, resulting in the use 
of a certain proportion of friction from the first leaf of that portion 
of the spring. As previously stated, oscillations are therefore 
prevented from developing a period. Moreover from a glance at 
Figs. 15b and 16 in elevation it will immediately be apparent that in 
addition to the advantage possessed by wide transverse location any 
reactions from the wheels will be transmitted to the frame through 
points widely spaced longitudinally. 

Reverting to the normal road vehicle, it will be realised how 
important is the suspension in connection with the general per¬ 
formance and, having very briefly discussed the effect of spring 
location, we may consider another aspect which is intimately bound 
up with the quality of riding and which must therefore be related 
to performance. 

In considering vehicle suspension we are not mainly concerned 
with spring rates, but primarily with deflection. The main motions 
of the vehicle are pitch and bounce, pitch being a rotary oscillation 
about a centre within the wheelbase and bounce, a rotary oscillation 
outside the wheelbase. The position of these centres is important 
and they are fixed not by actual deflection of front and rear ends 
but by the relative deflections of the two ends and the polar moment 
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of the vehicle. 
These centres have 
certain character¬ 
istics, two of which 
are that the motion 
of each is a simple 
harmonic what¬ 
ever the car dis¬ 
placement, and 
that additional 
load at either cen¬ 
tre does not affect 
the frequency at 
that centre, but 
reduces the fre¬ 
quency at the 
other. In order, 
therefore, to pro¬ 
duce pitch, load 
must be applied at 
the bounce centre 
and vice versa. 
Since the centres 
are close enough 
to the wheel 

centres, the front loads mainly cause 
pitch and rear loads bounce, the 
faster motion being started first dur¬ 
ing vehicle motion. The front there¬ 
fore drops as the rear rises, whilst 
this results in the maximum angular 

Fig. J6-Effect of spring location motion as produced by the vehicle 
passing over a single obstruction. 

Softening the front springs tends to move both centres forward 
and the pitch rapidly slows ; on the other hand bounce is reduced 
slowly. 

Continuation of the front-spring softening eventually eliminates 
the excitation of the pure pitch or bounce from loads at either end 
of the vehicle. The bounce centre is already at infinity and reappears 
behind the vehicle, and as the pitch centre moves ahead of the centre 
of gravity it approaches nearer the rear, so that instead of the pitch 
frequency slowing down rapidly it is the bounce which possesses this 
quality. Excess softening of the front springs in relation to those of 
the rear causes the front end to move forward without apparent 
vertical displaceipent, whilst the rear end of the vehicle executes 
individual movement vertically. 

On average cars, therefore, it would appear that springing should 
be arranged so that under maximum load the rear deflections should 
be equal to the front deflections at their lightest load. The heavier 
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vehicle requires that 
both springs should 
have equal deflections 
only at maximum load. 
It has been generally 
considered that if the 
ratio between the 
radius of gyration K 
of the vehicle squared, 
and the product of the 

two parts of the wheelbase either side of the centre of gravity 
(a and b) is equal to 1, then the best vehicle suspension has 
been obtained. However, this does not eliminate vertical inter¬ 
ference kicks or horizontal vibrations and later investigations on 
parallel springing suggests that pitch frequency/bounce frequency 

K- 

ab should equal \/^2 so that === 0-75. However, this ratio must 

be proved in test and may therefore vary according to type of vehicle. 
The suspension must allow a retention of vehicle stability and 
precision in handling. 

In explanation of the relation = ab, it should be noted that 
the problem may be divided into several portions— 

(1) To find a system of two masses of equal moments to the 
sprung part of the car. 

(2) To find an elastic system which is equivalent to the springs at 
the axles. 

(3) To place the masses over imaginary springs of known stiffness. 
(4) To find by algebraic methods the spring periods. 

Where in (1) Ai & Bi be the two masses (see Fig. 17) 
K — radius of gyration of the vehicle 
G centre of gravity of the vehicle 

for equal moments 

Equal mass Ai + Bj = M 
Common c.g. Ai ai ~ Bi bi 
Equal inertia moments Ai aj^ + Bi bi^ = MK^ 

and as A, B & M are common, \Ve get aj bi = and this governs 
the position of equal masses. In (2) spring stiffness = /x & A at 
dimensions a and b (wheelbase) apart, and distances 1 & m from 
spring centre C (see Fig. 18). 

The three required conditions for equality of the two spring systems 
are— 

The sums of stiffness must be equal A + /x — + /xj 
Both springs must have the same line of resultant action 

Aili — fi mi = 0 = A1 — /xm 

Both springs must have the same angular stiffness 

-^1 = A H ^ = /xi mi Oi + mi). 
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We therefore get from the first two conditions 

(A + fi) li — fii (Ij + mi) 

and, combined with the last of the three expressions (that for angu¬ 
lar stiffness), we get 

The stiffness of the springs is therefore 

In the third part of the problem (to place these masses over the 
imaginary springs) erect verticals from G and C (the centre of 
gravity and spring centres respectively) KG and HiC equal to k and 
hi, bisect KHi _ 
and draw EO at 
90^ to KHi to X. 
point O, and 
with O as origin \ \ 
describe a semi- ^ \ 
circle through / / ^ \ 
H and K to in- / \ 
elude P and Q. -P.j.>---LQ 
These points At ^ ^ 
are those of ( ^ r ^ ^ 
simple h a r- 77^ / , t 
monic motion u _oVTI_J 
from the geo¬ 
metry of the Fig. 18 

circle, as PC, 
CQ - h2 li mi and PG GQ = - aj bi. 

We now have to find the spring system to give a harmonic point P. 
If PjGi and radius of gyration GK == K are known, then from a 
semicircle drawn through P and K from any point C we have the 
ordinate of the semicircle CH h ; thus from the formula for the line 
of resultant action and for the expression for h^ (second part of the 

\\ 1 m 
, 1 . - A m (m^ — h2) 

problem) we have j “ „ 12) •*. 1 m — h^ 

Proceed to draw another semicircle on the wheelbase A B which 
intersects the previous circle at Hi. Drop the perpendicular HiCi. 
Point C denotes the spring centre and the ratio of spring stiffness. 
To define the periods in terms of the system of masses and springs 

T, - 2.y 
T. = i'V®* 
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T2 
M X GP 
CP(A + fi) 

Inseparable from suspension and its qualities is the problem of 
steering and the design of the front axle. 
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CHAPTER 2 

FRONT AXLES AND SUSPENSION 

IT is, of course, impossible to estimate all conditions of front-axle 
loading, but some of the stresses are sufficiently small to become 

absorbed in figures of greater importance, and these will be neglected. 
The front axle should be considered in conjunction with the vibrations 
of the vehicle as a whole, together with the characteristics of the 
suspension system. 

Of primary importance is the relation of the proportions between 
unsprung and sprung mass, bearing in mind that it is not always 
desirable to reduce the unsprung weight. A vehicle traversing 
rough surfaces experiences two critical speeds, one when acceleration 
and displacement are great, and the other when acceleration is great 
and amplitude small. In the case of the former condition, this 
occurs at low vehicle speeds, whilst the latter phenomenon is 
experienced at speeds live or six times that of the lower critical 
speed. Again, the first period is occasioned by the difference in 
natural periods between the front- and rear-suspension systems and 
the consequent chassis displacement. It takes the form of lurching 
at the critical speed of the rear springs, although its proportions are 
not serious as the displacements exist only over a short period of 
time. The second critical speed occurs when the front axle is 
vibrating with considerable amplitude and its acceleration is greater 
than that of the first period. Chassis displacements are smaller and 
rapid shocks of 
less amplitude 
occur over a 
longer period of 
time. This is the 
condition which 
imposes severe 
mechanical 
stresses upon 
the axle. 

Reference to 
Fig. 20 illus¬ 
trates the mag¬ 
nitude of shocks 
under varying 
conditions of 
unsprung mass, 
from which it 
will be seen that 
a compromise 
between suspen- 
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sion characteristics and vehicle speed is necessary. The curves 
show that reduction of unsprung mass improves the riding com¬ 
fort during the first portion of the curve, but after the critical 
speed is reached both decreased riding ability and road-holding 
capabilities are reduced. It should be arranged that the maximum 
desired vehicle speed should not coincide with the speed shown at 
the peak of the curve. From the diagram, the vehicle speed range 
to pass through the period is evident. 

As an obstacle is encountered, an impact is imparted to the wheel, 
the maximum acceleration of the chassis being reached before the 
rise becomes appreciable. This velocity is a function of impulse and 

unsprung mass. Its magnitude is V = , where I impulse and 

m = mass unsprung. The acceleration in an upward direction is 
given by 

a -- W ^ 
M Vm (F + K) mV 

where M — sprung mass supported by one wheel 
F — spring factor of suspension 
D damping factor of road springs 
K = spring factor of tyre 

from which it will be noted, when compared with Fig. 20, that a 
reduction of unsprung weight increases the lift acceleration due to 
impact. It depends, however, upon the vehicle speed and the size 
or character of the obstruction. 

An approximation of the impulse which also represents the shock 
load applied to the axle is given by the expression 

Khl 
A " 2V 

where h = height of obstruction 
and 1 length of obstruction. 

The shape of the axle bed is not generally considered other than 
for requirements of dimensional clearances under engine sump and 
road clearance, but it has some small bearing upon the oscillation 
of the front end of the vehicle. As compared with the dropped 
centre axle the straight beam raises the centre of oscillation to a 
more disadvantageous position, whilst at the same time it decreases 
the angular displacement of the wheel for a similar rise of tyre from 
the ground. In consequence the resistance to motion is of smaller 
magnitude than that of the dropped axle bed. As opposed to this 
condition, the straight beam affords a reduction in gyroscopic effect 
from the wheels because of this reduced angular motion. An 
increase in axle track would, of course, produce similar advantages, 
and the conclusion therefore is that a satisfactory compromise is 
necessary between track and axle drop. 
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Weight distribution is of importance as its influence is felt in con¬ 
nection with the distressing phenomenon of wheel wobble. It is 
not proposed to deal with this subject at length; it will be sufficient 
to consider the vibration which occurs at high speed wherein the 
axle vibrates about its centre point, simultaneously with the trans¬ 
verse rotational displacement of the axle ends. It has been established 
that if it were possible to dispose all the mass at the axle centre, 
then the period of transverse vibration would be considerably 
reduced, and would almost certainly be entirely damped out by the 
application of comparatively small forces acting at the spring pad 
centres. 

A parallel to this condition may be cited in the rear axle, wherein 
a considerable proportion of the mass is concentrated at the axle 
centre. The damping of these vibrations is not assisted by the 
addition of front-wheel brakes, on account of the increase in inertia 
moment about the centre point of the axle. The effect is to reduce 
the period of vibrations and to bring it closer to the speed range of 
the vehicle. In order to reduce the additional inertia moment to 
as low a degree as possible it is desirable that as much of the mass 
of front brakes and steering head should be arranged at the centre 
of the axis of wheel rotation. 

It has been seen that the spring centres bear relation of some im¬ 
portance in damping transverse oscillations as they exert a balancing 
moment effect, whilst of course they influence the total axle-weight 
distribution. A narrow spring track decreases the period, and a 
wide track increases the frequency of axle vibration. It is therefore 
correct to set the springs at as wide centres as dimensionally and 
constructionally possible. The dimension is controlled not only by 
dynamical considerations, but by such practical requirements of 
steering lock, frame width, and overall width. The compromise is 
therefore one for individual consideration. 

There are obviously practical limitations to the dimension between 
swivel-pin centre and the plane of the wheel, but these centres are 
important as they involve the vehicle performance and care must be 
exercised in arranging the necessary compromise. It is appreciated 
that the speed at which the wheels can maintain conical precession 
or gyroscopic action is dependent upon the cone which is formed 
through these centres (see Fig. 22), The velocity is higher when 
the centres are longer and lower when the dimension is curtailed. 
Long centres are therefore indicated as one of the means of placing 
this velocity outside the vehicle speed range. 

The diameter of the swivel-arm bearing should be calculated from 
the maximum fibre stress in the section, whilst considerable care 
should be exercised in the choice of material, for shock loads can 
only be dealt with by the margin allowed in the safety factor. 
The main fact which must be borne in mind is that ultimate failure 
is not so much occasioned by the magnitude of stress as the in¬ 
cluded range of stress. Stress reversals also tend towards rupture 
of material. 
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Transverse vibration constitutes a case where reversal of stress 
occurs and when assessing the limiting range the natural elastic 
limit should be used as a basis of calculation, the term “ natural ” 
being used advisedly since it is known that material stress limits of a 
material can be artificially controlled, and that after a series of 
reversed loadings this limit settles down to a fixed value where the 
allowable stress is the same for both compression and tension. This 
value is termed the natural elastic limit. 

Localised stresses can be avoided if due care is taken on the detail 
drawing to specify the correct grade of finish, whilst the change of 
section should be radiused as large as possible. As a guide to 
illustrate the importance of this, it is stated that a 1 in radius tillet 
gives 100 per cent of the original fatigue limit; in radius, 92 per 
cent; square corner, 49 per cent; 90' Vee notch, 40 per cent of the 
original fatigue limit. 

Track-rod dimension can safely be arrived at on the basis of com¬ 
parison, but the stresses to which it is subjected present certain 
complications. If, however, a reasonable factor of safety is allowed, 
then the following formulae will cover the design for all practical 
purposes, since it is almost impossible to estimate the effects of loads 
imposed through any of the extraordinary circumstances which are 
noted in attendant sections of these notes. A reversal of end loading 
incessantly occurs, whilst the weight of the track rod itself assumes 

considerable proportions so far as 
L stress due to vibration is concerned. 

Assume that the mass of the rod is 
as an evenly-distributed load, then 
the approximate calculations for 
maximum intensity of stress involve 

21 loads from (a) axial pull and (b) 
axial thrust, both thOvSe conditions 

combining a lateral load due to track rod weight. 

Where L length between supports 
1 ^ lateral load carried per unit length 
P end thrust 

then see Fig. 21. 

BM at A due to lateral loading - y“) 

and Py due to end thrust P. 
d-x 

The sum of these moments is equal to El ^^2. where ] - moment 

of inertia of cross section perpendicular to the plane of flexure, 

therefore El --- y-) Py 

and the approximate solution of this equation is written by 
substituting 
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IL'^ 
8 

thus J „ll-'cos^y;L 
inus X g „ p 

where ~ Eulers limiting value for the strut having both ends 

pivoted, that is 

IL^ 
"" 8 (P, - P) 

and BM at origin O 

IL" P, -P 
8 Pi 

Maximum intensity of bending stress is therefore 

, BM„x2 BM,.d 
H) jf or ^ j 

where is half the depth of section d. 

Maximum intensity of compressive stress (positive sign) and tensile 
stress (negative sign) 

fc 
BMod , 

21 P 
P 

where p - mean intensity of stress ^ and A -- cross sectional area. 

These approximations assume a symmetrical section and end load 
Wx 

considered to be the maximum possible on one wheel - ^ ’when 

W - maximum load on wheel, x distance between wheel centre 
and pivot axis, and y the length of knuckle arm. 
The arm x—y twists about the axis xy. 
The twisting moment at any point on this axis is of course FH, 
F being the braking force (see Fig. 22). 
At other sections stress due to F is 

at AA — Torsion magnitude FH and bending Fa 
BB — Torsion only magnitude FH 
CC — Torsion FH and bending Fc 
DD — Torsion FE and bending Fd. 

These stresses are in addition to those of bending due to force W. 
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FRONT AXLE STRESSES 

The Axle Beam 

Referring to the part of the beam between the spring pads, say 
section XX (Fig. 22), point z, the whole of this section is subjected 
to bending moments only, and where 

W = total load per wheel (lb) 
g “ horizontal distance from centreline spring pad to centreline 

of load at ground (in) 
(ji = coefficient of tyre and road friction 

Vertical bending moment BMy Wg 
Horizontal bending moment BMic Wg/x 

Resultant BM,, - ^(BMv)' + (BMh)^ 

For a beam of I section Z 
BD* - bd^ 

6D 

and stress ~ f ^ 

Take a point y on axle arm which is subjected to both bending and 
torsion where radius of wheel — R 

vertical distance of y from ground — K. 
Vertical BMy - WK 
Horizontal BMh — WK/x 
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Resultant BMb =- VCBMv)® + (BMh)" 

Twisting moment T ^ W/xR (^) 

Equivalent BMk 
BMr 1- 

2 

Modulus of section for oval section 
Tibd^ 

32 

Modulus of section for circular section 
32 

and stress 2 

From the fore¬ 
going formulae, 
and in accord¬ 
ance with the 
stresses to which 
various sections 
of the axle from 
spring pad to 
king-pin boss 
are subjected, 
convenient sec¬ 
tions may be 
chosen, but care 
should be exer¬ 
cised in blend¬ 
ing in of the 
cylindrical por¬ 
tion to the I 
section. 

King Pin and 

Bearings 

E, 

For all prac¬ 
tical purposes 
the sources of 
king-pin loads may be 

Fig. 23— Arrangement of king pin and bearings 

considered as emanating from 

(a) total load on the axle, 
(b) resistance of tyre on road when braking, 
(c) braking torque, 

and take the form of shear loads. 

Shear Load at Point 1 : 

(a) Due to load on axle 
Wp 

q 
43 
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(b) Resistance of tyre on road when braking 

= in a longitudinal rear direction. 

(Note king pin in double shear.) 

W/xR 
(c) Due to braking torque ^ in a longitudinal forward 

direction. 

Total shear load \/(^^)^ + 

Stress 
Total shear load 
Cross-sectional area 

q / 

The load at point z is calculated in a similar manner as for point 1 
except that the lever arm is n. The load imposed by braking torque 
is in the same direction as that from resistance of tyre to road. The 
total shear load is therefore increased at this point. 

Load on King-pin Thrust Washer 

== W sec a 

Under normal conditions static loading only is necessary as a com¬ 
bination of maximum braking and steering loads simultaneously is 
rarely encountered. 

King-pin Bearings (Static Load): 

Load on upper bearing 

Load on lower bearing 

Unit loading 

Front Axle Bearing Loads (Normal Running) (see Fig. 24) : 

Where A = centre distance between bearings 
B distance from centreline of outer bearing to line of 

vertical ground reactioi 
R = running radius of tyre 
Wf ^ front axle load 

Radial load on inner bearing — 

Radial load on outer bearing — 

Wf B 
2 A 

Wp /Wp B\ 
2' ■ \ 2~ Al. 

WO 
s 

Wm 
S 

Load^n bush 
Projected area 

Bearing Loads when Cornering: 

Centrifugal force = 
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Load on outer wheel due to CF 

WfV2 h 
gr ^ T 

Vertical ground reaction on outer wheel == 

0-5 Wf + ( 
WfV^ 

gr 
Side reaction at outer wheel = 

Gv ,, WkV^ _ 
W„. gr ^ 

Radial load on inner bearing due to verti¬ 
cal ground reaction Gv 

GvB ^ 
- A ^ ^1- 

Radial load on inner bearing due to side 
reaction S 

A 

Total radial load on inner bearing 

-- Gj + Sj “ Lj 

Radial load on outer bearing due to G 

Gv — G^ -- G2 

Radial load on outer bearing due to S 

_ S ^ ^ 
- ^ 

Total radial load on outer bearing 

- S2 - G2. 

STEERING 

The effect of front-axle design upon steering qualities has been 
briefly set down, but braking and suspension effects present 
further problems, the incidence of which are almost incalculable 
with any degree of accuracy. 

In considering suspension, the tyre must be considered as an 
additional damping medium through which vibrations and oscilla¬ 
tions may be absorbed. Ground contact area should be taken into 
account when deciding upon the steering reduction ratio necessary; 
these areas of course differ with tyre size and pressure, low-pressure 
tyres having the greater pressure round the edges of the contact area. 

This condition would be ideal if it were possible to concentrate 
such loads at the centre of the tread. Furthermore the effective 
centre of contact of a pneumatic tyre is not at the base of its vertical 
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comes compressed or deflected during motion whilst the rear half 
is allowed to recover, the internal resisting forces increasing the 
vertical loads required for compression whilst the forces of recovery 
or expansion in the rear half are reduced. This dimension is 
therefore a function of pressure, and steering will be affected further 
in its castor action. 
If W ~ load on wheel (lb) 

F = rolling resistance 

V = velocity of vehicle (ft/sec) 
P “ power consumed by tyre (ft. Ib/sec) 
r running radius of tyre (ft) 
X = offset of vertical thrust (ft) 

then F = 

F - Wgx 
_ Ft 

WgV. 
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This dimension should be taken into ac¬ 
count in any calculation concerning castor 
angle (see Fig. 26). 

Front-wheel braking necessitates com¬ 
promise in the angle of inclination of the 
pivot pin. The addition of weight at the 
hub gives rise to a gyroscopic effect that 
is evident in extreme cases of wheel wobble. 
From the aspect of braking, centre-point 
steering is desirable as it reduces steering 
deflections when brakes are applied evenly, 
application will have been noted under the heading of brake per¬ 
formance. The track rod is subjected to very severe stresses in 
cases where the swivel pin is positioned at some distance from the 
point of ground contact with the tyre. 

The inclined pivot pin or king pin and vertical wheel are not the 
soundest compromise, since the wheels are in unstable equilibrium. 
The path of the swivel head traverses an ellipse from lock to lock, 
hence the heavier steering at low speeds. At high speeds the reverse 
is the case, steering is rendered lighter by virtue of the additional 
castor effect. 

Neither is inclined wheel and vertical pivot pin altogether satis¬ 
factory, as either a castor or anti-castor effect arises, dependent 
upon the radius of the path through which the wheel is constrained, 
since forward movement of the vehicle tends to an increase in the 
angle of lock. Referring to Fig. 27, the angle of the swivel head 
forms a cone CBO at the point of intersection with the ground, and 
the tendency of the wheel in motion is to describe a circle whose 

centre is O. The steering 
mechanism restrains this 
tendency. If Ri is the 
radius through which the 
wheel is restrained, anti¬ 
castor effect will result if 
R is less than this radius. 
A compromise between the 
two arrangements is there¬ 
fore indicated. 

The inclined pivot pin 
gives additional castor 
effect, whilst it permits 
the swivel-head angle to 
be small enough to lie 
within the smallest turning 
circle of the vehicle. Posi¬ 
tive castor effect results. 
The compromise of angles 
lightens the effort at the 
steering wheel and allows 
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a certain moment at the point of contact of tyre and ground to 
be maintained. 

It is not intended to repeat the principle of the generally-utilised 
Ackermann layout of steering geometry, since in any event it only 
takes care of accuracy during certain phases of steering. Study of 
an Ackermann layout will show that it places the greater slip angle 
on the inner wheel, which is the more lightly loaded, during sharp 
turns on a hard road. It must be appreciated that on all turns 
above speeds of 35/40 m/h (even turns of low curvature) are made 
about a centre in front of the wheels, so that Ackermann geometry 
applies only to relatively low speeds. Moreover, the actual centre 
of vehicle rotation differs greatly from the centre shown by Acker¬ 
mann layout, which does not take into account the slip angle between 
the wheel planes and their paths of travel (see Fig. 29). 

a angle of front wheels 
^ and j8i slip angles. 

Note that controls the path of vehicle on the curve. The 

approximate radius of the turn ^ ^ if /3 and are equal, but if 

/8 exceeds the radius of turn increases and in consequence the 
angle of lock must be increased: generally reduced by tractive 
effort. Thus this condition is often encountered and R (radius of 
turn) may be stated. 

^ approximately 

or if ~ 

R 2 sin a V sin^ a -j 4 cos a cos ^ cos (a - /3) 

The slip angles /3 and ^8, produce certain side thrusts, proportional 
to them, but independent of speed and load on the wheel as the slip 
angle of a tyre for a given side thrust is independent of speed. Tyre 
size and any tyre pressure increase, however, increase these thrusts, 
which are applied at a point to the rear of the centre of ground 
contact (see Fig. 28) and, in consequence, a torque is produced 

which tends to 
DiREaioN OF MOTION SLIP Straighten the 

wheel about the 
king pin. It is 
of interest to 
note that, al¬ 
though the side 
thrust is inde¬ 
pendent of wheel 
load, this torque 

Fig. 28 is increased with 
Camber thrust Slip angle thrust whecl-load in- 
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crease. In a 
parallel inde¬ 
pendent action 
the wheel planes 
tend to take up 
an acute angle 
with the plane 
of the road in 
the direction of 
the outside of 
the turn, and 
as the effect of 
changing the 
camber of a 
rolling wheel is 
to produce a 
thrust in the 
direction of this 
acute angle, the point of appli¬ 
cation is forward of the centre of 
ground contact (see Fig. 28). 

These slip angles have a fun¬ 
damental influence on the under- 
or over-steering qualities of a 
vehicle. Should the slip angle 
of the rear be less than that of 
the front, the curve of the 
vehicle path is towards the 
side or direction of W and 
presents the condition of urn 
steer. Centrifugal force is 
this case opposed to and te 
to balance the side force. 

If the rear slip angle is greater Fig. 29 Vehide fuming centre 

than the front, the vehicle travels 
in direction of arrow B, centrifugal force from this curvature 
being added to the original side force. This condition is termed 
oversteer. The side force W is produced by any uneven quality 
in the road surface and in resistance to this load the tyres exert 
an equal and opposite side force which causes them to drift 
sideways. The phenomena resulting is evidenced by the fact 
that an oyersteering vehicle when negotiating a bend above the 
certain critical speed of the vehicle for straight running will tend to 
run into its turn, resulting in a requirement to reduee the lock of 
the road wheel. 

Understeering vehicles, on the other hand, when put into a turn, 
endeavour to straighten up and require constant increase of lock as 
the speed on the bend is increased. 

Oversteering is obviously the more dangerous condition, and 
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several practical remedies are effective if carried out to the correct 
degree. Amongst these may be noted: 

(1) Examining the rear tyre pressures and increasing the pressures 
to reduce the slip angle. 

(2) Reducing the pressure of the front tyres to increase the front 
slip angle. 

(3) Reducing the weight on the rear axle (remove passengers to 
front seats or discard heavy equipment). 

Factors affecting over steer : 

(1) Weight distribution relative to tyre pressure. 
(2) Overturning couples affecting cornering power. (If excess 

couples at the front the tendency is to greater understeer.) This 
implies that a low c.g. corners better than a high c.g. 

(3) Geometrical errors in steering linkage. 
(4) Length of wheelbase (the longer the wheelbase the smaller the 

curvatures). 

Low-speed Wobble 

This phenomenon depends upon several contributing factors— 
(a) castor angle, (b) frame flexibility, (c) wheel mounting, (d) front 
end weight, and (c) vehicle speed. The reduction of castor angle 
and the application of friction to the steering joints are two sources 
of investigation in eliminating this condition, whilst attention should 
be devoted to stiffer springs and tyre pressures. 

High-speed Wobble 

The “ tramp ” is mainly occasioned by gyroscopic action ; rocking 
of the axle longitudinally causes the wheels to rock about their 
king pins. The front-axle oscillation takes place when the natural 
frequency of the axle coincides with the speed of rotation of the 
front wheels. It can build up to alarming proportions when trans¬ 
verse oscillation of the axle produces angularity in the road wheels. 
Castor action then acts and by precessional torque or self-righting 
power the wheels are forced to turn in the opposite direction, which 
again is assisted by the axle movement. Continuation of the process 
occurs throughout its speed range. More rigid front-axle suspension 
and reduced weight of brake assemblies, together with attention to 
the stiffness of the frame front end, should be investigated in over¬ 
coming this difficulty. 

With regard to the actual steering-box mechanism, types have 
developed considerably during the past twenty years. The original 
screw-and-nut type became generally displaced by the worm and 
sector, which in turn Vas followed by the cam and lever with fixed 
stud, and later with the bearing-mounted stud. This type is still 
popular, as also is the worm-and-roller development. An interesting 
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design is that which 
incorporates a train 
of balls between the 
nut and the screw, ^ 
thus acting as a d 
screw and nut with ^ 
a rolling instead ^ 
of a sliding motion 5 
between the parts. 

The drop - arm g 
gear sector has teeth ^ 
cut at an angle to g 
the transverse axis 
of the drop-arm 
shaft, whilst to 
mesh with these 
special teeth the 
worm nut is placed 
at an inclined posi¬ 
tion in the gear. The teeth on the rack are also non-standard, 
being cut higher at the centre than the end teeth. This is effected 
in order to provide slight backlash at the ends of the travel when 
all backlash has been taken out at the centre of the stroke by ad¬ 
justment. Adjustment is provided by a screw which moves the 
sector along its own axis. 

In both the nut and the worm are ground helical grooves into 
which are fed the recirculating balls. The nut is fitted with two ball 
guides in order to avoid running the balls out of the end of the nut, 
an additional function of the guides being to deflect the balls from 
the groove near one end of the nut and to guide them diagonally 
across the outer face of the nut, returning them to the groove at a 
point near the nut centre. The balls are thus confined within two 
closed circuits, one at each end of the nut. 

The method of assembly of the recirculating balls is of interest. 
The shaft is placed horizontally and the worm nut positioned so 
that the ball holes are disposed facing upwards. In the G.M.C. 
version of this gear there are sixty-six balls in circulation, thirty-three 
in each circuit; twenty-three of these are placed in the nut and ten 
in the guide. The two halves of the guide are held together and 
placed in the worm nut. The second circuit is completed in a like 
manner and the guides clamped up tightly. 

Through these and other developments efficiencies have increased 
from the old 25 per cent to a figure which now approximates 70 to 
90 per cent. 

From experimental results which have been obtained in connection 
with steering-wheel torque against drag-link pressure and axle weight, 
it has been considered that a hand pull on the steering wheel should 
not exceed 30 lb for passenger cars in motion, but in achieving this 
figure care should be exercised that the steering ratio is not decreased 
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too much below 24 
to 1, for steering must 
be rapid enough to 
enable skid recovery 
and sharp turns to 
be made. On a basis 
of 75 per cent gear 
efficiency curves have 
been plotted for 
steering-wheel effort 
against drop - arm 
force for the pas¬ 
senger car and heavy 
vehicle; the gear ratio 
for the latter natur¬ 
ally being lower, since 
the axle weight is 
greater and vehicle 
speed smaller than 

that appertaining to the passenger car, whilst manoeuvrability 
at speed is not so necessary. Static steering torque is high on 
the heavy vehicle, in some cases exceeding 6,000 ft.lb with an axle 
load of 10 tons, as compared with 600 ft.lb for a heavy passenger 
car. The tests were made on dry concrete. There are, of course, 
occasions when this condition is encountered, and it is not con¬ 
sidered desirable that the hand-wheel pull should exceed 75-80 lb. 
It should be reduced if possible. Upon such vehicles power steer¬ 
ing is usually employed and this subject is dealt with later in 
this chapter (see Figs. 30 and 31). 

The reversibility of the modern steering gear and its tendency to 
transmit road shocks to the steering wheel is a serious problem 
with high axle weights, and the reversed efficiency of the mechanism 
from steering wheel to drop arm becomes of the greatest interest 
(see Fig. 32). 

Fig. 31—Steering ratio (light chassis) 

If R radius of steer¬ 
ing wheel 

r radius of drop 
arm 

A == angular velocity 
of the gear 

then the forward velocity 

and for reverse motion 

the ratio ^ A 
V R Fig. 32—Steering torque/angle of lock 
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whilst if W — pull on steering wheel rim forward 
Wr — pull on steering wheel rim reverse 
Wi) — drop arm weight 
Ep forward efficiency 
Er ^ reverse efficiency 

pull on drop arm Wd ^ WVrEf 

and in reverse - Wt 
WoEr 

Vr 

Forward efficiency per cent 

Reverse efficiency per cent 

Ep - 

Er- 

Wd 

W Yr 

Wr 
Wd 

Vr 

X 

X 100 

100. 

The friction attendant in the gear is not, as so often stated, 
unaltered when in reverse, but the relation between forward and 
reverse efficiency is dependent upon the forward efficiency and the 
ratio of the gear. For all ordinary ratios the gear reverses at a 
forward efficiency of less than 50 per cent. In most gears a change 
in friction occurs when the input torque is reduced and the gear 
tries to reverse. It is desirable that the effect of friction experienced 
is greater when the gear is in reverse. 

If such a condition could be realised then we should have con¬ 
trolled the reverse efficiency. There is, however, a limit to the 
natural reverse efficiency, or in other words the degree of natural 
friction control, which can be expected if the gear has similar co¬ 
efficients of friction on all parts for both forward and reverse 
motions. If P — input torque lb, then the output without friction 
is PVrEp, whilst the loss from friction is PVr -- PYrEr or PVr 
(1 — E)lb. The gear would reverse under loading of value PVrEr 
and without friction the output would be PE. If the same friction is 
experienced in reverse then the output is 2PE — P and the efficiency 

2E - 1 
in reverse is Er — p • 

Suppose, therefore, a forward efficiency of 85 per cent is desired, 

then the lowest reverse efficiency we can obtain is 
1 *70 - 1 

0-85 
0-70 
0-85 

or 82 per cent approximately and this is the limit of natural reverse 
efficiency. 

If, therefore, the reverse efficiency is controlled a reasonably low 
efficiency could be maintained over the whole range, which would 
ensure that any small forces emanating from castor action of the 
front wheels would be sufficient to move the front wheels, whilst 
heavy forces from the wheels would be operating against a low 
controlled reverse efficiency. The worm and worm-wheel gear 
affords an example of what could be effected by the introduction 
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of a one-way friction control operated by thrust at each end of the 
worm, which, when steering to the offside, produces thrust which 
may be forward for clockwise steering wheel rotation and rearwards 
for anti-clockwise wheel movement; but when the drop arm is 
the medium through which the loads are transmitted to the steering 
gear the opposite is the case and the thrust on the worm is rearwards 
for clockwise wheel movement. 

Whilst the manual gear is compact and would appear satisfactory 
for the lighter passenger car, it has limitations for the heavy vehicle 
which can be overcome by the addition of power steering. 

POWER STEERING 

In the interests of safety it is considered essential to retain complete 
manual control, otherwise in the event of power-gear failure serious 
consequences would accrue. Moreover, for numerous reasons such 
features as directional stability, self-centreing properties, and feel, 
should be retained. 

One of the main problems of power steering is backlash on account 
of the inherent time lag which occurs in any servo. This lag produces 
the feel of backlash in the steering and must be avoided as much as 
possible since its presence introduces the possibility of wheel wobble 
and error in accurate control. This lag can, of course, be partially 
controlled. There appear to be several basic types current in 
America—(a) the vacuum, (b) compressed air, (c) hydraulic, and 
(d) electric. These mostly are in the booster group, which can be 
added to existing vehicles with little modification to the manual gear. 
Then there are the integral hydraulic types by Ross-Bendix and 
Saginaw-Bendix. 

In none of these types do the manual gear internals carry more 
than the steering wheel loads, but by reducing the necessary load 
application on the wheel the power gear actually lessens the stresses 
in these parts, whilst in the case of the booster gears the shock loads 
are transmitted to the chassis structure direct. 

In choosing the type of gear to be adopted several factors of a 
general nature should be considered; and with regard to the com¬ 
pressed-air type, if the vehicle is fitted with air brakes, the brake 
system may be utilised for the supply to the steering gear and this 
eliminates the necessity for additional extraneous parts such as 
pump gear, piping, etc., whilst the difficulty of avoiding loss of 
working fluid is non-existent. 

If the brake gear is hydraulically operated, this would appear to 
suggest the fitting of one of the hydraulic types, either booster or 
integral hydraulic. It should be appreciated that a hydraulic fluid 
should give more positive control and probably more accuracy on 
account of its quality of non-compressibility. In addition, there is 
not the possibility of condensation in the pipes and therefore 
the question of freezing in low temperature is reduced ; whilst, 
finally, the apparatus is smaller since it operates at higher 
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EQUALISED LOW PRESSURE 

Fig. 33—Ross-Bendix control valve 

working pressures. A short description of some of the various types 
is of interest. 

The Ross-Bendix integral hydraulic gear conforms to legal require¬ 
ments insomuch as the steering is at all times under direct manual 
control and, should the hydraulic assistance fail at any time, the 
mechanical linkage is unaffected. The gear consists essentially of 
a Ross cam-and-lever steering box, an engine-driven pump, a control 
valve, and power cylinder. An oil reservoir is also incorporated. 
The power cylinder is bolted to the upper part of the gearbox 
immediately above the steering column, whilst an extension of the 
lower end of the wormshaft carries a suitably-housed control 
valve. Two plain bearings carry the lever spindle and an upward 
extension carries a fixed cylindrical stud engaged in a slot which is 
cut in the power-operated block. This block rides in guides parallel 
to the axis of the worm. 

The pump is driven from any convenient position on the engine 
and has a capacity of 3-75 gal/min at 1,000 r/min. The operating 
pressure is 750 lb/in‘^, but the built-in relief valve is set to 800 lb/in‘^ 
± 75 lb/in2. 

When the worm is operated through the steering wheel, the lever 
spindle is partially rotated, bringing the hydraulic system into 
operation as soon as the effort at the steering wheel exceeds the 
pre-loading of the centreing springs of the control valve. This 
hydraulic control is effected through a spool-type valve which is 
mounted on the lower end of the wormshaft extension. The valve 
housing provides the oil passages through which the fluid either 
flows or is checked according to the position of the spool valve along 
the axis of the wormshaft (see Fig. 33). 

Movement of the spool axially is located in fixed relationship to 
the worm, and movement is restrained by the fluid pressure against 
the plungers and by the pre-loaded centreing springs. Rotation of 
the worm compresses the springs between the adaptor flange and 
the opposite thrust washer in one direction, and the cover and its 
opposite thrust washer in the other. When the steering effort 
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overcomes the centreing effect of these springs, the spool moves to 
control the fluid flow by cutting off the return flow on one side and 
to terminate the flow to the other. The fluid pressure builds up 
rapidly, and the fluid applies a thrust to the lever of the steering 
gear via the piston displacement which is, in turn, caused by the 
fluid flow to one end of the power cylinder when the pressure has built 
up. The fluid at the opposite end of the cylinder is returned to the 
reservoir. 

Full pressure is obtained by only a very small axial movement or 
travel, a matter of thousandths of an inch. Shock loads from the 
road wheels subject the worm to thrust in the opposite direction 
from that applied by normal steering effort, and hydraulic power 
opposes instead of assists the movement of the wheels. Reference 
to Fig. 33 will illustrate the fluid flow through the control valve for 
right- and left-hand cornering. 

The Bendix-Westinghouse mechanism incorporates two control 
valves attached to the cylinder. Between the operating linkage and 
the control valves a certain slackness is allowed, which takes the 
form of a clearance between the boss of the drop arm and its pivot; 
when this play is taken up by movement of the steering wheel the 
valve is operated and pressure is applied to the appropriate end of 
the power cylinder. Depending upon the direction of the steering 
wheel, so the rocker arm allows the correct air flow to the piston, 
which, when acted upon, follows up the steering-wheel movement. 
Upon straightening up again the valve is brought back to neutral, 
having first sealed its end of the cylinder from atmosphere, and 
admits air under pressure, after which the piston restores the play 
in the linkage. 

The Vickers hydraulic booster is somewhat similar in principle, 
utilising slackness in the linkage as in the Westinghouse, but in this 
case the valve is integral. Power is supplied by vane pump up to 
1,000 Ib/in^, although the only effort required from the driver is 
that which is required to overcome the resistance of the centreing 
springs and the friction in the gear, as there is no fluid reaction 
against the valve. This gear does not transmit road shocks to the 
driver, and in consequence the sense of road feel ” is lost; neither 
does it possess the quality of self-centreing when coming out of a 
turn. The gear, regardless of the manual gear characteristics, 
becomes virtually irreversible. The booster is attached at the rear 
end by bracket to the frame side member, its forward end in link 
with the drop arm. Flexible hose connections run from the valve 
in the booster body to the overload relief valve, whence the circuit 
is continued to the pump. The return pipes from pump to tank 
complete a compact layout (see Fig. 34). 

Since the pre-loaded centreing springs maintain the valve in 
neutral position, until steering resistance is encountered, a condition 
is established below which the gear acts as a manual unit, when the 
driver has the feel of the road, and the gear is self-righting. Above 
this condition when the power cylinder is in action the proportion 
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of hand-wheel effort to drop- 
arm torque is maintained 
through fluid pressure on the 
reaction plungers. The centre¬ 
ing springs have a great in¬ 
fluence upon directional stabil¬ 
ity and feel. There are two 
types of piston valve, utilising 
in one case two opposed 
springs to maintain the valve 
in centre, and in the other the 
pre-loaded springs. 

The pre-loaded type are 
usually arranged so that as the 
steering-wheel movement moves 
the valve away from centre, it is necessary to exert a force to 
overcome the amount of pre-load in the spring—as one is com¬ 
pressed the other remains at rest. It is therefore possible to deter¬ 
mine the required pre-load for a requisite load on the steering 
wheel to move the valve. With this pre-load, of course, it is 
possible to move the front wheels of the vehicle without moving 
the valve, which means that the vehicle can be maintained in its 
straight-ahead direction and the backlash or feel is that of the normal 
manual gear. The steering gear is, under these conditions, reversible, 
and the feel of the gear maintained, whilst the effect of castor action 
is felt upon the vehicle when coming out of a turn. These are 
desirable features. 

The usual approximate ratio between steering-wheel rim movement 
and valve movement for the heavy vehicle is 100 to 1 for, say, a 
steering ratio of 30 to 1. This, of course, depends upon the helix 
angle of the gear and the load, and so a valve port opening of 
0*010 in will require a rim movement of 1 in to close the valve, 
or in terms of drop-arm movement, one-tenth to three-tenths of a^ 
degree. These figures are approximately halved in the case of the 
passenger car. It will be appreciated, therefore, that very small 
front-wheel angular movement (which is usually less than that of the 
drop arm) is required to close or open the valve. On the basis of 
the 100-to-l ratio and assuming the heavy-vehicle steering-wheel rim 
centreing load at its usual 5 to 9 lb, the pre-load of the centreing 
springs is 500 lb to 900 lb. 

There are, of course, linkage losses and friction to be deducted 
which lighten this load. The valve, being maintained by the springs 
in its normal centre position, is when deflected always under the 
influence tending to bring it back to centre, and this tendency 
anticipates the function of follow-up from the power unit, by virtue 
of the desire of the valve to return to centre faster than the power 
unit will permit. This prevents the overshoot and any oscillation 
in the system providing the force in the spring is sufficient to move 
the valve at greater speed than the power unit moves under the oil 
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flow available, and to overcome the inertia in the manual elements. 
Any movement of the valve away from centre unbalances the oil flow 
through the ports with consequent building up of back pressure on 
the pump. The reaction plungers, being in connection with the 
pump-line pressure, require additional force to move them. This 
force is proportional to the line pressure and it is this reaction which 
the driver experiences at the wheel. 

The pump size in a hydraulic gear is of major importance. It must 
be capable of furnishing sufficient power to steer at an adequate 
steering speed when the engine is idling or at the engine speed which 
would correspond to a vehicle speed of 8-10 m/h. Slip in the 
pump must be taken into account at maximum working pressure 
and of fluid at a temperature of 160° F. Steering speed is repre¬ 
sented as the number of seconds required to swing the wheels from 
lock to lock. From passenger-car experience 4 seconds is adequate, 
which represents 20° per second. An increase in this figure for 
heavy vehicles is sufficient at 6-8 seconds or 10°-] 5° per second 
(see Fig. 35). 

Any effort by the driver exerted at the steering-wheel rim is 
additional to the steering effort provided by the power cylinder; 
thus if the effort at the wheel rim is 60 lb and steering wheel 22 in 
diameter, overall ratio 30 to 1, then with an efficiency of 75 per cent, 
1,236 lb. ft is obtained at the drop arm, but due to friction and other 
losses the driver’s effort must produce 1,650 ft. lb torque. It is 
almost impossible to assess the manual power output which can be 
maintained during a wheel swing, although it is suggested that a 
maximum would be 0*5 h.p. Reference to Fig. 35 shows this to 
be points A, B and C on the graph lines, which represents the maxi¬ 
mum effort exerted by the driver. Now assume that the driver 

exerts an average pull of 
30 lb on the wheel rim, 
which is one-half that 
pre vio u sly mentioned, 
the points on the lines 
of Fig. 35 move to 
D, E and F. From this 
it is therefore clear that, 
knowing the front-wheel 
torque necessary, the re¬ 
maining power required 
must be supplied by the 
power medium, since it 
indicates the limitations 
between hand and power 
control. Fig. 35 should, 
of course, be corrected 
for efficiency in any actual 
calculation. The mec¬ 
hanical efficiency of the 
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power system averages 85 per cent, whilst it is constant throughout 
the pressure range. 

The flow of oil through the control valves requires consideration 
as back pressure is exerted, depending amongst other things upon 
oil viscosity, shape and area of valve port, and any increase in 
back pressure may result in overheating of the oil and consequent 
power loss. Experience has indicated that for the heavy vehicle 
a velocity of oil through the pipe line should not exceed 10-15 
ft/sec and 25-35 ft/sec through the valve port. It is also 
recommended that with a large pump the intake velocity between 
pump and tank should approximate 5 ft/sec. 
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CHAPTER 3 

VEHICLE BRAKING AND PERFORMANCE 

Before dealing with the design of actual brake details, a few 
basic formulae are set down which may be considered as 

relative to overall vehicle performance; whilst they are essential for 
preliminary calculations, it may be found desirable to make adjust¬ 
ments, in view of detail considerations which follow. 

INITIAL CALCULATIONS 

Maximum deceleration for a vehicle braked on all wheels and where 
the force on each wheel bears the same relation to the load supported 
by that wheel: 

S = g/i where — coefficient of friction between tyre and road. 

For a vehicle not braked on all wheels: Only that portion of the 
load taken by the braked wheels is available for road adhesion. 

where W total weight of vehicle 
w ■- load borne by braked wheels. 

Weight transference at maximum deceleration : 

W/Lth 
w - . ^ 

where w — weight transfer from rear to front axle 
W = static weight on rear axle 
h -= height of c.g. above ground 
L — wheelbase. 

Total braking force required for given deceleration; 

P ws 

32-2 

where W — load supported by braked wheels (lb) 
8 ;= desired deceleration (ft/sec/sec) 
P = braking force required at road surface. 

Total lining pressure for given deceleration: 

W D 
P 32-2 X pf X d x K 
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where W 
D 

d 

K 

^ load supported by braked wheels 
effective diameter of tyre 

= coefficient of friction of brake liners 
diameter of brake drum 

c r/min of brake surface 
- ratio ot ^ j u 1 

r/min of road wheel 

Hydraulic Brakes 

Line pressure should not greatly exceed 1,000 Ib/in 
Area of cylinder required: 

A - 
RD 

Apix Kd 

where A 
R 
D 
P 

d 
K 

= area of wheel cylinder (sq. in) 
= retarding force (lb per wheel) 
- effective diameter of tyre (in) 

— line pressure (Ib/in*'^) 
™ coefficient of friction of brake lining 

diameter of brake drum (in) 
^ constant. 

1-51 

1-49 

1-47 

LIRING COEFFICIENT OF FRICTION 

Fig. 36—Determination of constant K 
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K depends upon the servo characteristics of brake shoe layout and 
coefficient of friction between lining and drum. 

Maximum pedal ratio : 

Pr 
Ap 
P 

where A = area of master cylinder 
p — line pressure (Ib/in**^) 
P = pedal pressure (lb) 
Pr = pedal ratio. 

Total leverage necessary : 

where Pr 
R 
Ri 
A 
Ax 
Ao 

[2Pr ((RA) + (R,A,))] 

pedal ratio 
cam-to-lever ratio (front) 
cam-to-lever ratio (rear) 
area of front cylinder 
area of rear cylinder 
area of master cylinder. 

Dewandre Vacuum Servo 

The Dewandre system comprises a connection from the engine 
induction pipe (petrol) or exhauster (oil engine) to the cylinder. 
The depression in the induction pipe causes the piston to travel in 
the cylinder. Interposed on the vacuum side is a valve operated by 
balance lever L, the valve being closed when L is in neutral position. 
When the brake pedal is depressed, the balance lever rotates in the 
direction noted by arrow B, which opens the valve and allows suction 
on the piston. The piston pull being stronger than the pedal pull P, 
the lever rotates in the direction of arrow A, so closing the valve. 
The ring stop assumes its central position and equilibrium is produced, 

the condition being P + F 
— M up to the limit of 
vacuum. When the pedal 
is released, the ring stop 
travels to the other side, 
opening the air valve or- 
release and destroys the 
vacuum. The servo there¬ 
fore provides a multiplied 
proportional assistance to 
the limit of the depression 
acting upon the piston, 
which for calculation 
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purposes may be assumed to be a mini¬ 
mum of one-half atmosphere. 

A certain point is reached, depending 
upon the amount of induction depression 
and the pedal effort, whereupon further 
assistance or multiplication from the 
servo ceases, the effort being transmitted 
direct to the brakes. When the servo 
becomes inoperative, as example when 
the engine stops, the levers L & K 
work as one. Fig. 38 illustrates this 
effect and the following gives the formulae for Dewandre servo 
assistance— 
To the limit oj induction depression : 

(I, ; = P (, y) (X, y,) 

When the depression is zero : 

(2) J. =. P {X ) 

The multiplication factor is therefore : 

(3) {■+D-r'r') 
BRAKE-POWER RATIO 

It is generally realised that the ratio of braking power between 
front- and rear-wheel brakes should be arranged so that the front 
wheels should be short of the skid condition when the rear wheels 
are on the point of skidding. This brake-power ratio depends 
upon— 

(1) Leverage to the various brakes; 
(2) Ratio of drum to camshaft torque, which in turn depends upon 

shoe design, anchorage, and lining friction; and 
(3) Weight distribution and weight transfer during braking. 

If P = percentage by which the front wheel brakes are short of skid 
condition when the rears are on the point of skidding, any reduction 

h 
in the ratio of and /x^ will obviously reduce P since they are 

all functions of weight transference during braking. 
It is desirable that P should not become negative until a very 

low value of road-tyre coefficient of friction has been reached. If 
the front wheels, however, are locked and steering control minimised, 
the vehicle will still continue motion in an approximate straight line; 
whereas if the rear wheels only are locked, not only is steering control 
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lost, but the vehicle will in all probability turn completely round 
unless very skilfully managed. On slippery surfaces, therefore, it 
would appear desirable to allow all wheels to lock simultaneously, 
or in other words provide for a 50-50 ratio for light pedal pressures, 
increasing to, say, 60-40 for heavy pedal loading. This of course 
can be accomplished by providing for roll off” of the rear brakes 
in the linkage geometry. 

In further explanation of this ratio, assume that 1,500 lb is necessary 
as the force at the effective tyre radius to retard the vehicle and 
1,200 lb only is actually applied when the rear wheels are on the point 

of skidding, then the safety factor is 25 per cent or P - - 100 

Taking all the factors into account upon which this ratio is 
concerned 

P = + d i R j (r + d] 

where Wt — total laden weight of vehicle (lb) 
Wp ~ static weight on front axle (lb) 
Wu — static weight on rear axle (lb) 
h = height of c.g. laden above ground (in) 
m — wheelbase (in) 
fjii == effective coefficient of friction tyre and ground 
Pk --- brake power at front wheels 
Pit brake power at rear wheels 

When P “ 0 all wheels skid simultaneously and the ratio is 
given by 

Rl 

w„ - w, 

w,, + (<■;'’) w. 

Weight distribution during braking : 

If Wj — momentary weight on front wheels 
Wg = momentary weight on rear wheels 

then when rear wheels are just on the point of skidding: 

’ ” ■ + (i^J (> + 
Momentary weight on front wheels: 
Wi - Wt - W^. 
The value of to produce limiting condition 
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Wb 

hWr 
m 

- RWj,. 

(R + 1) 

Deceleration when rear wheels are about to skid: 

Wk 
Wt 

il.lix 

m 

I 
R 

1 
R ) fl/sec/sec. 

A few observations regarding the design of brake shoe must be 
made as the type of shoe influences greatly the overall performance 
of braking. There has been much study and investigation in this 
direction, but an understanding of the stresses to which the many 
types of shoe are subjected will render the reasons for certain designs 
much more apparent. Dealing first with the elementary principles: 

SIMPLE TWO-SHOE BRAKE 

where To 
To 
F 
A 
t 
P 
Pa 

Td 
2 

brake drum torque (Ib/in) 
camshaft torque (Ib/in) 
total friction force (lb) 
lining area (sq. in) 
lining width (in) 
pressure at any point 
average pressure 

2PR‘^t/x cos (f) for each shoe. 

A ' (tt, - 2(f>) Rt 

* 2P cos <f> 

For servo shoe : 

Applied couple pressure couple friction couple, and by 
substituting: 

Ti, _ W,A 
2 C (a — 0 sin 2(f>) | 

4R/X cos (f) 

For anti-servo shoe : 

Tp __ /txR cos (f> WgB 

^ 4 (a — f sin 2<^) + fxR cos c/> 

but To = a (wi + Wg) 
so that we may write 
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Fig. 39- Simple Ino-shoe brake. Graph on righl shows t'lilcriiin- pin displacement 
under heat conditions 

2T, 
a(x + y) 

C (a - (/) sin 2c/)) j 

where x 4R/X cos (f) 
A 

and y ~ 

C 
4 (a </> ! sin 2<f>) -| /cR cos </> 

/tR cos </> B 

[Note : The power of the brake varies directly with the coefficient 
of lining friction.] * 

It will be explained later why one shoe in the simple system becomes 
servo or self-actuating whilst the other is much less efficient. 

SELF-ENERGISED TWO-SHOE BRAKE 

For primary shoe : 
Tx)i === drum torque (Ib/in) 
F| ^ total friction force (lb) 

WAi 
Tni -= /Cl (77 — 2<^i + sin 2<^,\ . 

\ 4R/X cos (f>i ' 

p Ti)i 
" L. 

(for L see previous formula : Wj is obtained from triangle of forces, 
Fig. 40). 
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Pj = force due to total pressure 

p Fi Cl ( xr — 2(^1 + sin 2(^i) 
4/xCi cos (^1 

For secondary shoe : 

r WiB 
^02 I C2 (tx - 2(^2 sin 2<I>2 

L 4R/!t cos 

drum torque (Td) : 

Tn - Tni f T112. 

.] 

In comparing the two systems of brake shoes a basis of similar 
brake drum clearances is considered the most reliable procedure, 
with equal pedal efforts and travels. This of course is evident, 
since if cam force radius is small larger braking forces could be pro¬ 
duced, but re¬ 
sulting pedal 
travel would 
become im¬ 
practicable. 

In order to 
place both 
shoes in con¬ 
tact with the 
drum, and 
since the cam 
for the servo 
shoe has to 
move twice as 
far, half the 
leverage be¬ 
tween pedal 
and cam on 
the servo shoe 
is utilised, as 
against that 
of the con¬ 
ventional type 
shoe. Note 
that the brake 
power of the 
self - energised 
shoe varies 
approximately HIInd pwion at fulcrum 

as the cube 
of the lining Fig. 40- Self-energised two-shoe brake 

friction. 
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I 
# 

Fig. 41-Typical brake-shoe assembly 

For the purpose of obtaining Wj reaction at fulcrum, the value 
of is required. This force acts at a distance L from vertical 
centreline (see Fig. 42): 

Distance L ~ 
4R cos 

sin 2</>, -f 77 - 

BRAKE LINING PRESSURE 

It is assumed in producing a pressure diagram that several theories 
are accepted. These, it should be noted, conform closely to results 
obtained in practice, and are as follows (see Figs. 42 and 43)— 

(1) The lining pressures follow a sine curve as the pressure is 
proportional to the radial movement of the shoe (towards 
drum); 

(2) Point of maximum pressure occurs at 90° to fulcrum pin centre; 
(3) Friction varies directly as the pressure; and 
(4) Wear is proportional to friction and therefore to pressure. 
The resultant forces of pressure and friction act at a point located 

at the centre of gravity of the pressure diagram as shown at point X 
and distance L from drum centre. 

If jS = 90, that is when 91 9, the general formula for L is 
given by 

^ _ 2R cos i/j (cos 9 — cos a) 
~~ a — 9 + i (sin 29— sin 2a) 
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and when 9^ === 9 

^ 4R cos 9 

" sin 2 9 -f- TT — 2 9 

where 0 is the difference between /8 and 90' for non-symmetrical 
linings and 

N C sin iji 
M C cos \js 

LINING DISPOSITION 

It will be appreciated that an ideal brake would utilise the whole 
circumferential surface of the drum and would exert throughout the 
maximum pressure. If the ratio of lining length to drum circum¬ 
ference be considered it is evident that this could form a basis of 
comparison between 
two similar braking sys¬ 
tems relative to their 
respective efficiencies. 

The ideal torque 
would be fiPRA 

where ^ ^ coefficient of 
lining friction 

P - maximum 
pressure 

R - drum radius 
A - area of the 

inner working 
face of drum. 

If K be the symbol 
denoting this ratio, for 
any brake then the 
torque would be 

T - K(/xPRA). 
In a two-shoe brake of simple form, such as that shown in Fig. 39, 

torque equals 

T - 2/xPRA (cos e/7r) 

and the value for K 

(2/xPRA co^0) 
^ "" 7r/xPRA”~ 

= 2 cos 0/77 

If various values of K 
are plotted against angle 
subtended by the arc of 
lining, it will be seen that 
the value of K does not in- 

Fig. 43—Non-symmetricai lining crease in direct proportion 

FIXED FULCRUM SYMMETRICAL LINING 

Fig. 42—Construction of lining pressure diagram 
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to the increase in length of lining ; for instance, if the lining angle 
be increased from say 90° to 120°, K increases from approxi¬ 
mately 0*45 to 0*55 but if this angle be further increased to say 
150°, K increases to 0-62. The conclusion to be drawn from 
this supports the contention that an arc of lining subtending any 
angle greater than approximately 120° becomes wasteful of lining 
material. It should be also appreciated that chatter and jamming 
are liable to occur with excess lining. 

It is perhaps advisable to make clear the term “ self-actuation,’’ 
which, far from being a condition which is peculiar to proprietary 
brakes, refers to almost every internal-expanding shoe type to some 
degree. It is self-evident from the fact that the centre of shoe 
anchorage is placed within the drum diameter, whilst in order to 
obtain a shoe brake which would not be self-actuating it would be 
essential that the anchorage be located at an infinite distance from 
the drum centre, assuming that the mechanism possessed absolute 
rigidity. 

Considerations which are closely allied to the quality of self¬ 
actuation ” are— 

(1) Uniform contact of the lining with drum face and the correct 
arc of shoe to provide this condition; 

(2) Amount of drum distortion; 
(3) Distance of the anchor pin from the drum centre; and 
(4) Temperature rise and its variation in the shoe structure. 

It is of course realised that, for a given mechanical advantage, 
the longer the shoe the greater the pedal travel required ; for instance, 
with the usual 120° of lining as compared with 150°, and for similar 
clearances, the ratio of travel remains practically constant and is 
approximately 2 to 1 in favour of the 120° shoe. Moreover, increase 
in shoe length must have some influence upon the distortion of the 
shoe at the pivot eye, although the condition is more often a result 
of overheating. Displacement of the free end is not however 
permanent, but in conjunction with the temperature variations at 
different sections of the shoe the effect upon the lining will be obvious. 

The expansion and contraction of the shoe periphery during 
heating and cooling causes the fulcrum to distort in roughly a curve 
as seen in Fig. 39. It is possible that these displacements, combined 
with the varying temperatures along the shoe periphery, increase 
the probability of “ chatter ” by introducing one of the contributory 
factors of heel and toe wear of the lining. 

For the amount of self-actuation possessed by an unsymmetrical 
shoe, the actuation constant K can be expressed for a short length 
of lining at each end of the shoe as 

^ R + (D cos jSi) ^ . 
^ fQY the cam end piece, and 

K — fi-_ rv fQj. (jjg pivot end piece, 
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where F factor of actuation at any point on the lining 
K actuation constant 
R radius of drum 
/Sj toe angle of shoe 
/So angle of shoe 
D ^ centre of anchor pin 
/X coefficient of lining friction. 

For the shoe to become self-locking the “ actuation factor ” A - ^ I 

or The sum of the two values of K therefore, over a divisor of 

2, gives the locking coefficient for the whole shoe, and a is found 
which must n'Ot be exceeded. 

An alternative method of calculating this 
approximately agrees with the previous method, 
in the interests of simplicity: 

coefficient, which 
may also be used 

where BF 
P 

then P 

braking force at radius of drum (lb) 
operating pressure (lb) 
lining coefficient 

/ sin /S 
C V /X 

A 

cos 
BF 

S^) 

Assuming fx to be as previously found in the above formula, a 
ratio can be extracted for P to BF' and the locking point is reached 

when P ~ BF x O since ^ — cos B ^ O. 

The frictional properties of the lining change at temperatures 
above 480-500'' F. Temperature therefore becomes one of the 
predominating factors in brake design, since the main function is 
primarily to convert kinetic energy of a vehicle into heat sufficiently 
to cause deceleration. The wear-load factor of the lining is important 
also, and the calculation of this component is perhaps best considered 
as a measure of lost thickness for a given power absorption, through 
a range of suitable temperatures. 

Nearly all friction materials possess an allowable unit of power 
absorption, the value of which is in direct proportion to the product 
of rubbing velocity and pressure per sq. in or intensity of unit 
pressure. 
if V rubbing velocity 

P ^ pressure/in^ 

V ^ P 
Safe power absorption 

Permissible /x 
K in/lb or ft/min. 

Temperature developed inside the drum periphery may increase 
the frictional coefficient properties of certain linings of the asphalt 
bonded type, although it reduces it in others. The rubbing velocity 
also affects the power absorption value, and it is therefore desirable 
to reduce the drum diameter to reduce peripheral speed whilst 
increasing the shoe width as far as possible consistent with 
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dimensional legal requirements, to reduce the intensity of lining 
pressure. 

The fulcrum pin centre may be determined by application of the 
following formula (see Fig. 44)— 

There is, however, an inherent inaccuracy in shoe operation with 
all types of brake utilising the simple or twin fulcrum pin and fixed 
camshaft. With this type the trailing shoe is only approximately 

j half as efficient as the leading shoe, 
that is of course the ratio between 
output and input. 

The leading shoe is, as previously 
mentioned, helped by the rotation of 
the drum to become self-energising, 
whilst the use of a fixed* camshaft 
imposes a limitation in the power 
which can be applied at the tip of 
that shoe. The overall efficiency of 
this type of brake is therefore low. 
This difficulty can be minimised by 
the adoption of a floating cam which 

Fig. 44—Fulcrum pin centre is unrestrained as the full separating 
force can be applied at both shoe tips. 

Even so, difficulties are not entirely eliminated, since the leading 
shoe still performs more work than the trailing shoe and thus the 
lining wear is severe and unequal. Consequent upon this is rapid 
increase in lining temperatures and the possibility of brake fade, 
which in itself may be a serious defect. 

In an effort to overcome these disadvantages, the two-leading-shoe 
type of brake was evolved, in which both shoes are free to centralise 
themselves in relation to the drum periphery, whilst being held 
against abutments in the form of an ex¬ 
pander and adjuster by spring pressure. 
Upon force being applied to the toe of 
the first shoe, contact is made between shoe 
and drum, whilst at the same time the ex¬ 
pander applies force to the vertical arm 
of bell crank lever A (Fig. 45). This force 
is transmitted through strut B to the hori¬ 
zontal arm of lever C, the vertical arm of 
which rests against the adjuster. Reaction¬ 
ary force therefore holds this shoe in 
contact with the drum and, since the toe 

Fig. 45—Two leading shoe 
brake 
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is not in contact with the fixed abutment, the shoe becomes a 
leading shoe. In order to provide for any emergency braking in 
reverse gear, the links and levers are duplicated as shown in the 
diagram. 

BRAKE EFFICIENCY 

The term efficiency is often misconstrued in connection with 
braking performance as representing a ratio of pedal pressure or 
physical effort to braking effort produced, whereas the efficiency 
represents a percentage governed mainly by the coefficient of adhesion 
between tyre and road surface. This means that to express the 
coefficient of adhesion as 0*7 limits the percentage efficiency to 70 per 
cent maximum. Under certain conditions of road surface and tyre 
tread it is possible occasionally to obtain 100 per cent efficient 
braking, but generally the maximum is 70 to 80 per cent. 

The accepted meaning of 100 per cent efficient is that the brakes 
produce a vehicle deceleration equal to the downward acceleration 
due to gravity (g), that is 32*2 ft/sec/sec. The stopping-distance 
figures calculated on this basis bear no relation to the power required 
to produce such effect and, whilst the 100 per cent efficiency indicates 
an expression of performance in terms of maximum possible, they 
need to be equated against applied pedal pressures and the weight 
of vehicle before accurate figures can be obtained. It is of course 
appreciated that when the retarding forces equal the axle weights 
then skidding takes place, and in order to obtain an approximation 
of the maximum deceleration which can safely be used a chart 
should be plotted (Fig. 46) correlating axle weight against 
deceleration. 

Two sets of curves A and B are shown, those marked A representing 
equal axle weights and coefficient of adhesion between tyre and road 
of unity. The curve slopes are in accordance with the transfer of 
weight from one axle to the other at different rates of deceleration. 
The curves at B are those for an adhesion coefficient of 0*7. It 
will be seen that for equal braking on each axle the rate of vehicle 
retardation is 19*5 ft/sec/sec, a figure which also defines the skid 
point. If, however, the braking proportions are modified to 55 per 
cent and 45 per cent this deceleration increases to 21 ft/sec/sec. 

Referring to curves B, it will be noted that by taking a coefficient 
of adhesion below unity the deceleration decreases, in 'this case 
to 16*5 ft/sec/sec, whilst an increase in braking proportion on the 
front axle increases the safe deceleration. This curve permits the 
size of the brake required to decelerate a vehicle of known weight to 
be calculated. By inserting the value of deceleration (8) in the 
expression 

F = the drag or the braking force at the drum can be ascertained. 

F drag 
W=^ vehicle weight (lb) 
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Fig. 46—Maximum safe deceleration 

g gravity (32-2 ft/sec/sec) 
R ^ brake-drum radius (in) 
r — effective tyre radius (in). 

The linings of the shoes will only sustain a certain amount of drag 
if they are to have long life and it has been generally accepted that 
50 Ib/in^ area is a safe load. The total lining area is therefore 

51^^ ~ total lining required. 

The width should be selected so that it is maximum for surrounding 
conditions, as not only does a wide lining reduce the intensity of 
pressure, but it also permits increase in applied power without 
increasing the rate of wear. 

The gradient effect upon brake efficiency and stopping distance 
occurs mainly on account of the loss of effective axle weight, which 
of course varies with the gradient and which disturbs the percentage 
of axle braking. There is in addition a propulsive force tending to 
increase the vehicle speed which must be absorbed by the brakes. 
These forces are set out in Table 2. In consequence the braking 
efficiency is considerably reduced and thus the stopping distance 
is increased as compared with level road braking in the direct 
proportion to the equivalent braking efficiency on a gradient. 
Comparison of such variations are shown in Table 3. 

Taking all factors into account and 

where W vehicle weight 
/X = coefficient of road adhesion 
a == gradient angle degrees 
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TABLE 2 

Vertical force per 
ton of vehicle 

weight 

1 in 4 543 lb 

1 in 5 439 lb 

1 in 8 278 lb 

, 1 in 10 223 lb 

J in 15 ! 
_! 

149 lb ‘ 

1 in 20 112 lb ! 

Weight X Speed (ft/sec/sec) 
644 

then the stopping distance of a vehicle of known weight will be 

s- E . 
^ WKfxcosa) - sin a] 

The material from which the brake drum is manufactured is one 
which must have detailed consideration, as not only factors such as 
tensile strength, impact resistance, 
machinability and cost are in- TABLE 2 
volved, but others of equal impor- i a/ i r 
tance to the success of the brakes "'irof vXcle^“ 
assume proportions which cannot weight 
be overlooked. For instance,__i 
upon drum material, and material 1 in 4 543 lb ; 
treatment, depends lining wear, -- 
drum wear, and also the process 1 in 5 439 lb 
of drum scoring. A cursory sur- '-:-- 
vey is therefore necessary at this 1 in 8 278 lb 
stage of a few of the more widely ~ - rvTih 
used materials with regard to _ _“__ 
these latter phenomena. j j5 149 ' 

per cent Carbon Steel Mater- ___ 
iai: A low-carbon steel has ad- i in 20 112 1b i 
vantages for usage as a brake 
drum, since it lends itself to deep 

drawing and can 
table 3 cold pressed. 

Many tests have 
Braking Equivalent efficiency on gradient made in an 

efficiency ' -- - — TTV' effort to improve 
on level I m 5 1 in 8 ,1 m 10 I m 15 I in 20 wearing pro¬ 

per cent “ ' ^ I; has 
; 70 50 57 61 63 65 been found that 
___ cold rolling to im- 

; 60 40 47 50 53 55 prove the surface 
--- hardness has little 

50 30 37 40 43 45 beneficial effect 
-^^-—-- either on its resist- 

40 20 I 27 30 33 35 ance to wear or 

I ^'1 ^ ~~23 

A similar mater¬ 
ial having a mild carbonising treatment to a surface depth of 
0*030 in and Brinell 210 gives practically negligible wear and scor¬ 
ing under test conditions, and is many times better than the 
untreated steel, although further test results with increased Brinell 
showed little further advantage. It would appear that it is not 
necessarily the Brinell number which controls the wear properties 
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but rather perhaps the micro-structure. This type of treatment 
also prolongs the life of the friction liners. Regarding the effect of 
lining area upon scoring of the drum, it has been established that 
increase in contact area does not effect any change upon this condi¬ 
tion. It does naturally reduce the wear of the lining itself, and for 
this reason is desirable. The lining material for a low-carbon steel 
drum which provides the most suitable combination with a low- 
carbon steel drum for both lining life and drum wear should be one 
of the non-metallic brands. 

0-3 per cent Carbon Steel Material: With similar brake liners 
this material in its hot-rolled condition acts similarly to the 0*1 per 
cent carbon, but whereas the 0*1 per cent carbon material shows no 
improvement to scoring or wear when cold rolled, the 0*3 per cent 
material produces a marked improvement. The experiments which 
have been made, cold rolled the material to a reduction in thickness 
of 9 per cent and evidently produced a refinement in structure. 

0*5 per cent Carbon Steel Material: As would be expected, the 
increase in carbon content shows still further improvement in wearing 
qualities, and therefore this material, either annealed or hardened 
and tempered, would be suitable for a drum material. 

0*3 per cent Carbon Steel {Chromium-plated): A surface of this 
material plated to a depth of 0*002 per cent and buffed with an 
Alundum wheel will show improvement over all the other carbon 
steels with reference to lining life, and the surface wear of the drum 
is extremely small. The friction coefficient of the lining remains 
normal. Incidentally it should be remembered that if chromium¬ 
plating is to resist abrasion, no undercoating of nickel or copper 
must be used. 

Cast Iron : The cast-iron drum is possibly the best. It has many 
manufacturing advantages besides technical qualifications. Test 
results have indicated that Brinell hardness number bears little or 
no relation to wear qualities; even should the material be annealed 
there is no appreciable difference, probably accounted for by the 
fact that the increase in graphite content emanating from its free 
carbon compensates for reduction of hardness. It is quite possible 
that this graphite, well known for its lubricating properties, may 
become effective under severe abrasion. 

The final selection of material should be made from one of the 
following range: 

(a) 0*5 per cent carbon steel; 
(b) cast iron; 
(c) chromium-plated steel; 
(d) 0*3 per cent carbon steel, cold rolled: and 
(e) carbon steel, carburised. 

BRAKE SQUEAL 

This phenomena concerns the vibrations of both the shoes and 
the brake drums, and it becomes more audible with increased pressure. 
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The initial vibrations are of little importance, but they increase in 
frequency and amplitude so rapidly that they become incapable of 
suppression. Initially the movements are believed to be produced 
by friction tension, and therefore a lining which possesses a high 
coefficient of friction is more liable to produce brake squeal. A 
squealing brake is nearly always an efficient one and the phenomena 
does not occur until the lining has become bedded and the drum 
polished, in which condition the effectiveness of the brake is 
maximum. Considerable energy is developed by the heat generated, 
which increases the power of the brake by no small amount. 

Mechanical slackness in the brake shoe assembly should be 
eliminated if the unpleasant characteristic is to be avoided, whilst if 
a liner possessing a lower coefficient of friction is substituted, the 
vibration may be reduced. The design of the brake drum militates 
against its own structural rigidity and it is therefore very necessary 
to stiffen the open diameter by a suitable flange so that distortion 
is reduced to an absolute minimum. 
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Chapter 4 

THE FRAME 

DESIGN 

The vehicle foundation is the frame and therefore sound design 
is of major importance. It should be treated as a complete 

structure, and not merely as two side members joined by a series 
of cross members. It is subject to many and varied stresses, some 
of which can be avoided in the design stage if due consideration is 
given to the fundamentals. 

Before discussing the frame structure generally, it is well to consider 
such points. One of the most important concerns localisation of 
stress at numerous points through inadequate knowledge of the 
effect of drilling holes in the members for fitting attachments. This 
refers to the top and bottom flanges particularly, although too much 
licence should not be allowed in the vertical section of the side 
members. In this case it is advisable to spread hole centres and to 
drill those of larger dimensions as near as possible to the neutral 
axis. 

Flitching ” should not be carried out haphazardly as a sudden 
discontinuance in length will cause serious localisation of stress 
with almost certain fatigue failure resulting. No flitch should be 
added without reference to the stress diagram and as slow a change 

as possible in stress intensity arranged by 
grading the ends of the flitch plate. At¬ 
tachment of fittings must also be carefully 
considered ; in consequence the effect of 
drilling a hole is worthy of attention. 
It is well established that the maximum 
stress in a plate where the width is large 
compared with the hole diameter (drilled 
at the centre of the plate) occurs at the 
transverse diametral points AA of the 
hole (see Fig. 47). 

The distortion of normal stress distri¬ 
bution at those points is shown repre¬ 
sented by the shaded area Abed, effective 
on both sides of the hole. The magnitude 
may exceed 3W, a figure which is affected 

slightly by the ratio as if D is large com¬ 

pared with d, the outer circumferential 
stresses are not so greatly affected by 

the presence of the hole. If however ^ 

approximates 4 or 3 then the hole exerts 
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a considerable influence on the force distribution acting at cir¬ 
cumference D and the magnitude reaches 3*85 W in the ratio 
W maximum. 

“ W ^ 
In calculating the values of this expression, use is made of the 

theory of bending in a curved bar, wherein the force per unit length 
may be assumed to be 8 W sin a at any point on the external 
diameter D. It is only necessary to consider one quadrant ABCD 
of the bar (see Fig. 48). Cross section AB is subject to the maximum 
stress and for equilibrium force F at AB must be 

^ 8 DW 
F 2 

and the tensile stress equals 
WD 

t 2T 

The bending moment (B.M.) at section 
AB is calculable as AB remains in a 
horizontal position due to its symmetry. 

If a curved bar is bent, stability of 
cross section may be written as 

n r\ 
y da - r / dx ^ 0 

M, F 

if the bar is bent by terminal couples only. 
In the foregoing expression M, 

F 

section from the neutral 

B.M. at any cross section 
longitudinal force in cross 
section 

radius of the centre of cross 
axis and is equal to 

T 
^ for rectangular section, 

d 
In the expression for stability of the bar the first portion represents 

the relation between relative rotation between cross sections AB and 
its counterpart EG due to bending moment: M, the latter half of 
the expression, is proportional to the rotation caused by longitudinal 
force F. A summation of forces at a section XX are M f F 

8DW 

B.M. + (l - cos^a) ? |(l - cos^a) ' ^ 

where F cos^ a and M 

cos a 

Integrating the expression wherein the values of r, L, and M 
been substituted 

have 

B.M. 
1 

8WD2 
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Stresses may be calculated from the formula for bending of curved 
bars, and where Ms is the moment of the section about the neutral 
axis and S the distance of the point from that axis 

f __ M^S , 
“ Ms (x - S) 

For the section AB and point B, ^ B.M. 

Ms- TSr 

substituting 

/-B.M. 

To complete the stress at the point of maximum intensity B, the 

combination of j’ with j'l, we get W maximum j" + j'l. 

Consider then the result of drilling holes in the flanges of a frame 
member which is subject to tension due to bending. As the ratio 

of hole diameter to flange width or ^ approaches unity, the stress at 

the edge of the hole increases, and therefore the possibility of 
rupture is greater. As an example, stresses have been known to 
reach 1,500 Ib/in^ tension and 1,700 Ib/in- compressive stress at 
the edge of a hole | in diameter in a width of plate 6 in wide: this 
for an initial applied mean stress of 180 lb/in‘^ on the cross section. 
This example was chosen as the width of plate obviates any boundary 
influence. The stress diagram for this example is shown in Fig. 49. 

Rupture may occur through reduction of flange area, which might 
render the material initially overstressed, or partly due to stress 
occasioned by vibration and following fatigue. It is for this reason 
that a fatigue fracture may be observed commencing at the edge of 
the hole and spreading towards the edge of the plate or flange. 

It will be noted that the stress is mainly dependent upon the area 
of cross section at the edge of the hole, and the practice of beading 
is therefore desirable where practicable. 

It has been shown that care must be exercised in the drilling and 
selection of hole size, and the effects have been briefly noted, from 
which it is assumed that perhaps a large number of small holes 
are more advantageous than a small number of large ones for 
attaching frame fittings. The bolted fitting, however, will not be 
permanently satisfactory if the method of bolting and nutting up is 
not also given serious consideration. 

A properly-tightened nut is one which applies to the bolt or stud 
a load equal to or greater than the external load to be carried in 
service. If this is assured and the nut tightened against rigid members 
then the bolt will not fail through fatigue as, regardless of external 
and fluctuating loads, it experiences no change in stress although the 
fluctuating loads may alternate from zero to maximum at high 
frequency. Assuming the diameter is adequate, the load is practically 
static. 
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The fatigue 
strength of the 
material decreases 
as the range of 
dynamic stress in¬ 
creases and vice 
versa. The stress 
range is repre¬ 
sented by the ratio 
R - 

Min Stress 
Max Stress 

which is the differ¬ 
ence between the 
initial load and 
the maximum 
operating load. If, 
however, the bolt 
is tensioned at a 
stress lower than 
the applied load 
the stress range 
under repeated 
loads is increased. 

Another point 
to bear in mind 
concerns the rigidity of the components to be bolted together. 
The design of bolted face and bosses must be such that they do 
not crush any more than is possible and that additional bending 
is not applied to the bolts through inadequate surface. A bolt¬ 
hole boss should be as large a diameter as practicable at its base. 
Referring to Fig. 50, it will be seen that the two parts bolted 
together tend to bend about O as a fulcrum; therefore O should 
be as far from the bolt centre as possible in order to eliminate 
bending stresses on the bolt. The depth of the boss should pro¬ 
vide for as long a bolt or stud as possible. 

Consider the case of a short stud attaching a thin flange. The 
stud when nutted is elastically elongated 
through its length from near the nut 
base to the last thread in the studded 
base. As an example take this dimension 
to be in. The nut correctly tightened 
stresses the stud to the appropriate 
amount. The elongation is then, 
say, 0*002 in. Now assume that the 
flange is reduced in thickness by some 
means, perhaps by embedding or 
corrosion, by 0*001 in. The stud has 
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lost one-half its correct tension and fatigue failure will probably 
ensue. 

Compare this with a larger stud under similar conditions. If the 
^ in now becomes 2 in the loss in tension is only one-eighth the initial 
tension, or in other words a loss of 0-001 in from a total elongation 
of 0 008 in. 

In considering the design of bolt or stud it should be appreciated 
that most bolts fail through fatigue, and therefore any point which 
may be the source of raising the stress should be eliminated. In 
this respect the most severe stress inducers are the deep notches of 
the threads. It is advisable to specify either rolled or ground 
threads. Rolled threads are better than ground threads and these 
latter are in turn better than cut threads. This is so because the 
rolling permits smooth radii and eliminates cutting and tearing, 
although the fatigue durability of a cut thread can be increased by 
compressively stressing the material at the root by superficial rolling. 

Incidentally, a rolled bolt thread should not be heat-treated after 
rolling, as the process of rolling often takes advantage of compressive 
pre-stressing, which is very desirable, and heat treatment, except at 
low temperature, loses this pre-stress. If it is necessary to carry 
out such treatment then the threads must be given a final roiling 
afterwards. 

The diameter of the bolt shank should be as small as consistency 
allows with the required strength. This increases the elasticity of 
the bolt both in bending and elongation. Large fillets or radii 
should always be provided at the reduced diameter as it joins the 
threaded portion. Spring washers may profitably be used providing 
they support the desired bolt tension within their own elastic range, 
and do not collapse solidly against the abutments. They have the 
advantage of increasing the safety of the bolt by reducing its stress 
range and they also provide somewhat against loss of tension. 

It will have been noted from the sections on steering, braking, 
etc., that many loads will be transmitted to the frame, all of which may 
be taken care of by suitable modification to the following methods 
of stressing. If due care, however, is not exercised in including all 
these loads the final frame weight will be excessive, and this fact in 
itself assists again in increasing stresses within the structure. In 
the past the frame structure intentionally possessed a certain degree 
of flexibility which was considered desirable to absorb the continuous 
shock loads tending towards ultimate fatigue failure. More recently, 
and with the advent of flexible unit mounting, such a feature becomes 
less important, whilst the reverse opinion assumes larger proportions. 

Through flexible unit mounting the frame loses much of the assist¬ 
ance it previously received towards rigidity, although by the modern 
system vibration and resonance are much reduced. Front-wheel 
brakes affect the magnitude of frame stress and a rigid front end is 
absolutely necessary. Generally, rigid cross members must be 
located at the points of attachment of each road-spring bracket 
and if possible should pick up the bracket fixing bolts. It is at 
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these points that weaving stresses are transmitted to the frame. 
Suitable intermediate members should be arranged as nearly 
equidistant as convenient. 

The number of holes should in all cases be reduced to a minimum 
by utilising as far as possible existing bolts and holes for attaching 
other adjacent components. Attachment faces should be spread 
over as wide an area as consistent with good design in order to avoid 
localisation of stresses. 

Before passing to the standardised method of comparative frame 
stressing, there are several points to note in connection with general 
design : 

Avoid sharp upsweeps ; run in bends with the largest radii 
possible. 

Changes in side-member profile should be gradual. When 
changing from deep to shallow section a good plan is to consider 
the change as if the section were symmetrical about its neutral axis. 
The side members should be reinforced by a suitable design 
of internal stiffener to take all buffer loads (as at front and rear 
axles). 

Do not permit large-diameter holes to be formed near the top 
or bottom of the vertical surface of the channel pressing. The 
ideal location for such holes is on the neutral axis of the section, 
since along this line they have less effect upon the modulus of re¬ 
sistance. 

All frame dimensions should bear definite relation to a datum 
face or line. The frame front is considered the most appropriate 
edge for longitudinal dimensions, which should be so arranged 
that they may be quickly located from that edge. Subsidiary 
dimensions should be positioned from the nearest controlling point. 
Bracket-attachment holes should be located on the frame section 
bearing definite location to the fit of the bracket in or on the frame; 
that is to say if a bracket fits inside the section then the key holes 
are dimensioned from the inside, and vice versa. All frame pressings 
are dimensioned from the inside of the section. 

As a guide to the general method of frame stressing the following 
sequence should be followed and, whilst the calculations do not by 
any means exhaust all conditions of frame loading or afford a 
complete stress investigation, they do furnish a comparative basis 
with other known models (see Fig. 51). 

It should be noted that for the purposes of calculation loads which 
tend to turn the chassis in a clockwise direction are considered to 
be positive; those tending to turn anti-clockwise to be negative. 

(1) Static hading for chassis only : 
(i) Set down a diagram of frame side member and springs, 

disposing unit weights as designed, and estimate the 
unsprung chassis weight: 50 per cent of this weight should 
be applied to one side member. 

(ii) Compute spring reactions at all spring attachment points 
by taking appropriate moments. 
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THE FRAME 

(iii) Prepare bending moments and shear forces (S.F.) for chassis 
loading only. 

(2) Static loading for body and passengers or body and load: 
(i) Distribute 50 per cent total body and passenger load along 

one side member on diagram and letter each point. 
(ii) Calculate spring point reactions for laden body loads only. 

(iii) Prepare B.M. and S.F. as at 1 (iii). 
(3) Braking reactions : 

(i) Define c.g. of fully-laden vehicle and body and calculate 
the transference of load for vehicle deceleration of 
16-1 ft/sec/sec, or fi ^ 0*5. 
If w ^weight transferred from rear to front axle 

weight support by rear axle (static conditions) 
P ^^coefficient of adhesion, tyre to ground 
h =height of centre of gravity in ft above ground 
L =wheelbase (ft) 

then w 
W X /X X h 

L 

This weight must, of course, be added to the static front 
axle load. 

(ii) Apply result to front and rear axle loading. 
(iii) Calculate B.M.’s and S.F. again separately and note sign. 

Having observed the foregoing data, find the algebraic summation 
of B.M. chassis only 1 (iii) and B.M. due to body and cargo 2 (iii). 
This gives the complete B.M., etc., for static laden vehicles. 

(4) Plot these results as diagrams, on a vertical scale. 
(5) Follow this by plotting B.M. and S.F. for braking reactions 

3 (iii). 
(6) Combine algebraic results obtained at (4) and (5), that is static 

laden vehicle and braking reaction B.M.s. This now gives 
the bending moments for vehicle fully laden and deceleration 
at 16T ft/sec/sec. 

(7) Calculate frame section moduli at several points along tha 
side member, amongst which points should be one at each of 
the front axle, rear axle, and at body attachment points. 

(8) From data (6) and (7) produce frame-section stresses. Plot 
this on B.M. diagram to scale. 

The stress diagram will not only illustrate the position and magni¬ 
tude of frame stress, but will emphasise any rapid change. It is this 
sharp change which must be avoided, and suitable adjustment to 
the section must be carried out by deepening or Hitching. In any 
case the Z of the section must be increased locally at the offending 
point. If a moderately low stress is arranged, then this standard 
method of compiling approximate loading will be found adequate to 
meet normal circumstances. 

The question of cross-member and side-rail section, however, 
requires further consideration with particular reference to torsional- 
rigidity properties* A side member may be boxed and yet afford 
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little or no additional assistance in this respect, and the complete 
frame weight has thereby become increased. It is therefore necessary 
to consider which members are to be box section and which may 
conveniently be left in channel section. The principle of analysis 
may be based on that of two tubular cantilevers, at 90"" to one another, 
rigidly attached at their joint and built in at their ends. See Fig. 52. 

If a load P be applied at C at right angles vertically to the plane 
of ACB, any displacement of C due to movement 
of one part of the structure must be accompanied 
by similar movement of the other part. Bending 
and twisting must therefore be induced in both. 
If the point of B is gradually moved until the 
cantilevers lie parallel and B lies beside A, then the 
amount of twist also decreases through the pro¬ 
cess in proportion, until it becomes zero, when 
the angle BCA is O. On this assumption it may 
be stated that the torsional stiffness of each mem¬ 
ber will contribute most to the structure when 

the interaction of bending and twisting is a maximum, in other 
words when the angles between them are as nearly 90' as possible. 
The bending stiffness is, of course, represented by the product of 
Young’s modulus E, and moment of inertia about the neutral axis 

4A “Gt 
I, whilst torsional stiffness for a box section is p 

where A -- area enclosed by the section. 
G ~ modulus of rigidity 
t wall thickness 
P — perimeter of the section. 

The ratio of these two properties is therefore expressed as 
E IP 
G*4A2t 

IP 
1 

• 6A‘^t, if Poison's ratio 
1 
4' 

If the section be rectangular this ratio is 1 -25, for a width 2b and 
.depth 2d, and the ratio becomes— 

(d^ + 3bd^) (b + d) p 
4-8 bM2 ' 

The deflection of the two cantilevers produced by load P is 
PL3 M 1 \ 
El V 6 8R f 1 / 

If, however, R is assumed to be I *25 for a doubly symmetrical section 

then 8 — 9EI 

The deflection is therefore reduced to two-thirds th^ value for that 
of zero torsional stiffness due to the additional torsional stiffness. 

Frames for automobile chassis are usually of the deep-section 
channel or box section. The torsional stiffness of such a section has 
but secondary effect upon the frame structure stiffness as a whole, 
and therefore disposition of weight should be considered when 
boxing is carried out, and thought given as to whether the extra 
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weight should not be applied to the cross id r. 
members, leaving the main side mem¬ 
bers at channel section. 

Considering the question of cross 
bracing: If diagonal bracing is arranged 
in which the subtended angle is 120°, at 
the centre, then the length AB 2L 
V3 -- 3-47L and OB - 2L. For i 

P(2L)^ Bi 
channel section, deflection at B ^ 

= 2-67PL^/EI. For box section, the 
corresponding result is 2*48 PL^/EI. The proportional deflection 
therefore for a box-section frame per unit length (see Fig. 53) is 

‘TO py pi 2 

- 0-715 ‘ 
3-47L ^ El 

In the case of a 60° bracing, the length AB is 1*156L and channel 

section shows a deflection at B of 0-517 whilst the box section 

gives a considerable improvement to stiffness of 0*341 and the 

PL^ 
proportional deflection per unit length 0*295 . If the cruciform 

of diagonal bracing is replaced by a single 
I" —1 A member torsionally stiff, noted YZand AB ™ 

XV I PL^ 
xx>^ I 2L, the deflection at B is (see Fig. 54). 

Now suppose that YZ is box section equal 
in depth to the diagonal bracings, four times 

^ -^1 the width and of equal weight to the members 
A B pr 3 

Fig. 54 DB and AC, then deflection at Bis0*558 pj , 

which shows upon comparison with the pre¬ 
vious results a very considerable increase in stiffness, weight for 
weight. 

Assume further as another comparative step that the length of 
AB is 3-47L, similar to the 120° diagonal braced frame; it is again 
found that, all weights being equal, the deflection at B becomes 

PL3 pl^ 
2p, , compared with 2*48 py for the cruciform . 

type (see Fig. 55). “ |!|^ , 
The conclusion is therefore that the torsionally- I 

stiff cross member provides greater frame stiffness i 
than diagonal bracing, and as most of the de- ,_^ 
flection in the last example is caused by bending I * '- 
of YB the remaining distortion is due to twisting. Fig. 55 
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Fig. 56—Heavy passenger vehicle frame 

Fig, 57—Heavy goods vehicle frame 

Still greater torsional stiffness would be obtained by employing 
the weight of YZ in the construction of more torsion members to 
reduce the uninterrupted lengths YB, YC, etc. 

Alternatively the addition of a cross member through the centre 
of a diagonally-braced frame brings into action the bending stiffness 
of the side members. Although the 120° diagonals possess propor¬ 
tions more suitable than the 60° bracing to the automobile frame, its 
disadvantage lies in the fact that side members AB and DC contribute 
little to the stiffness, whilst the 60° angle stiffens only a short part of 
the frame length. A series of transverse members would therefore 
appear to be efficient^substitutes. 
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Chapter 5 

ROAD SPRINGS 

CALCULATIONS 

Much has been written in previous chapters in connection 
with suspension, but the observations have been made 

mainly with reference to the suspension and its effects upon vehicle 
performance. The different types of springing have not been con¬ 
sidered previously, and therefore this section will be mainly devoted 
to considerations of individual types of springing. 

The function of the vehicle-suspension springs is mainly to increase 
the period in which the energy is absorbed and released, and the 
gradual dissipation of road shocks smooths out these objectionable 
surface qualities so that the reactions are more in harmony with the 
frequencies to which the human structure is accustomed. A low 
frequency of oscillation is essential to good suspension and, since 
it is inversely proportional to the static deflection, it therefore follows 
that this latter quality must be high. 

The frequency formula is well known and is stated thus 

or T -0-319Vd 
where T — time for one complete oscillation in seconds 

d = static deflection (in) 
and if n = number of oscillations per minute 

_60_ 60 188 
" “ T " 0-319v"d "" Vd' 

Weight, of course, is often of considerable importance and thus Presents a problem which is bound up closely with high static de- 
ections. The road spring is subjected to varying range of stresses, 

probably reaching 120,000 Ib during shock absorption to 40,000 lb 
upon rebound and therefore alloy steels with high fatigue values are 
essential. 

The weight of material in any spring depends upon stress, static 
L X § 

deflections and load in the formula x K = weight = W 

where L = load, 8 ^ static deflection under load L, and S == stress 
existing under load L. “ K ” depends upon the type of spring, whether 
laminated, torsion spring, volute or torsion bar, and for the laminated 
type will fall between 30,000,000 and 35,000,000. If the leaf spring 
is utilised only as a means of suspension and does not have to act as 
a torque arm or radius rod, the torsion-spring weight is half to one- 
third that of the leaf spring. 

It is of interest to note that in the weight formula the stress factor 
is squared. It will be appreciated, therefore, that any increase in 
allowable stress in a spring rapidly reduces the weight of the necessary 
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material, so that 
if the stress 
could be raised 
from say 40,000 
to 50,000, or 25 
per cent, the 
weight would be 
reduced in the 
ratio of 16 to 
25 or roughly 
one-third. 

We know, 
then, that large 
deflections are 

Fig. 58—Spring load/deflection neceSSary for 
slow frequencies 

and that the load determines deflection. If it were possible to 
maintain the same frequency under all loads we should have the 
ideal spring, but in the case of the heavy commercial vehicle it is 
extremely difficult to obtain satisfactory frequencies for light 
loads; for instance, a 3-ton truck rear spring might take a load of 
say, 1,500 lb unladen and with overload reach as much as 6,000 lb, 
whilst deflections of say 5 in under overload conditions would be 
replaced by a deflection of perhaps 1 in only unladen; the frequencies 
being 85 loaded and 188 unladen. 

It is for this reason that multi-stage and helper springs are often 
fitted to the heavier type vehicle where rear-axle loads vary con¬ 
siderably. The progressive or multi-stage spring has a much more 
gradual stiffening than the helper type, and is illustrated by a typical 
example (Fig. 58). 

There is one fundamental principle to be considered, which 
the helper spring often violates, being much too stiff compared 
with the main spring. The increase in rate or stiffness in Ib/in^ 
must not be more rapid than the increase in load. If, for instance, 
a spring had a static deflection of 6 in for a load of 2,400 lb or 
a mean rate of 400 lb, the doubling of the load should only 
double the rate to a mean of 800 for the last 2,400 lb range and 
the travel between 2,400 and 4,800 lb would be 3 in if the same 
degree of comfort is to be retained at the heavy load as at the 
lighter weight. 

There have been many spring-leaf sections evolved in an effort (o 
reduce spring weight, a notable instance being the Toledo Woodhead 
grooved section and the Eaton grooved section in U.S.A., for which 
it was claimed that for equal load and deflection weight could be 
reduced by at least 7 per cent. It has been previously shown that 
weight does not depend upon length or width of spring leaves and 
therefore the following advantages for increase in both these dimen¬ 
sions should be given consideration : 

(1) Mechanical strength of spring eyes due to the fact that the 
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main leaves may be heavy without the possibility of over¬ 
stressing throughout their deflection range. 

(2) Smaller variation in eye centres with varying deflections. 
(3) Greater resistance in the main leaf against loads from drive and 

torque. Interesting figures by Wohler on some of Krupp’s 
spring steels show that the number of vibrations before 
failure are dependent upon the maximum stress and the stress 
range, and that beyond a certain critical value if the stress range 
is increased, the spring life is considerably reduced. Some of 
these figures are reproduced : 

TABLE 4 

Stress range in Number of reversals Condition of | 
Ib/in^ before failure leaf 

0 to 110,000 39,950 Broken 
0 to 88,000 117,000 Broken 
0 to 66,000 468,000 Broken 
0 to 55,000 40,600,000 Unbroken 

It will be seen that the life was increased approximately 1,000 times 
lo an unbroken leaf by reducing the stress range 50 per cent and 
further it will be noted the great life increase between the stress ranges 
of 66,000 and 55,000 Ib/in^. 

The duration of spring life depends not only upon the material 
used in manufacture, but also upon the treatment to which it is 
subjected. It is contended that most springs fail through fatigue, 
which in turn mainly occurs when the leaves are in a state of tension— 
a high residual-tension stress occurring during the unloading part 
of the cycle which is sufficiently high to cause fatigue failure. Various 
methods have been suggested which have as their objective the 
improvement of the fatigue value of the material. One of the most 
promising of latest practice is that of shot-peening each leaf on its 
tension side and upon the two edges which increases the tensile 
strength of the material immediately below the surface whilst at the 
same time it sets up a longitudinal compressive stress in the thin 
skin. It is known that fatigue cracks generally emanate from the 
tension side of the leaf and therefore this compressive stress must be 
overcome by an applied stress in order that the stress on the tension 
side of the leaf may become a net tensile stress. The strengthening 
of the leaf through this layer of metal under residual compressive 
stress is only effective so long as this stress is not removed by any 
other working stresses. 

It is claimed that greater endurance is obtained by peening the 
tension side only, rather than peening both sides. In the process the 
camber of the leaf is decreased, which would appear to indicate a 
favourable residual compressive stress. This change in camber is 
offset by originally setting the leaf to a slightly greater camber. The 
effectiveness of shot-peening is dependent upon the quantity of work 
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done, which again depends upon the mass of shot, its velocity and the 
quantity used, whilst care must be exercised to ensure the leaf being 
completely covered and that the shot is of reasonable uniformity 
of size. 

There should also be a limit to the amount of broken shot per¬ 
missible. In practice the speed of peening varies, some conveyors 
moving at 16 ft/min whilst others have reached 32 or even 40 ft/min. 
It has been found that the lower speeds are better for increasing 
fatigue resistance. 

There does not appear to be a great deal of data available at 
present which makes predetermination of shot size, velocity, etc., 
possible; each component has to be treated on its own particular 
merit. Experience is, however, rapidly being gained and an in¬ 
genious means of ascertaining the degree of peening being experienced 
by the work has been developed by Almen. Briefly it consists of a 
flat strip of steel attached to a block which in turn is clamped to the 
part passing under the shot stream. One side only therefore is 
peened (Fig. 60). Upon removal from the block, the strip is placed 
on a dial indicator to ascertain the change in longitudinal curvature, 
which (since the operation of peening is cold working on one side 
only) assumes an arc shape, the height of which is considered to be a 
measure of the degree of shot peening when correlated with fatigue 
resistance. Correlation can only be developed by repeated tests on 
actual parts until sufficient data has become available. 

A time-intensity curve is plotted in a similar manner to that 
shown in Fig. 59. The desired intensity of peening is determined by 
the operator and is represented as AB. Curve (1) utilises shot of 
given material, size and striking velocity for various intervals of time, 
whilst curve (2) is obtained by varying one or more of the factors of 

curve (1). It will be noted that from 
curve (1) time of exposure is critical 
for the particular technique apper¬ 
taining and less critical in that 
adopted in curve (2). 

Excellent results have been ob¬ 
tained with springs for a heavy 
vehicle peened with 1/32 in diameter 
steel shot at a nozzle pressure of 30 lb 
and an intensity of 1 sq. ft/min, the 
material being silico manganese steel, 
percentage of broken shot not to 
exceed 25 per cent although for 
general purposes, if the shot diameter 
is limited to between 0-025 in and 
0-032 in in well-formed profile, good 
results will be obtained. 

Misformed shot may possibly cause 
indentation, that is why broken shot 
is limited by specifying a percentage 
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minimum, usually of the order of 25 per cent. 
The material is also most important and good 
shot should be to the following approximate 
specification: 

Combined Carbon 3-30 
Graphitic Carbon 015 
Total Carbon 3-45 
Silicon 1-80 
Manganese 0-55 
Sulphur 015 
Phosphorus 0-46 

EFFECT OF SPRINGS ON STEERING 

Steering is somewhat affected by the location and camber of the 
springs in relation to the chassis frame, as upon a correct com¬ 
bination of these two features depends the amount of body roll 
experienced. Rear-axle skewing, which occurs when the vehicle 
rolls in rounding a curve, produces a rear steering effect which is 
unstable on account of the reversal of transverse forces acting upon 
the tyres when the turn is encountered. This displacement of axle 
is not improved by fitting a highly positive camber spring and over¬ 
steering is a possible resulting phenomenon, A flat spring under 
normal \oad is not sufficient to prevent the axle skewing and slight 
oversAeer when the veVAcle rolls, but if a reverse-camber spring is 
mounted in an inclined positM mat is with t'lie lower than 
the front eye, the axle will be retained as square wfA chassis as 
possible. 

Tests have been carried out to determine the forces 2^ impact 
between the road wheels and ground. The vehicle tested 
following dimensions and data—front-axle load 3*5 tons, rei’T:^^*^ 
load 7 tons, wheelbase 19 ft, front and rear tyres 9-75 x 24 
and twin. A set of interchangeable single 12| x 24 tyres fornr».eu 
the basis of comparison and it was found that throughout all tests 
the twin tyres cushioned less than the single tyres of similar carrying 
capacity. The unsprung weight at the rear offside wheel was 0-8 ton 
and the tests showed that up to road speeds of 40 m/h the tendency 
was for the reaction loads to increase in proportion to speed, but 
thereafter the increase was slight. 

The conclusion drawn from numerous tests appear to infer that— 
(1) It is possible for reaction loads to reach approximately three 

times the static load. 
(2) The average amplitude of reaction over poor road surfaces is 

1 -5 to 2 times the static load. 
(3) Even the smoothest roads produce reactions of I -2 to 1 *3 times 

the static load. 
(4) Providing the tyre is not overloaded the amplitude of vertical 
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and horizontal vibrations is greatest when the radius of a 
depression in the road surface is equal to that of the tyre. 

(5) Unsprung weight considerably affects the vibrations and 
reactions if the radius of the depression exceeds that of the 
tyre. 

(6) The reaction produced by a raised obstruction is influenced 
more by resilience and unsprung weight than by tyre size. 

SHOCK ABSORBERS 

Even though the road springs be very carefully designed, conditions 
of suspension possess so many conflicting factors, due to unknown 
quantities, that it is often necessary to augment the performance of 
the spring by fitting shock absorbers. 

The hydraulic type affords the necessary adjustment since by 
variation of its “ valving ” and “ bleeding ” it can be made available 
with widely differing characteristics. It is possible to adjust these 
characteristics to conform to predetermined resistance curves and 
thus, if provided with separate bleed and relief valves for compression 
and rebound, the shock absorber may be made either (a) single 
acting, (b) double acting, or (c) differential acting. The shock 
absorber should not be considered as an anti-roll device, for whilst 
its progressive action is advantageous for normal spring damping 
if adjusted to offer sufficient resistance to prevent roll, a harsh 
suspension would result and its functional utility greatly prejudiced. 
It must be remembered that roll is a slow-speed movement, as 
compared with the frequency of spring oscillation. 

The single-actinf^ hydraulic shock absorber is arranged to afford 
no resistance against compression, but to provide such damping 
effect as desired on rebound. The double-acting type provides 
hydraulic damping on both compression and rebound of similar 
magnitudes in both directions. The differential shock absorber is 
similar to the * double-acting type, insomuch as its bleeding and 
valving permit resistance in both directions, but in this case of 
unequal amounts. 

With the trend of suspension towards the higher deflection, both 
on front and rear springs, it is desirable to damp oscillation in both 
directions and the double-acting type is therefore the most suitable 
as it can be designed to possess such characteristics as are required 
to allow the road springs to freely deflect at low vehicle speeds or on 
smooth roads and at the same time to exercise greater control at 
high speeds or on rough ground. 

If the veljiicle is prone to wheel tramp or wobble, a double-acting 
shock absorber is sometimes of assistance if its characteristics are 
arranged so that its resistance is greater at low axle velocities as 
compared with the valve settings and bleeding of the shock absorber 
for a similar vehicle which does not possess such phenomena. 
Possibly a slightly larger type of differential hydraulic damper would 
be chosen as its resistance could be higher on rebound than 
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compression and in consequence the possible harshness of ride which 
would occur through the excessive amount of damping required in 
the double-acting type would be avoided. 

The shock absorber can, however, form a useful aid towards 
preventing body roll and anti-roll torsion bars may be coupled direct 
to the shock-absorber shaft by means of an extended boss on the 
lever arm splined to take the end of the torsion bar, or alternatively 
the shaft may be extended to carry a splined coupling to which the 
torsion bar could be attached, the shock-absorber arm being on 
the outside of the frame. 

However, the general arrangement has so many possible solutions 
that the correct interpretation may be left to the discretion of the 
designer in choosing the most appropriate layout. This problem of 
stabilising a heavy vehicle, particularly a double-deck passenger 
vehicle, against roll on corners without detracting from its riding 
capacity is one which has been given much attention. 

THE STABILUS 

The stabilus method—a German conception—was attended by a 
certain degree of success. Double-acting shock absorbers on each 
side of the vehicle were cross-coupled by high-pressure pipes, the 
pressures sometimes reaching the order of 3,000 Ib/sq. in. In the 
particular arrangement in mind, the shock-absorber arms could 
move through a range 
of approximately IJ in 
without affecting the 
opposite component. 
Above this movement, 
a spring-loaded plunger 
embodied in the circuit 
provided solid resist¬ 
ance, so that the op¬ 
posite shock absorber 
completely followed the 
movements of the first. 
Reference to Fig. 61 
shows a diagrammatic 
layout of the pipe sys¬ 
tem in which high-pres¬ 
sure valves are fitted in 
pipes A and B and low- 
pressure valves in pipes 
C and D. Valves are 
also present in the pis¬ 
tons which allow re¬ 
cuperation of fluid in 
the system from the Fig. 6i-Tlie subilus 
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reservoirs built into the shock absorbers. The function of the 
auxiliary valve is to permit levelling of the oil after replenishment, 
whilst the spring-loaded plungers are included to provide pre¬ 
determined delay or lag between the action of the two shock 
absorbers, as previously mentioned. 

Reverting to the actual spring design, there are several details 
which must not be overlooked since they play an important part in 
both spring life and spring performance. Friction between the plates 
has in the past been responsible for spring squeak and the digging 
into one another of the plate ends. There have been many designs 
evolved to overcome this occurrence, mainly by providing means to 
lubricate each plate. 

Recent American practice includes an Oilite pad located under 
the end of each leaf, the load being transmitted from plate to plate 
by this pad. British makers achieved a certain degree of success 
with the Woodhead type of cascade lubrication, in which on certain 
plates reservoirs were provided each being connected to the other 
by grooves. The reservoirs were replenished by standard grease 
gun. 

Other designs included roller bearings under the end of each leaf. 
Such a scheme as that in Fig. 62 was standardised on the French 
Peugeot with success, whilst a more straightforward means of 

lubrication is the screwed-in grease- 
nipple on the ends of each plate. 

The form of spring eye is important, 
particularly in a spring for a heavy 
vehicle, as any tendency to open out 
may have serious consequences. The 
ordinary rolled eye possesses the merit 

62 of low cost, but if the main leaf is in¬ 
sufficiently thick rigidity under fore and 

aft stresses, particularly that of braking, will be reduced and the eye 
will open slightly, causing additional stress to be imposed and per¬ 
mitting the spring pin to float. More¬ 
over, there is always the difficulty in 
obtaining the correct tolerances be¬ 
tween the eye bush and the eye, when 
springing open of the top leaf may 
be experienced even during bush as¬ 
sembly. 

The solid eye gained favour and has 
retained its popularity in this country 
mainly on account of its absolute 
rigidity in all directions. Ffowever, 
on the score of cost attempts to re¬ 
establish the rolled eye on the heavier ^ 
type vehicles has resulted in a device 
by Samuel Fox & Co. for which it 
is claimed acts effectively against roll, Fig. 63 
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whilst providing a substantial spring end for anchorage. This is 
shown in Fig. 63 which is self-explanatory. 

RUBBER APPLICATIONS 

Recently much research has been made into the use of rubber as a 
medium providing reduction in harshness of ride, the elimination of 
lubricating points, reduction in static friction, the reduction of 
shock loading to the components so mounted, and the general 
cushioning of vibration effects. The application of rubber to the 
shackle pins of the automobile is not new, as in many private cars the 
Silentbloc bush has been incorporated and the Harris-type rubber 
bush is also widely adopted. 

The problems involved are considerably augmented in the heavy 
vehicle. Nevertheless, it is now possible through the bonding of 
steel to rubber to provide some measure of cushioning to the spring 
shackles of the heaviest vehicle. In general, the rubber is placed in 
torsion and shear, the arrangement consisting of an inner shaft 
surrounded by an annular layer of rubber which is bonded to it and 
enshrouded by an outer steel housing, also bonded. The outer shell is 
split into two sections longitudinally, usually at 180', the purpose 
of this being threefold. First it allows very high pressures to be 
applied to the bond between rubber and metal during the curing 
stage. Secondly, as the rubber shrinks after curing, the split housing 
allows this to take place without causing internal stress in tension, 
and, thirdly, it is known that to place the rubber under radial com¬ 
pression is advantageous, and this is possible when compressing the 
split shell into its housing of a somewhat smaller diameter than itself. 

Applying such a principle generally to vehicle suspension, whether 
it be for shackles or independent suspension arms, the following basic 
procedure holds good for most applications in determining the size 
of the rubber torsion spring. 

From the proposed drawing layout of the general arrangement, 
the length of the effective arm from the rubber spring to the steering 
knuckle' or perhaps, shackle length if the application be- a shackle 
bush, is determined. With this and static spring load, together with 
static deflection decided, the loaded moment and torsional rate of [188~1 ^ f J , ^ 
being the normal length of arc through which the spring turns before 
it takes the static moment, whilst unit torsional rate is obtained 
from the division of static moment by subtended angle. 

Assume the wheel to require a 4 in rise and 4 in rebound and the 
suspension to have a static deflection of say 6 in to 10 in, then if the 
static shear stress of the rubber be set at 120 Ib/in^ on the outside 
diameter of the inner shaft—a figure which takes into account the 
creep or set of the rubber under load (this allowable stress varies 
according to the Shore durometer hardness of the rubber, and will 
be referred to later)—the inner bush or shaft diameter may be 
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calculated by providing sufficient area for the static stress at the 
bonding surface not to exceed the desired 120 Ib/in^. 

The question of bush or shaft length is dictated by available 
clearances and chassis consideration, and will of course depend some¬ 
what upon the desired degree of torsional rigidity of the shaft. The 
thickness of the rubber is the next consideration and the following 
analysis to relate thickness and spring rate are fundamental. 

If in Fig. 64 Ri & R2 represent the inner and outer radii of the 
rubber, 

R ™ radius to any section 
/ = length of bush 
S = unit shear stress 
T torque 
G = shear modulus 
8 deformation degrees 

S 
0 ~ Q for small angles 

d8 
i9dR 

R 
Then for any given torque T 

and as R^S is constant S 

27rR2S/ 

RrSi 
R"- 

Fig. 64 

» _ SdR Rj^SidR 
d6 - or 

and 8 
Ri^Sj r dR _ Ri^S, 

and angular deformation 8 ^ ;7lG 1 Ri 
The value of G is generally defined by the slope of the tangent to 

the shear curve. Rubber in a torsion spring is considered as a series 
of layers of thickness dR, all in shear, the stress varying inversely as 
the square of the radius of the layer. In addition to this condition 

in mathematical form it may be repre¬ 
sented graphically and is shown in Fig. 65 
in which each successive layer is set out 
as possessing a thickness equal to 2^ 
per cent of its inside diameter. Tor¬ 
sional deflection of a hypothetical ele¬ 
ment which under no load is radial is 
shown by the dark line. Each adjoin¬ 
ing and successive layer distorts from 
its radial direction by an amount equal 
to its angle of departure for that stress, 
as obtained on the shear sample and 

Fig. 65 which is graphically represented by the 
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t 
One such curve is required for each rubber compound to cover the 

widest range of unit stress (static) or torsional rate. For the lower 
stresses it is only necessary to note the radius at which the required 

static stress appears and at that 
point draw the inside diameter of 
the rubber, or the displacement 
divided by the rubber thickness 
which is usually expressed as a 
percentage of shear deformation. 

Fig. 67 This is not applicable, however, 
to the torsion springs: B C does 

not in this case represent the position of the distorted element 
(Fig. 68) as deformation varies with stress, which in shear is in¬ 
versely proportional to the square of the radius of the rubber element 
from the origin. 

In the shear sample, the change in length 
of the element BA to BC is sometimes re¬ 
ferred to as “ stretch,” and the difference 
between the shear stress in the torsion spring 
and “ stretch ” will be appreciated by read¬ 
ings from a torsion spring fitted to a laden 
five-seater car for static and maximum bump 
load, wherein' the unit shear stress at shaft 
diameter varies between these two conditions 
by 50 per cent, whilst outside the bond it Fig. 68 

99 



AUTOMOBILE CHASSIS DESIGN 

varied 46*6 per cent and approximated this figure at the outside 
diameter of the rubber. Its shear deformation at the bond varied 
50 per cent, at the outside diameter of the rubber by 52 per cent, 
and stretch 46 per cent and 38 per cent at the respective positions. 

From Fig. 68 it will be noted that the average stretch is 

and in the example in question the figures for static and bump¬ 
loading conditions varied nearly 91 per cent, which clearly bear no 
fixed relation to the maximum stretch at the inner diameter of the 
rubber. 

Development of the compounding of rubber and other essential 
ingredients required for the successful bonding to metal is such 
that at the present time a Shore durometer hardness of between 
45 and 60 is probably the most satisfactory figure for the type of 
torsion spring under consideration. 

If stress-strain curves are plotted, the area under the tangent 
serves as an index to the efficiency of the compound. Fig. 69 shows 
such a diagram and for a given strain indicates that 105 Ib/in^, 
is the static shear stress incurred by the 45 durometer sample. This 
figure for a suspension spring is stated to be quite satisfactory. By 
comparison with the stress strain curve for 60 durometer hardness, 
the area under the tangent must be the same as for the 40 stock in 
order that the same efficiency from unit volume may be obtained, 
and it will be seen that the static stress is approximately 135 Ib/in^, 
which for a wheel stroke of 8 in, that is 4 in compression and 4 in 
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rebound, the maximum stress of 210 lb/in‘^ is considered too high on 
the bond between rubber and metal. 

It will also be noted that the maximum shear loads are disposed on 
the steeper portion of the two curves, which indicates that at high 
stresses the layers near the shaft, for a given angular movement, 
encounter less relative angular displacement than would be the case 
for the same bush angle at smaller loads. The effect of this is to 
produce relatively more deformation in the outermost layers, which 
are more lightly stressed, in which event the fatigue life, which 
depends on this deformation range as well as on unit load, is in¬ 
creased. However, before intelligent decisions can be made con¬ 
cerning each characteristic, it is necessary to develop a series of 
samples, all of which would be acceptable for different springs, but 
which differ in their characteristics regarding fatigue life. From 
the data obtained the designer can select the most satisfactory 
combination of fatigue life, creep, and hardness for this particular 
application. 

in conclusion a few brief comments upon the process of bonding 
will be found to be of value in understanding some of the problems 
involved in making any stock selection. The process consists of 
vulcanising rubber in contact with a surface which has been plated 
with the correct type of brass, as certain constituents of compounded 
rubber combine chemically with a specific type of brass which is 
electrolytically deposited in a very thin layer. The bonded joint 
therefore is chemical and not thermoplastic. 

BeforeMntroduction to the mould the rubber is processed. It is 
mixed with various ingredients. The mixer or mill consists of two 
rollers horizontally opposed, and which revolve at different speeds. 
They are, of course, adjustable. The rubber is squeezed between the 
rollers and forms an inherent sheet on one of them. At this stage 
various powders are introduced as filling agents. For strenuous 
duties the filler is usually one or more of the wide varieties of carbon 
blacks, whilst in addition certain chemicals are added so that the 
application of heat will permit vulcanising, necessary in order 
to eliminate the thermoplastic state of the rubber in its previous 
state. 

The mixed rubber is moulded under pressure in steam-heated 
presses. The rubber does not melt but is forced into the rnoulds, 
which are also under the influence of heat and pressure. The bonding 
takes place in the mould concurrently with vulcanising at a tem¬ 
perature of 3001320'" F and pressure in the region of 1 ton/in^ for 
a period depending upon the size of mould of upwards of 15 minutes. 

The sequence of events for the whole process is as follows: 
(1) Clean the parts to be bonded. 
(2) Brass plate the bonding surface. 
(3) Prepare the unvulcanised rubber. 
(4) Rubber and plated surface accurately positioned in the steel 

mould. 
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(5) The mould is partially closed and placed in the vulcanising 
press. The press closes the mould and ejects any surplus rubber. 

(6) Vulcanising and bonding take place during the time the mould 
is under pressure. 

(7) Mould opened, parts cooled, cleaned and trimmed. 

In the torsion spring, the inner shaft and the outer steel shell 
after bonding transmit the load to the rubber area so that the 
rubber and the bonding supply the two resistances opposing out¬ 
side forces. 

A few general design formulae of a simplified nature are set down 
as being satisfactory for most problems concerning rubber en¬ 
countered in automobile engineering. 

The fundamentals to be remembered are that (a) for parallel shear 
units which carry a continuous load should be limited to 25 Ib/in*-^, 
based of course upon the weight (static) supported, (b) for a variable 
load 35 lb/in“ and for units (c) in continuous torsion 50 Ib/in- should 
be the maximum, but (d) for a variable torsion load the figure can 
be increased to 70 lb/in‘^, based upon maximum torque. 

The reason behind the higher stress figures for torsion units is that 
the bond area under shear is continuous and free from stress con¬ 
centration. It has been said that the energy stored in a spring varies 
as the square of the stress, but it also varies as the reciprocal of the 
shear modulus, which in turn bears relation to the Shore hardness. 
These relations are tabulated below for the range of hardness con¬ 
sidered to be the most economical for practical use: 40 durometer 
is probably the most widely used, although 30 is a soft commercial 
stock, with 60 durometer at the other end of the scale. It will be 
noted that the high modulus of the latter precludes the possibility 
of any higher number: 

Table 5 

Shore Durometer Hardness 30 40 50 60 

Shear Modulus Ib/in^ 1 50 95 140 

The plates to be bonded must be of sufficient section to avoid 
distortion when transmitting the load to the rubber, whilst in or^der 
to permit a complete cure throughout the volume of rubber the thick¬ 
ness should not exceed If in. Any application which requires greater 
deflection than can be accomplished within this limit should be 
arranged for duplicate or multiple units. 

For the different types of rubber spring, equations numbered (1) 
define the shape of the rubber, whilst in explanation of the ratio m/n 
it should be stated that this depends upon the uniformity of 
stress throughout the rubber volume. If in expressions numbered 
(10) it is not present then m/n is unity and the stress distribution 
is uniform. 
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Nomenclature to be used throughout all examples 

(See Fig. 70) 

A area in sq. in of rubber bond 
8 — deflection (in) 
G ^ - shear modulus of rubber (Ib/in-) 
H -- height (in) 
Hi ^ height (in) 
h variable height (in) 
P - load (lb) 
S - shear stress (Ib/in-) 
r radius (in) 
e - base of natural logarithms 
K - radius factor 
m function of K 
n function of K 
X - variable radius 
R ^ torque arm (in) 
t thickness of rubber 
0 torsional deflection in degrees 
V volume of rubber (in*^) 
E efficiency - P8 or work stored (in. lb) 2. 

Note that in example 2, the shape of the rubber is such that the 
area at any radius is uniform, hence the unit stress is uniform through¬ 
out the volume, and also at the surfaces which are bonded. In 
example 3, there is an excess of rubber at the conical end; this 
excess provides for reduced shear stress at intermediate radii. The 
bond areas of both surfaces however are equal, as they should be. 

Example 4 shows a design of low efficiency in the true sense, 
insomuch as the stress is greatest at the inner tube, diminishing towards 
the outer diameter to a minimum at Kr. The bond area on the 
inside tube is smaller than that of the outer shell. In 
connection with formulae for examples 3 and 4 tables on pages 104 
and 105 give the values of radius factor 1, and the values of 
m and n. 

Note that in example 6 the rubber follows a straight line at its 
outer edges and thus it is stressed lower at intermediate sections. 
The areas of bond surface are proportioned to give equal shear 
stress on both tubes, whilst in the case of example 7 the area of 
bond on the inside tube is the highest stressed due to the uniform 
height of the unit. Example 8 shows the ideal type of torsional disc 
spring, wherein the rubber thickness is directly proportional to the 
radius which gives uniform stress throughout. 

In the foregoing text in connection with the hardness figures quoted 
it should be appreciated that they do not represent elastic character¬ 
istics, but they do afford to some extent a general guide to the rubber 
moduli values, or its stiffness. It should also be emphasised that 
hardness is determined by several factors, of which stiffness is only one. 
Hardness readings represent only local surface condition and may 
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Fig. 70 

vary with surface irregularities and even with the size of the specimen. 
Stiffness or modulus measurements, on the other hand, represent the 
properties of the volume of rubber as a whole. 

Hardness is perhaps the smallest concern of the designer when 
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Example 3 Example 4 

K - I m i 
" ! 

K 1 1 m 
! 

n 

0 
* 

0 — — 

0-2 0199 1 0-201 0-2 ' 0-182 0-22 i 

o
 0-392 0-408 0-4 1 0-336 0-48 

0-6 0-578 0-623 0-6 ! 0-470 0-78 ! 
! 

0*8 0-756 0-847 0-8 0-588 1-12 

1 0 0-924 1 -083 1 1 *0 
1 

0-693 j 1-50 

1-2 I -083 1-331 1-2 0-788 1 -92 

1-4 1-235 1 1-591 ;i 1 -4 0-875 2-38 

1-6 1-381 1 -863 1-6 0-956 2-88 

1-8 1-518 2-147 1-8 1-030 3-42 

2-0 1 -649 : 2-444 2-0 1-099 4-00 

compared with other properties of rubber, such as the dynamic and 
static moduli of rigidity and elasticity, the damping characteristics and 
its resistance to fatigue. It is not desirable at this stage to review 
these various characteristics at length, but it is interesting to take a 
cursory glance at the comparative qualities of rubber and steel. 

Steel relatively possesses elasticity of a very small order in direct 
tension, shear or compression. The engineer is aware that beyond 
the elastic range permanent deformation takes place, and whilst rubber 
in its main physical characteristics bears some similarity to metal, its 
possibilities regarding high deformations are extensive although the 
modulus figures are correspondingly smaller. For instance, if the 
modulus of rigidity of steel be 12 x 10® Ib/sq.in. a rubber whose 
Durometer hardness is 50 with a static modulus of rigidity of 80 would 
be 150,000 times more elastic in shear than its steel counterpart. 

The contrast is even more apparent when comparing the allowable 
stresses and strains. A rubber whose ultimate stress is 1,000 Ib/sq.in. 
has a working stress of, say, 50 Ib/sq. in., and a working strain of 
approximately 64 per cent. Its factor of safety is therefore 20 to 1, 
whilst a mild steel of 20 tons/sq. in. might have a working stress of 
4 tons/sq. in. with a consequent safety factor of only 5 to 1 ; and a 
low working strain of 0 075 per cent. 

Unlike metal, there is no corresponding elastic limit or final yield 
105 



AUTOMOBILE CHASSIS DESIGN 

Fig. 71 

point for rubber, and rubber therefore retains most of its elasticity 
almost up to its point of final rupture. 

In their different spheres both steel and rubber springs have their 
usefulness, although the properties of metal bonded rubber are such 
that it will absorb shocks in all directions with predetermined resistance, 
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Example 5 Example 6 

Example 7 

K - 1 m n 

0 0 0 

0-2 0153 0-22 

0-4 0-245 0-48 

0-6 0-304 0-78 

0-8 0-346 M2 

10 0-375 1-50 

1-2 0-396 1-92 

1-4 0-413 2-38 

1-6 0-426 2-88 

1-8 0-436 3-42 

4-00 

! m 1 " 

0 
« 1 

0179 0-185 

0-318 0-356 

0-422 0-524 

0-499 0-696 1 

0-554 0-875 

0-595 1-061 

0-623 1-261 
j 

0-643 1 -472 

0-656 1-691 

0-666 1 -926 

Example 8 

k m 

0 0-667 

0-1 0-666 

0-2 0-661 

0-3 0-649 

0-4 '0-624 

0-5 0-583 

0-6 0-523 

0-7 0-438 

O
O

 

6
 0-325 

0-9 0-181 

1-0 0 000 2-0 0*444 
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COMfVkRISONS OF 
*m*8cVF0R UNITS 
■ IN TORSION 
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Fig. 72 

but the steel 
spring is not 
so fortunately 
endowed. Not 
the least im¬ 
portant of these 
comparative 
qualities is the 
non-linear char¬ 
acteristics of 
bonded rubber 
which can be 

exemplified in 
the rising stress 
strain relation 
in certain con¬ 
structions, and 
the less technical 
qualities of 
sound insula¬ 
tion, and its non¬ 
conductivity of 
electricity. 

Finally a word 
with regard to 
the metals to 
which rubber 
can be bonded. 
Among the vari¬ 
ous grades of 
steel, it is desir¬ 
able to select 
those having low 
carbon content, 
since the high 
chromium steels 
present certain 
difficulties. Other 
materials include 

0 8 10 
K-1 

!—: 1 
L 1 rr 1 . -ir/ 

-- COMPARISONS OF m & n 
I UNITS IN SHEAR . 

0-8 10 

K-1 
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cast iron, aluminium and its alloys, copper, brass, bronze, magnesium 
and zinc alloys. 

These comparisons will serve to illustrate the utility of rubber in 
certain suspension applications, not only as a means of supplementing 
conventional layout such as the bonded rubber and steel shackle pin 
and leaf spring, but in the near future to form the main basis of the 
vehicle suspension. 

Many modern designs of independent wheel suspension which 
employ torsion-rod springs, for example, 
include bonded rubber bushes in the 
wishbone link pivots, avoiding the neces¬ 
sity for lubrication; whilst, at the same 
time, vibrations are effectively damped 
at source. 

TORSION BAR SPRINGS 

Rapidly gaining favour is the form 
of suspension which employs torsion- 
bar springs, which rod is the simple 
basic element of the coil spring. The 
calculation for bar size, angle of tor¬ 
sion, etc., are not in any way compli- 

Fig. 74 

cated, but the treatment of the bar is 
important. The stress in the rod is 
usually rather higher than one is accus¬ 
tomed to permit, but the explanation 
is based upon the effects of presetting 
beyond the elastic limit of the material; 
for instance, the stress which produces 
distribution similar to that in Fig. 75 
is expressed by the 
formula rate 

16T 
^ ~ 77d3 (i 
where T — torque 

HORIZONTAL^ 

and d = diameter 
of rod. - i 

Presetting, how- 
ever, makes it theo- 
retically possible for 
Fig. 75 to be modified in a similar 
manner to that shown in Fig. 74, 
and the stress in such a case becomes 

12T 
S ^^3. Much research has been Much research has been 

carried out regarding the actual stress Fig. 77 
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distribution in heavily preset rods and it is believed that a dis¬ 
tribution approximating that shown in Fig. 77 is possible. 

12T 
When the stress S actual, S'^^^3 the linear rate at the end of the 

lever arm has a variation similar to that found for the Horst 
mann suspension, and is not symmetrical on either side of the 
horizontal position. Its form is similar to the typical figure shown 
in Fig. 76, but for small arm radius the variation in rate is small. 

If the following notation be used, the main calculations are as 
follows (see Fig. 78)~ 

S surface stress in rod 
d “ diameter of rod 
1 = active length of rod 
R = radius of arm 
h ^ height of arm above horizontal 
L = load on end of arm 
T = torque 
a angle of arm above horizontal 
P shear angle 
0 total angle traversed 

= angular rate 
= linear rate 

T 
Angular rate which 

Linear rate is variable 

Torque T = L X R cos a 

Shear angle P = ^ 

is constant. 

dL 
dh 
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Surface stress in the rod, S ^ ^ 

Gvd^ 
— ^21 ’ where G is of magnitude 11-5 x 10” for steel 

T 
R cos a 

R sin a 

L. 

h 

Tt 
1 

R cos a (r 

JA 

COS a 
+ 

L X R sin a X K sin a \ -j- 

R cos a ) Re‘" 
Lh 

The design of suspension rods in torsion demands particular 
attention to the fixed ends. These are usually splined and from 
exhaustive tests it has been established that the sharp-rooted spline 
has a definite deleterous effect upon stress concentration and ultimate 
failure. The blunt serration considerably increases the fatigue 
strength and, if designed in conjunction with a well-radiused spline, 
the base may be successfully shot-peened, which not only increases 
the life of the splines but may correct possible material defects and 
those of processing, whilst preventing also the start of a fatigue 
fracture from “ frettage ” corrosion. 

The relation of spline diameter to body diameter should approxi¬ 
mate in excess of 1 -25 to 1 or root of spline should be 1T5 times the 
body diameter. The length of spline should be as short as is con¬ 
sistent with requirements, since it will be appreciated that in practice 
splines cannot be cut so that there is full initial contact on all teeth 
for complete length as there is almost certain to be some slight 
misalignment. Moreover, the spline contacts at one end only and 
will cause loading beyond the elastic limit, so that yield takes place 
until sufficient surface contact has been made. When this happens 
high loading through work hardening makes possible the carrying 
of higher loads by an equiva¬ 
lent lower hardness material. 
Parallelism of splines to rod 
axis may be toleranced to 
0*002 per in of wire length, 
when the splines are in¬ 
spected by laying a small 
wire between two splines. 
A well-proportioned rod 
end may approximate that 
to proportions shown in 
Fig. 79. Shot-peening is 
acknowledged as an essen¬ 
tial operation if long life 
is to be expected from 
highly-stressed components 
which are subject to 
fatigue. Fig. 79—Proportions for torsion-bar end 
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Another operation, that of pre-setting, is of primary importance 
as applied to parts the life of which depends more upon the maximum 
stress than the stress range. The work stored in a bar is, of course, 
proportional to the stress squared, but by pre-setting or scragging ” 
the bar will carry more than two and a quarter times the energy than 
that absorbed by the non-preset one. The bar is pre-set with a much 
higher torque than that which it will experience in service, and a 
permanent distortion takes place through the rearrangement of the 
material structure, so that not only is the surface loaded to its yield 
point, but also the other material to about half its outer diameter, 
when full torque is applied. Moreover, it is a cold working operation, 
and the elastic limit of the bar is higher after such treatment. The 
value of the elastic limit varies at different depths below the outside 
diameter, at which position when the bar is free a negative torsional 
stress is trapped, the magnitude of which is considerably greater 
than the load stress. 

Pre-setting is essentially the last processing operation on the bar, 
as it is then in a highly impressionable condition. The method of 
carrying out pre-setting is to apply a torque to the rod which will 
produce a maximum shear strain angle of approximately 1 -3° and a 
permanent set of 0-4°. Usual rod proportions have ratio of length 
to diameter 75 to 80 to 1 and therefore the virtual wind-up angle 
is in the order of 30"". 

Pre-setting practice varies in detail, individual manufacturers modi¬ 
fying in some cases the number of torque applications, whilst others 
vary the magnitude of the applied torque. One British manufacturer 
applies repeated twists to the rod, each slightly in excess of the 
torsion angle to be experienced on the vehicle. As the bar 
settles it is constantly adjusted, and again twisted through the 
same angle until settling ceases after possibly 15 cycles have been 
required. 

As a matter of interest the processing of the bars follows these 
lines— 

(1) Upset spline ends. 
(2) Normalise. 
(3) Cold straighten, 
(4) Rough turn to approximately 0 050 in larger diameter than 

finished bar. 
(5) Finish grind. 
(6) Cut splines. 
(7) Heat treat, quench and temper. 
(8) Final straighten at a temperature not less than 600"" F. 
(9) Shot-peen the bar. 

(10) Shot-peen the splines. 

Note: The body requires larger shot than the splines and recom- 
112 



ROAD SPRINGS 

mended dia> 
meters are for 
body 0-060 in, 
and for splines 
0-018 to 0-024 
in diameter. 

(11) Pre-set. 
(12) Paint. 

VERTICAL 
CENTRE OF 

OSCILLA¬ 
TION 

Accurate 
brake and steer¬ 
ing-linkage geo¬ 
metry is essen¬ 
tial, and one 
of the main 
causes of brake 
ineffectiveness is the direct result of faulty positioning of the 
vertical centre of oscillation of the road springs, which in turn 
controls the calculated alteration in length of the spring. The 
following data covers both conditions of normal camber and 
reverse camber for the orthodox laminated leaf spring— 

Condition 1 (Reverse camber) (^tt Fig. 80): 

Lj ~ spring eye centres (laden) 
h| -- height centre line of eye to centre line of top leaf (laden) 
Cl “ vertical movement of centre line of eye from laden condition 

to flat-spring condition. 

For any required position : 

:ri= vertical movement of centre line of eye below flat-spring 
condition. 

^ corresponding horizontal movement of centre line of eye. 

Cl — hi + 2 

, Li + Cl (2i Cl ~ 4D) 
^ (Li - 1) 

For both conditions : 

Lb = Ls “ 1 
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8D 
11 

4 
R - 11 (Lk + 1^ 

3L,: 4D‘^ / 

22 ^'11 Le ^ 2 

Condition 2 {Normal camber) : 

]u2 ~ spring eye centres (laden) 
hg “ height centre line eye to centre line of top leaf (laden) 
Cg ■— vertical movement of centre line of eye from laden condition 

to flat spring condition. 

For any required position : 

dg — vertical movement of centre line of eye above flat spring 
condition 

ya " corresponding horizontal movement of centre line of eye 

Ca - ha 

, ___ La + Ca (2iCa + 4D) 
' ‘ {L2 - 1) 
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Chapter 6 

THE TRANSMISSION 

PROPELLER SHAFTS 

VARIATION in angular velocity between two universally 
jointed shafts, that is providing the joints are of the Hooke 

type and not constant-ratio joints, depends upon angularity between 
driver and driven members. Each of the joints has two rocking 
axes, each of which must maintain an angle of 
90"" one to the other at all times. Incorrect 
angular relation between the driving and driven 
forks is the origin of many transmission stresses 
and vibrations. It is therefore of primary 
importance that each fork or pin at one end 
should be mounted in the same plane as its 
corresponding member at the other end; even 
then, if there is any angularity in the shaft, 
uniform revolution will still not be possible, 
as the fluctuation in speed varies proportion¬ 
ally with the shaft angle. 

When a joint of the type in Fig. 81 is in motion the pins describe 
what is termed two ‘‘ great circles ” having common diameters, 
since they represent the boundaries of the sections formed by the 
two paths. As the distance between A and B is constant it may be 
represented by a quadrant of the great circle. The two arcs set out 
in Fig. 82 are described whilst pin AB travels between the two 

points of intersection, and the point of maximum 
deviation from the vertical occurs when coincidence 
with these intersections is attained by either pin 
A or B. When A is coincident with these inter¬ 
section points, angular velocity of the driven- shaft 
is less than that of the driving shaft, and the 
opposite condition occurs when B is in coincidence. 
As the joint rotates there are four points at which 
the speeds of each shaft are equal. 

In Fig. 82, point A has moved to A' and B to 
Fig. 82 B', which point is found by describing an arc equal 

in length to AB. From B' point C is found at the 
point of intersection of a further great-circle quadrant B 'C being 
equal to B 'AThis geometrical representation may be interpreted 
thus : 

6 == the angle between shafts CAAthe angular motion of driving 
shaft is equalled by AAwhilst AC ~ angular motion of the driven 
shaft, and finally B 'A 'C == 90°, as does B 'CA'. 

Solving the spherical triangle: 

Cos 6 = tan a cot b, where AA' = b and AC — a 
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by reciprocals 

and for small angles cos 0 

Solving for the ratio of angular velocity 

tan b = cos 6 tan a 

and by differentiating sec^bdb ^ cos 6 sec^ada. 

db . sec^a 
. . da ^ sec‘^b. 

As AC or b is not known, by squaring the expression for angular 
velocity 

tan“b cos‘^ 6 tan‘^a 
1 f tan-^b -- 1 + cos^ 0 tan^a, but as 
1 + tan‘^b sec^b. Substituting in the differentiation of 

the angular velocity expression 

db __ . sec^a 
da ~ 1+ cos^ ^tan^a 

which is the final ratio of angular velocity between driving and 
driven shafts. 

If the figures are worked out for various degrees of angular motion, 
and shaft angles and the speed fluctuations plotted, it will be noted 
that the speed differences between the two shafts is considerable. 
If the angle is increased from S'" to 24'' the 2 per cent variation 
becomes 18 per cent and therefore it will be readily understood that 
lack of uniform velocity combined with change of direction of the 
rotating pins is a possible source of shaft vibration. 

Vibration of the shaft may be excited through either end loads, 
centrifugal force or torsional vibration. Should the shaft be fitted 
without a sliding muff considerable end thrust is experienced and, 
further, if the joint is of flexible type, the texture of flexible material 
will damp the actual shock load, but reduce the critical speed of the 
shaft tube. It is desirable therefore not to neglect end loading when 
making propeller-shaft calculations. 

The maximum bending moment on the shaft: According to Prof. 
Greenhill this may be stated as 

r B.M. , F 
Z A 

where F ~ end load 
A = sectional area 
W = weight of shaft (lb per unit Fig. 83-Propeiier-shaft 

length) loads 

a ~ velocity (radians per sec) 
B = flexural rigidity of the shaft or El 
y = deflection at X from the centre 
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w 
and load due to centrifugal force per unit length. 

Now if the effect of gravitation be taken into account, there is one 
position in each revolution at which centrifugal force and weight 
exert their greatest effect 

d^y ^ Fd^y _ Wa" W 
dx"^ ' Bdx'^ gB B 

which solves into 

y = Ai sin /3x + Ag cos ^x -t- AgC^^ + A4e — ^2 

and being the two roots of quadratic equation 

and 0 

2B 

4- 

P2 

4B2 
f2 

+ - 
Wa^ 

gB" 

y Wa^ 
2B ' V 4B2 gfi 

y has the same value for values of x whether positive or negative. 
Aj ~ 0, A3 ^ A4 and assuming that y 0 and x ^ L, that is for 

d^y 
no shaft deflection, and also that when x L, 

Ai - 0 
dx^ 0 then 

As - y^gl oiHy^ f- i3‘'^)cos^L 
A3 A4 i32g / 2 a2 (y2 4- ^2) ^osh yL. 

d'^y 
at any point along the shaft the bending moment is El and the 

B.M. at the middle of the shaft is 

El ( - iS^A^ + 2A3y‘-^) 

To find the lowest critical speed: 

(/32 + y2) A2 cos ^ 0 and since + y^ is not zero unless 
A2 - 0, cos /3L - 0. 

Under stable conditions j8L tt, Ztt, 37r, etc., 

and the lowest critical speed j8 

from which a 

The above formulae do not take into consideration any inaccuracies 
in weight distribution but they assume that the weight acts as a 
radial force in the same direction as the centrifugal force. Should 
the shaft not be perfectly balanced, the shaft will deflect towards the 
heavier side and a point will be reached when for a period there will 
be an excessive vibration. It will, however, disappear with any 
alteration in shaft speed. 

L 
/ F2 , Wa2 , F 

V 4(B)2 + gB 2B 
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At this critical speed vibration is caused by a change in the axis of 
rotation, and the shaft, instead of rotating around its geometrical 
centre, rotates about an axis through the centre of gravity and its 
geometrical centre. It therefore becomes deflected in such a manner 
that the geometrical centre traces a circular path around the centre 
of gravity of rotating mass at each revolution. 

The whirling speed may be defined as that at which the stiffness is 
zero and its period infinite. The interval of time in whicli the shaft 
is passing through its critical value is so small that it does not permit 
of large shaft deflections, hence the fact that rupture does not always 
occur. 

A brief description of what occurs in a shaft undergoing vibration 
may be necessary before the torsional resilience is considered: The 
shaft, starting from rest, increases its angular velocity up to the point 
where vibrations occur, the amplitude of course being small. Further 
increases of speed increases the vibration amplitude until eventually 
they reach a maximum. Still further speed increase eliminates these 
oscillations, until at another shaft speed the vibrations recommence 
and start the cycle once more. Speed may be increased until shaft 
distortion and fracture occur. 

Torsional resilience must be considered, as the shaft should be 
designed to accommodate an angle of approximately 1^' per 10 ft of 
shaft, which figure should be a maximum at maximum stress. 
Previous calculations should be subjected to a re-check to ensure 
this condition, and also that of adequate elastic strain energy, as 
the material should not be stressed torsionally above its elastic 
limits. 

The shear resilience of a tubular shaft is expressed thus: 

X r 
2^ 277-Lrt, where x ^ fs and where fs is the intensity of shear 

stress at outside radius R 
t — thickness of material 
r inner radius of shaft. 

The torsional resilience of a tubular shaft is: 

ttL 

n' R2^) 

D 2 I D 2 f<j2 

which equals ^ -^2 ^ ^ ^ shaft. 

where N — modulus of torsional rigidity 

Ri and Rg — inner and outer radius of tube respectively. 
Torsional deflection may be calculated from the usual empirical 

formula. 
End thrust to which the shaft is subjected arises from many sources. 

It has its origin partly from a combination of resulting loads from 
vertical displacement of the axle and gyroscopic movement of the 
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joints, which tend to substantially reduce the natural harmonic 
vibration of the shaft—when the interval of time between blows from 
road obstructions or inequalities is equal to the periodic time of one 
or more road springs. These combined loads have application at 
the rear end of the shaft and all act through the rear axle end 

AE 
e ’ which is the elastic force per unit of deflection 

where W combined end loads 
A cross-sectional area of shaft 
L length between joints 
E modulus of elasticity 
g - gravity 
K torsional rigidity of shaft 
k ^ radius of gyration. 

I 
The frequency of torsional vibration, n where 1 -- time of 

torsional vibration, and is equal to T — I'nsJI being the moment 

. . Wk“ 
ol inertia orn 

g 

1 
per second. 

If K -torsional rigidity of shaft and N—modulus of transverse 
NTTd'^ 

elasticity, K— 3 
t 

substituting n 1 

Wk^L 

O’" 20V^Wk^L 

which for steel tube at 12 x 10^ Ib/in^ approximately gives 

„ , 3,400d-ywil"L per sec. 

If the shaft is built up of varying sections of different diameters the 
frequency of vibrations is of course different as the twist produced by 
unit torsion moment is the sum of twist in each system. An example 
of such a shaft is the swaged ends down to a small splined shaft 
diameter. 

Frequency may be found by a modification of Morley's formula, 
32 / / 

thus: + or written for steel as 
7rn vdi^ dgV 

above with notation as Fig. 84. 

n - 3,400 
(//d‘). Fig. 84 
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Jncidentally, when determining the material safe stress it must not 
be overlooked that most of the stresses are alternating and are often 
reversed, whilst it is more dangerous still to fail to appreciate the 
fact that it is the stress ran^e which has an even greater bearing upon 
failure than does the actual magnitude of the stress. Considering 
stress reversals, a safe material figure is 1\ tons compression, 7^ tons 
tension and 5^ tons in shear due to torsion. This is based on an 
ordinary •30--45 carbon steel of 15 to 22 tons yield and an approximate 
elongation of 10 to 18 per cent. 

A graphical illustration of vibration phenomena is shown in 
Fig. 85. The shaft starting from rest gradually increases its angular 
velocity to a point where vibration occurs. The amplitude is at 
first small, but with an increase in speed the vibrations also build up 
until they eventually reach the maximum amplitude. If the shaft is 
on a balance machine the indicators will register the magnitude, 
when suddenly the indicators become at rest. It is at this speed 
that critical speed of the shaft has been reached. Any further 
increase in revolutions reproduces further vibration, but of smaller 
magnitude. Such phenomenon occurs with each succeeding speed 
increase until eventually the shaft becomes distorted and probably 
fails. 

Stresses such as these, if applied in magnitude exceeding the elastic 
limit of the chosen section, produce an effect on the material structure 
such that rupture due to tension or compression resolves itself into 
ultimate failure through shear. 

The actual joint arm or flange is subjected to torsional and bending 
stresses, introducing shear as 
a result of torsion. If one 
half the maximum low gear 
torque is applied to each arm, 
the resulting total shear stress 
due to torsion incorporating the 
polar moment of inertia will be in 

each arm ^ + V St^ + -4 

b 
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as if cba 90'' then both torsional and bending moments are 
proportional to the length of the sides of the triangle (see Fig. 86). 

THE CLUTCH 

The essential function of the clutch is to disconnect and connect 
the engine from the line transmission in order that the vehicle may 
be brought to rest without stopping the engine; or, in the case of re¬ 
engagement, it must be capable of connecting the rotating crankshaft 
at possibly high revolutionary speeds to the transmission, which may 
be stationary. The clutch provides two or more friction surfaces 
through which the necessary slip is taken when two differing speeds 
of rotation are to be synchronised. 

Through the many transitional stages from cone to multiplate, 
thence to the single plate, the weight of the driven member, which 
controls the period of time necessary to stop rotation when the 
transmission is disengaged, has been a factor which, in conjunction 
with simplicity of construction, has contributed to the adoption of 
the single-plate type as a standard in the majority of automobiles 
of today. There are, of course, those vehicles which adopt the 
fluid-flywheel form of coupling, which was designed to damp out 
shocks and stresses incurred (incident with the connections of an 
inert shaft to one experiencing revolution), but this type of coupling 
demands special and separate treatment. 

The plate-clutch designer has to decide upon the most suitable co¬ 
efficient for reserve factor, friction and pressure necessary, whilst in 
addition to consideration of pressure-plate dimensions and spring 
load required, other features, such as thermal characteristics, 
flexibility, etc., enter into the general design. The initial calculations 
concern the inner and outer diameter of plates in terms of engine 
torque, and the required spring load. The torque which the clutch 
should be designed to transmit should exceed that of maximum 
engine output, and an additional slip torque of 40 per cent has been 
found to cover all requirements of liner wear and minor causes which 
offer resistance to efficient operation. If possible it should be 
arranged that the facing should also have a 10 per cent additional 
absorption capacity when the liner is almost worn away. The first 
formula allows the desired coefficients and the relationship between 
inner and outer diameter of liners in terms of engine torque to be 
estimated. 

If F = excess torque to be absorbed 
T = maximum engine torque (ft. lb) 
D = outer diameter of friction surface (in) 
d = inner diameter wof friction surface (in) 

— coefficient of friction 
P = unit pressure at surfaces (Ib/in^) 
E = efficiency of operating mechanism 
L — load on springs 
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then 

140":, or f- I T - 2 4 (D- - Pfi ^ ^ ^ ,2 

or if d -- cD where c 0-75 (I.A.E. Data Sheet. 144) 

140",; or F 1- T Pfi DM1 c - c- - c^) 
VO 

in which case 

D-VPSy F^TorI40<'„T 
^ ^ P/M I f c - c- - c*) 

For spring load required 

L ~ (D^ d“) or transposing - 0*344 

It is of course possible that a clutch of the diameter indicated by 
the foregoing formulae cannot be accommodated, in which case a 
revised relationship between D and d must be chosen, although D 
is usually the controlling dimension. If D is definitely fixed then d 
should equal approximately one-third D, in which case maximum 
torque would equal 0*0388 PfiD'K 

The energy-absorption capacity of the single-plate clutch varies, 
but a safe figure, provided the fabric is compressed and is of the 
asbestos-base type, is 25,000 to 30,000 ft. Ib/in- of facing, so long 
as the temperature remains below 450'' F. Surface velocity also 
should not exceed 6,000 ft/min at the effective radius, whilst the 
pressure upon the lining face should not be more than 12 Ib/in'*^ if 
long life is to be obtained. 

The quality or grade of friction lining must be carefully considered 
in conjunction with the material it is running against. The rate of 
wear and the permissible unit pressure for the lining chosen must 
also be the subject of the most careful scrutiny; for instance, a 
fibre lining should not be used where temperatures are likely to 
exceed 220'' F, nor should any liner which does not consist of an 
asbestos base be considered for temperatures exceeding 350'' F. 
Such fabrics are most likely to char at higher temperatures. It is 
therefore desirable to specify material for the rubbing parts to 
possess sufficient thickness to absorb heat units generated, whilst at 
the same time the external surfaces must provide the maximum area 
for heat radiation. 

Generally, within the limits of permissible surface loading, the 
rate of wear is directly proportional to the work done at constant 
temperature, but above the recommended temperature for the chosen 
liner the rate of wear bears no proportionate value to any further 
increase. Therefore the two factors which will determine the liner 
dimension will be the ratei of dissipation of energy and the normal 
operating temperature. 

A clutch for average duty will give satisfactory service if the design 
is based on a mean rate of energy dissipation of 6,000 ft. Ib/in^ of 
liner area. 
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The means of liner attach¬ 
ment to plate must be capable 
of carrying the total torque 
to be transmitted and thus 
the load on each rivet must 
be ascertained. An empiri¬ 
cal formula which has been 
evolved, using a factor of 
safety of 3 for each rivet 
for automobile clutches is 
the square root of the pro¬ 
jected area of rivet multiplied 
by a constant or 1,550VA. 

The slipping speed and 
correct unit pressure call 
for careful consideration, as 
the temperature of the rub¬ 
bing parts must be kept as 
low as possible. For slow 
slipping speeds, of course, 
the pressure may be in¬ 
creased, and reference to 
Fig. 87 shows the approximate relationship between the two 
values. 

To calculate the pressure in Ib/in- of liner area the following 
expressions are sufficiently accurate: 

Fig. 87 -Slipping speed/unit pressure curve 

Torque to be transmitted T — 

Tangential effort E 12T 
R 

Total lining pressure^ P E 
/A X n 

HP X 5,250 
r/min 

where R - mean radius of 

lining (in). 

, where {m - lining friction 

co-efficient and n 

number of linings. 

Lining pressure Jb/in- __ p ^ ^ , where A ^ area of clutch 

lining (in). 

The slipping speed is calculated from the speed at which the power 
is to be transmitted and the mean diameter of lining or 

X r/min = ft/min. 

Fig. 87 is plotted on the basis of one lining and if two are fitted then 
the figure obtained for unit pressure must be halved. It is useful 
to compare the friction coefficient of different linings: 

Ferodo RADII - dry 0*28 
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Ferodo RAD5 - lubricated 0-1 
Ferodo MR ~ dry brakes 0*35 ] may be used with materials 
Ferodo MR - dry clutches 0-30 i with Brinell as low as 150. 

The necessary application of axial force applied to the plate is 
usually by a series of coil springs of small diameter, although in 
some designs a large conical spring supplies the load. Alternatively 
several nests of two springs each, housed in a suitable cup, perform 
very satisfactorily. Jt should be borne in mind that the peripheral 
coil springs are subjected to centrifugal force in addition to their 
main function. The basic formulae for round-wire helical springs are 
quite straightforward and are, where 

d diameter of wire (in) 
R - ” mean radius of coil (that is to centre of wire) 
N number of coils active 
C = modulus of transverse elasticity 11 *5x10^’ 
K = stress intensity (10,000 to 12,000) 
W — maximum safe load (lb) 
F === compression or extension of spring (in) 
S = maximum safe fibre stress (Ib/in^) 
G torsional modulus of elasticity 
P applied load (lb). 

Note: S may be taken as 60,000 Ib/in^ for springs working under 
abnormal temperatures, 80,000 Ib/in^ for normal conditions and 
100,000 Ib/in^ for applications not subjected to large stress 
variation. 

G == 12,000,000 for i in diameter wire and over 
12,500,000 for in to i in diameter wire 
13,000,000 for under ^ in diameter. 

Rate 
Cd" 
NR'" 

Maximum safe load w Kd" TrSd* 

16R 

Compression of spring F 

Total number of coils 
Dead length 
Weight of spring 
Weight of spring for 

surge frequency only 

_ 16NPR 
Gd^ 

== N + 1-5 
- d X (N -f 1) 
-= 0-7d2 D (N + 1-5) 

= 0-7d2 DN 

Surge frequency I^te 
Weight 
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Table 6 

Table of Constants for Helical Springs 

of Round-steel Wire 

1 

d
 

Kd 1 Cd K 

6 105-5000 i 244-61560 14,928 
7 82-7300 172-65600 15,184 
8 63-2500 117-96480 15,440 
9 46-7600 77-24160 15,696 

10 1 33-5000 ; 48-38400 15,952 t 

11 25-1800 32-57280 16,144 
12 18-3700 21-06000 16,336 
13 12-8500 12-88368 ' 16,528 i 
14 j 8-5620 7-37280 16,720 
15 6-2840 4-83400 i 16,848 
16 4-4470 i 3-01824 16,976 
17 3-0030 1 -77000 17,104 
18 ' 1 -9050 0-95560 17,232 
19 1-1110 0-46080 17,360 
20 0-7769 0-30196 17,424 ; 

In the case of nested springs the treatment and calculations are 
somewhat different. It will simplify matters at a later stage to 
consider the nest as possessing no clearance between coils of the 
inner and outer springs, and 
of course it is understood that 
in order to avoid jamming 
the coils must be wound right 
and left hand alternately (see 
Fig. 88). 

The stresses are expressed 
in terms of functions of spring 

index ^ C. For a given 

deflection 8 the most econo¬ 
mical nest will have equal stresses and equal solid length, in which 
case the indices C will be similar for all springs in the nest. If 
the outer diameter is represented by symbol Dq then in terms of 
Do the wire and coil diameters will be 

, 1 . ■ i . . 1.. rH r. ,vrs—.1 aB a K 
B wa RflHlHHI n R 

i ■ IHHBMBHHi m i L/2 

r ‘'1 n 
-D.- 

Fig. 88 

Do 

I+■ 

and do = 

P 
d 
p 
d 
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and Di 

where d 
D 

D 
X Do 

and Do = 

JD 
d 

+ 1 
D 

d 
D 
d ‘ ^ d 

cross section of wire 
mean diameter of coils. 

+ i 

D 
d 

D 
d 

Do 

I- 1 

The stiffness of the nest will be, since solid length and 
D 
d . 

stant for both springs, 

are con- 

S 2 
Gd^ 
8nD3 

where G modulus of rigidity of 11 *5 \ 10*'lb/in“ 

or S GDo*^ 
32L 

2N 

notation for which L solid length of spring and N number of 
springs in the nest. The stiffness or rate of the springs will of course 

d^ 
vary as d^, whilst the total load P multiplied by be earned 

by an individual spring. 

The stress is therefore constant for all springs in the nest and if 
f == stress 

then the value will be f 

D 
8P d 

which can be evaluated f^ 
ttDq^ D 

d 

If this expression is combined with that for stiffness 
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N = 1 N - 2 N - 1 N -- 2 

0 084 0*082 43 ' 10*0 40 
--- 

0132 5 0*125 4 14*0 4 12*5 
0137 5 0*129 4 14*4 5 12*9 
0142 5 0.133 5 14*9 5 13*2 
0*147 5 0*138 4 15*4 5 13*6 
0*152 5 0*142 5 15*9 4 13*9 

0*157 5 0*147 4 16*3 5 14*3 
0*162 5 0*151 5 16*8 5 14*7 
0*167 5 0*156 4 17*3 5 15*0 
0*172 5 0*160 5 17*8 6 15*4 
0*177 6 0*165 4 18-4 5 15*8 

0*183 5 0*169 5 18*9 5 16*2 
0188 5 0*174 4 19*4 5 16*6 
0*193 6 0*178 5 19*9 6 17*0 
0*199 5 0*183 5 20*5 5 17*4 
0*204 5 0*188 4 21 *0 6 17*8 

0*209 6 0*192 5 21*6 5 18*2 
0*215 5 0*197 5 22*1 6 18*6 
0*220 5 0*202 4 22*7 6 19*0 
0*225 6 0*206 5 23*3 5 19*5 
0*231 6 0*211 5 23*8 6 19*9 

0*237 5 0*216 1 5 24*4 6 20*3 
0*242 6 0*221 4 25*0 6 20*7 
0*248 5 0*225 ! 5 25*6 6 21*2 
0*253 6 0*230 1 5 26*2 6 21*6 
0*259 5 ' 0*235 5 26*8 6 22*1 

0*264 6 0*240 5 ■27*4 6 22*5 
0*270 6 0*245 5 28*0 6 23*0 
0*276 5 0*250 5 28*6 6 23*4 
0*281 6 0*255 4 29*2 6 23*9 
0*287 6 0*259 5 29*8 6 24*3 

0*293 6 0*264 5 30*4 7 24*8 
0*299 5 0*269 5 31*1 6 25*3 
0*304 6 0*274 5 31*7 7 25*7 
0*310 6 0*279 5 32*4 6 26*2 
0*316 i 6 0*284 1 5 33*0 7 26*7 

0*322 6 0*289 5 33*7 6 27*2 
0*328 6 0*294 5 34*3 7 27*6 
0*334 1 6 0*299 5 35*0 7 28*1 
0*340 6 0*304 5 35*7 1 6 28*6 
0*346 6 0*309 5 36*3 1 7 29-1 
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Three functions for spring index and number of springs can now 

be chosen such that Co which are functions of ^ and N the number 

of springs in nest equal. 

-^0 

/s 

Do /f 
V p - Co. 

Note, C3 (if three springs) would equal 

are given in Table 7 : 

Values of C, and Cj . 

C,=^ 

Now consider clearance is allowed between springs and springs 
and housing, and let notation a represent the clearance factor, 

whilst further notation is shown in Fig. 89. Then clearance at outer 

diameter of outer springs between the outer of 

the inner spring and the inner 
diameter of the outer spring 

= ('2“ “)(d,-t-d2). Should 

there be a third spring in 
the nest the last part of the 
expression will be substituted 
t>y (dg + dg) and will be- 

come 2a *) 
In the figure the dotted 

lines represent nominal springs having wire diameters of d'l, d'g, 
in which the connection between the actual and nominal dia¬ 
meters are expressed by the equations d^ = ad'j, dg == ad'g. 

The spring index ^ C is therefore modified to become C' and 

equals C' ^ aC or a ^ and if P' S' f' nominal spring notation 

replace P S and f for the actual springs having the same de¬ 
flection a 

p 
P' will equal - . 

a® 

Fig. 89-Nested springs 

S' will equal 
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If these modified values are utilised in the design of nominal springs 
with no clearance and wire diameters at d'g, etc., the actual 
springs will possess wire diameters ad'^, ad'2, which will correspond 
to the actual values of P, S and f, although the actual stress will be 
slightly on the low side, a for wire diameters of I in, or 10 S.W.G. and 
over, will be found suitable at 0*9, decreasing as the gauge decreases 
to 0-7 in the smaller gauges. 

For circular-section springs manufacturing tolerances must be 
allowed in order to compensate for the variations in wire diameter 
and material. Should the spring rate necessitate close limits of, say, 
± 4 or 5 per cent, a nominal value only for the number of coils 
should be specified, but if it is necessary to specify all the spring 
dimensions nominal values only of the spring rate must be acceptable 
in the order of 12 per cent tolerance up or down. The value of the 

spring index C or ^ for circular sections should lie within the range 

of 3-5 to 8, according to the required stiffness value, and in the case 
of circular section wire 6*0 is a good average. 

It is, however, conclusive that the best cushion design depends upon 
the vehicle characteristics, as some vehicles have a greater inclination 
to chatter under light torque than others, in which case a soft initial 
cushion is desirable. On the other hand, the vehicle may exhibit its 
worst tendency to chatter under heavy plate load and high torque, 
and in this event it is essential to have the deflection rate as low as 
possible. Since the initial spring deflection rate is stiffer, the final 
deflection rate will be softer for the same total cushion. 

The choice of material for helical-coil springs depends to some 
extent upon the wire diameter. Generally, hard-drawn wire is 
specified for diameters up to I in and a carbon or alloy steel rod for 
diameters over | in, so that between the section of J in and | in 
diameter the choice is at the discretion of the designer. STA 2a and 
ST A 2b, both carbon or alloy steel rod, are suitable for the larger 
sections, but the former withstands slightly lower stresses than the 
STA 2b, which is a silicro-manganese steel; STA 2c is a chrome- 
vanadium steel and there is little to choose between this and 2b. 
STA 2a is in a slightly lower category and can be used in designs 
wherein the stresses are not too high and the torsional elastic limit 
does not exceed 100,000 Ib/in^. 

With regard to the permissible stress, it is not merely dependent 
upon the maximum stress at full compression, but upon the material 
and performance required, and should be considered as a ratio of 
maximum to minimum stress, or the difference between the stress 
at initial load and the stress at final load, which represents the 
“ stress range Figs. 90 and 91 show the maximum permissible 
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~ f CLOSURE LIMITS 

I _loisi^N/y. 
I ELASTIC LIMITS 

STRESS RANGE 

I FINAL STRESS 

•7 .6 

•5 -4 

INITIAL LOAD 

FINAL LOAD 

stresses against the ratio of initial to final load for high and normal 
stresses for alloy steel to STA 2a or STA 2b. 

Where the stress range is less than 25 per cent of the maximum 
stress, high stresses should not be used, and for hard-drawn steel 
wires the maximum stress, which is related to the ultimate stress, 
is shown as a percentage in Fig. 92. 

For carbon and alloy steels the maximum stress depends upon the 
torsional elastic 
limit of the % 
material, which i ^ ] 
may be exceeded | closure limits -- 

for springs of ^ -[' - 
limited endurance - 
I me process ot * -' ~ ^lTstTc ums Z 

scragging is I 
adopted. ^ S 30-==^_1_I_— 

Incidentally it is g | y 
good practice to Z 30^—LJJ————M 
fit an insulator ^ 
plate between the g ^ 
^ . j j 5 10--1-- 
spring end and o stress range 

the pressure plate - .4 .3 -js 
to reduce the pos- o -i ^ ^4 rr^75 
sible effect of plate ..‘•oad, 

overheating upon 
the temper of the —Maximum/ultimiite stress ratio 

Spring material. 
The driven plate must take up the load from the driving disc 

gradually and therefore the driven plate must possess a certain 
degree of resilience in a direction perpendicular to its axis. Many 
devices and forms of plate have been evolved to satisfy this condition, 
but not all have achieved the desired result. Any design which 
tends to produce a saucer-shape friction disc causes the disc to 
deviate from parallelism in its approach towards its mating surface, 
which condition not only tends to produce chatter but actually 
accentuates any inherently similar qualities possessed by the engine 
or transmission. The essentials, therefore, in the plate design must 
provide for progressive engagement of the surfaces and parallel 
approach. 

It was at one time thought that a crimped or corrugated plate 
would ensure the necessary cushioning to permit progressive engage¬ 
ment, but it would appear that results indicated non-uniform deflec¬ 
tion of the raised portions, and consequent coning of the liners. 
Wear under such conditions commences at the outer periphery and 
gradually works towards the inner diameter of the liner. It must 
not, of course, be inferred that all efforts have been unsuccessful; 
one make at least is very popular and in this case the plate is cut¬ 
away around its periphery in a series of shapes as shown in Fig. 93, 
in which the gaps so formed are shaded. 
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All the four tongues are set to the 
same direction of deflection away 
from the plane of the main disc. 
Two tongues in each, cut away and 
diametrally opposite one another, 
are set to the same dimension of 
deflection, whilst the remaining two 
are set to a slightly lesser degree. The 
circular portion of each tongue ex¬ 
tremity lies in the same plane as the 

disc face. The linings are attached on either side of the plate, 
on one side through the two highest tongues and on the other 
side at points between the cut-away gaps. Engagement therefore 
becomes progressive; also, since the points of attachment are 
uniformly spaced between the inner and outer diameters of the 
disc, the facings are parallel to the main face of 
the disc. 

Another method of providing resilient con¬ 
nection between the fabric and steel plate is 
the adoption of cork rivets. It is claimed, for 
instance, that a continuous face is obtained 
free from rivet recesses and the increased 
torque-transmitting capacity is consequently 
considerably increased. Fig. 94 illustrates this 
construction, the spring steel plates affording 
axial flexibility, due to their separation at the 
inner diameter by a distance disc. This spacer 
washer increases the disc thickness at the inside 
diameter by springing open the plates and it 
is at this point that initial engagement takes place. The disc 
gradually closes as pressure increases, until under full pressure 
the discs are parallel in thickness. The opposite procedure takes 
place during disengagement and absence of drag is therefore ensured. 

Still one more example of cushioned engagement and parallel 
approach is provided by the arrangement 
as shown in Fig. 95. In this arrange¬ 
ment two plates are employed, as in the 
previous type. In this case the plates 
are parallel and are spaced at the outer 
diameter by several five-pronged dished- 
steel stars which surround each com¬ 
pound rivet. Each star is alternatively 
fitted so that the points are in contact with 
the opposite plate. 

Incidentally, this arrangement permits 
a flow of air between the plates, which it 
must be conceded is a decided advantage. 
Under engagement the spring-steel star- 
pieces are depressed so that the minimum 
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width can be predetermined, and by varying the size and quantity 
of these discs the end load may be calculated so that it is in pro¬ 
portion to the engine torque. For heavier clutches these initially- 
loaded discs are fitted in two rows. The riveting of the fabric is 
interesting as it comprises a copper centre, pressed into position, 
whilst the head is supported on an anvil and the open end enlarged. 
From its construction it will be seen that it is impossible to over-rivet 
and consequently crush the liner. 

Various engines and transmissions possess, of course, various 
characteristics and it is some¬ 
times necessary to eliminate 
or break up torsional vibra¬ 
tions emanating from these 
sources. One such device 
consists of the introduction of 
a series of coil springs mounted 
round the periphery of the 
clutch plate. See Fig. 96, 
in which any angular move¬ 
ment of the disc relative to 
the clutch centre causes sliding 
motion and consequently has 
a damping effect upon any 
torsional vibration at the crankshaft end. The springs should be 
carefully calculated as it is essential that they carry the full torque of 
the engine, and they must be capable of long life without failure due 
to fatigue. They must also be designed to suit the particular car 
characteristics. 

Rubber, with its unique capacity to absorb vibration, has also been 
used as a clutch centre. In this respect, and in order to obtain the 
best results, the rubber must be so arranged as to be protected from 
excess heat, whilst it should be initially compressed so that it may 
withstand high stresses. However, the material should be arranged 
if possible to be uniformly stressed throughout its volume. There 
are many varying forms of these basic applications. With these 
resilient means of reaction it would be possible to provide that the 
axial thrust on the friction surfaces be applied in an ascending ratio 
by utilising the centrifugal force, in some way applying its magnitude 
through the toggle levers. It would then be possible for the 
clutch to remain in engagement during deceleration until the speed 
falls to a value equal to, or below, that at which initial engagement 
is effected. 

Another example of the use of rubber to form a resilient clutch 
centre is shown in Fig. 97. The centre consists of an inner and 
outer cam plate, between which is interposed rubber, which has been 
bonded to each of these steel cams, by special bonding process. On 
the flanks of the points the rubber is relieved by air gaps. These 
gaps are for the relief of local stress concentrations. In Fig. 97 A 
shows the coupling at rest and B denotes the effect upon the elements 
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of the centre when the 
resistance of the outer 
member exceeds the 
torque upon the inner 
cam. 

The flanks at points 
of the inner cam have 
moved rotationally in 
relation to those of the 
outer cam and the 
rubber insert has been 

placed partly in shear and partly in compression, whilst the short 
portions between the radial flanks are in tension. These types of 
stress are reversed upon overrun and thus provide a different load 
characteristic. 

It is possible to design the clutch centre so that the rate of resistance 
rise is rapid or slow, with various load characteristics, by shaping 
the cams to control the possible combinations of shear, compression 
and tension. For instance, if the flanks of the cam points are 
symmetrical on both sides, the characteristics will be similar 
for either direction of relative rotation. The rubber insert is 
shaped as shown in Fig. 98 so that the material is evenly stressed 
throughout. 

In this coupling the resistance to compression as a result of high 
torque varies approximately as the torque 
and enables the rubber to withstand possibly 
greater shear stresses than apply in the 
ordinary shear-type coupling. 

One of the fundamental features of a 
clutch is that it should be capable of 
balancing engine-torque and road-traction 
requirements, and that it cannot be sub¬ 
jected to destructive slip. Such a condition 
is very difficult to achieve in the normal 
pedal-operated clutch. It is also desirable 
that the clutch should act as a shock absorber in the transmission, 
and should not become fully loaded suddenly. In contrast to the 
designs which have sought to achieve this objective, through the 
construction of the clutch-plate attachment to the friction lining, 
automatic devices have been produced which claim to produce 
varying pressure upon the friction surfaces in accordance with and 
proportional to the speed of revolution of the engine. 

The use of centrifugal force in conjunction with weighted bell- 
crank levers suggests a solution, but until recently most of such 
designs possessed the inherent difficulty that unless the engine be 
running and be revved up to engagement speed, the clutch could not 
be engaged. Such difficulties have been overcome and one successful 
arrangement provides for the inclusion of centrifugal weights mounted 
in the flywheel which under the influence of revolution operate 
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Fig. 99—(A) When engine is running the pawls fly outwards and are kept in position 
by centrifugal force; (B) when engine is stationary and the clutch pedal depressed, 
the pawls are disengaged; and (C) when the pedal is released the clutch is engaged 

bell-crank levers arranged in such a manner that they operate the 
pressure plate and thus the friction plates. 

The mechanism possesses most of the usual single-plate clutch 
components, but an additional set of coil springs is interposed 
between the pressure plate and the spring plate, their function being 
to ensure the assembly of pressure plate and spring plate moving 
away from the flywheel when the engine is running at idling speed, 
so that the clutch is automatically disengaged. Reference to Fig. 99 
will also make clear the method of centrifugal-force application. 
Three pawls are pivoted on the spring plate and light springs tend 
to keep the pawls out of engagement, although not strong enough to 
prevent the force, even at idling speed, from moving outwards against 
the studs and becoming trapped by the pillar studs should the engine 
be switched off. 

SPECIAL CLUTCH DESIGNS 

By utilising centrifugal force to increase plate pressure with 
increase of engine speed, it is natural to expect light pedal pressures 
at engine idle speeds if light-pressure plate springs are adopted. 
However, in the majority of such designs this advantage is practically 
nullified at high engine speeds on account of the combined effect of 
spring pressure and centrifugal force which must be overcome to 
provide clutch release. Most of such types of centrifugal clutches 
possess the inherent disadvantage that they depend upon engine 
speed for engagement or disengagement. The introduction of 
hydraulic, electric and pneumatic control have not entirely eliminated 
all production difficulties, although certain types of air-operated 
controls, using manifold vacuum as a source of power, have achieved 
a certain degree of success. Most of such systems fall within one 
of three categories: 
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(1) Balanced or pressure-sensitive types. 
(2) Balanced cushion with variable bleed. 
(3) Follow-up type valve. 

Number 1 category permits the driver to change gear without the 
use of the clutch pedal, which is, however, retained for its use in smooth 
engagement during cold starting. In Number 3 type, clutch engage¬ 
ment is regulated only by accelerator-pedal movement, and con¬ 
siderable skill is required to secure smooth engagement in all gear 
ratios. The design is not intended to eliminate the use of the clutch 
pedal, but to reduce the number of operations required. Type 
Number 2 is the simplest form of construction and incorporates a 
cylinder-and-diaphragm type piston, a control valve and a governor 
switch, throttle switch and overruling switch. 

Reverting to the pressure-sensitive type : In this system the speed 
of air bleed into the vacuum cylinder controls the rate of clutch 
engagement. It is independent of the manifold vacuum and therefore 
clutch engagement is not affected by variation in this value. The rate 
of air bleed is controlled by a primary regulator valve interconnected 
with the accelerator pedal and throttle opening. To augment this 
control when starting up in low gear solenoid-operated valves are 
incorporated. This system of control ceases to function at speeds 
above approximately 15 m.p.h. as there would otherwise be a tendency 
to freewheel above this speed. Provision to overrule the governor is 
necessary in order that gear changes may be made out of top gear 
above the governed speed, whilst to secure braking downhill when in 
second gear a lockout switch is brought into operation. These 
automatic controls form a somewhat elaborate system, which must 
be serviced and kept in perfect order, otherwise the system ceases to 
function properly. 

The system of balanced-cushion vacuum control is much more 
direct. It comprises an integral power cylinder and control valve, 
the piston being fitted direct to the solenoid valve and regulator 
valve. The energised solenoid valve is opened to manifold vacuum 
with the accelerator pedal in the engine-idle position, below any engine 
speed at which the governor maintains the electrical circuit to energise 
the solenoid. At the same time that manifold vacuum is admitted 
to the power cylinder it is also admitted to the regulator, against the 
spring-load action upon the diaphragm which, although less than 
the force exerted by the full vacuum, does not allow the regulator 
valve to open, since the regulator diaphragm is vacuum suspended 
when the clutch is in the released position. Movement of the 
accelerator pedal breaks the energising circuit to the solenoid valve 
whilst, as the throttle opening increases with further pedal depression, 
the bleed-valve orifice also increases with consequent quick engage¬ 
ment for full open-throttle acceleration. This system, as in the 
pressure-sensitive type, incorporates a governor switch to prevent 
freewheeling above agreed speeds, and an overrule switch to permit 
gear change in excess of these speeds (see Fig. 100). 
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The follow-up type of 
control also employs a 
cylinder, but in this case 
the control valves are 
incorporated in the 
piston rod, which in 
turn is connected to 
the accelerator pedal 
through a toggle link¬ 
age. This linkage also 
forms the connection 
between the clutch- 
release shaft and piston 
rod. Accelerator-pedal 
movement closes the 
cylinder to atmosphere by the valve-rod movement, which opens 
certain ports, permitting a pressure balance on both sides of the 
piston. The vacuum ports are sealed off since the speed of piston- 
rod movement is greater than that of the valve rod, and in 
consequence the piston-rod ports overtake the valve plunger, the 
resulting follow-up action taking place throughout the stroke. 

Should movement of the accelerator pedal close before full 
engagement the piston-rod valve will check engagement. It is for 
this reason that considerable skill is required to secure smooth 
engagement in all gear ratios, since the rate of clutch engagement 
varies with the gear ratio in which engagement is taking place, when 
once the cushion point has been reached. 

THE GEARBOX 

The maximum torque which a gear will transmit is known to be 
proportional to the square of the tooth thickness at the base, and 
also to the face width and pitch diameter. It is inversely proportional 
to the height of the tooth. Similarly the torque capacity of a gear set 
varies as the cube of its linear dimensions. Of these dimensions, (a) 
the shaft-centre distance and (b) dimensions between bearings, are 
two of the most important (see Fig. 101). 

In the original gearbox layout, a fairly accurate start can be made 
3 _ 

by assuming the shaft-centre distance conforms to 0'5\/T in, or 

0*8\/T (the former for private cars, and the latter for trucks) and 

'the hearing centres l*2vT—T-SyT m, T being maximum engine 
torque in Ib/ft. This latter dimension naturally depends finally upon 
the gear-face widths and gear movements and, instead of tedious 
calculations in the initial stages of design, an approximation of face 

width may be taken as represented by the expression where 

L = maximum permissible load on tooth at pitch circle and 
p — normal diametral pitch. 

Fig. 100—Balanced cushion-type vacuum 
control 
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K is a constant— 
11,000-14,000 for the first reduction gear in a four-speed box 
14,000-16,000 for third speed 
16,000-21,000 for second speed 
26,000-30,000 for first speed. 

For a five-speed box these figures are slightly revised to— 
13,000-15,000 for fourth speed 
15,000-17,000 for third speed 
20,000-22,000 for second speed 
26,000-30,000 for first speed. 

The diametral pitch is determined by the centre distance, the ratios 
required, and the helix angle of the tooth, bearing in mind that none 
of the main wheels should have less than, say, fifteen teeth. Under the 
section “ Vehicle Performance ” the question of suitable gear ratios 
is discussed, together with the selections according to geometric 
progression. The total number of teeth in any two pairs of mating 
gears is usually the same. There are three implications of this— 
that the helix angle is the same for all pairs of gears; that the 
diametral pitches are different in each pair to compensate for any 
difference in helix angle, or, finally, that spur gears are adopted. 

In the choice of helix angle two considerations should be borne 
in mind, (a) that it is desirable that the circular helical advance over 
the face width should be at least equal to the circumferential pitch 
in order that tooth contact is maintained on the pitch line at some 
point, and (b) that the thrust load emanating from the first reduction 
set should not be substantially exceeded by thrust from the other 
gear sets, as these thrusts are in the opposite direction and therefore 
approximately cancel out. 

So much has been written and so many excellent works are available 
regarding tooth data, profiles, strengths and calculations, that it is 
considered desirable that the designer should consult his chosen 
volume, as the subject cannot be treated adequately within the 
confines of this restricted space. 

One point, however, is worthy of note, since one of the major 
requirements of gearbox design concerns quietness of running and 
maximum efficiency. These conditions can be achieved if the selected 
gear teeth are “ corrected,” that is if the addendum is increased and 
the dedendum decreased in the pinion and vice versa in the wheel. 
It is necessary 
to examine the 
tooth action to 
appreciate the 
utility of this 
operation. Re¬ 
fer to Fig. 102. 

The pinion 
tooth in Fig. ssspfitf 
102 shows a 
partly-destroyed 102 
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dedendum above the base-circle diameter. The extent is marked by 
letter X and any point below this position cannot make contact with 
the tooth in the wheel. The shaded portion of the wheel tooth repre¬ 
sents the redundant material which could be removed without affecting 
tooth action. Correspondingly, the dedendum of the pinion tooth 
could be reduced, which would automatically increase its strength 
in addition to eliminating some of the tooth undercutting. However, 
continuity of action must take place and before disengagement of one 
tooth another must engage. The distance along the line of action XY 
is equal to the circular pitch on the base-circle diameter, or 

^ , Pitch circle diameter x tt x cos pressure angle 
Base pitch = Number of teeth - 

, Pitch circle diameter x tt 

Circular pitch =- dumber of teeth 

For this continuity of action, the line contact XY must be greater 
than the base pitch and the more teeth in action at one time the less 
the stress in the gear teeth; this is graphically represented by the 
ratio of the length of line XY to the base pitch. 

Fig. 102 shows the “ corrected ” profile, in which full advantage 
has been taken of the tooth cut to standard depth, so that no part 
of the wheel tooth works with any part of the pinion tooth other than 
where the profile is true involute, which now extends to the base- 
circle diameter. With the eliminatfon of undercutting the strength 
has also been considerably increased. In order to analyse the type 
of contact at various positions on the tooth flank, divide the working 
face of one tooth into a number of equal divisions and transfer to 
the mating tooth the portions with which each works. 

Reference to Fig. 103 shows that at 
the pitch circle only are the divisions 
equal and that only rolling therefore 
takes place at this point. At the tip 
of the wheel tooth portion 1 exceeds that 
of point 1 on the pinion tooth, illustrat¬ 
ing that sliding takes place at the lower 
part of the tooth flanks. Obviously 
wear is greatest at this point. Corn- 

Fig. 103 promise will be necessary to obtain 
the desired amount of correction to 

suit individual requirements. 
Correction coefficients for spur wheel and pinion and helical 

wheel and pinion, that is where the addendum is made equal to 
m (1 + K), m == module of cutter, K is correction coefficient, 
t === number of teeth in pinion and T == number of teeth in wheel, are 
given in Table 8. 

Before passing from tooth considerations, and whilst appreciating 
that the reduction of gear noise is of primary importance, it would 
be well to analyse the type of noise, its category and the probable 
cause. 
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Table 8 

Gear 
Number 
of Teeth 

Spiral 
Angle 

Virtual 
Number of 

Teeth 

1 

Correction Factor 

Spur Pinion t 0 t 04 (l-^) 

Spur Wheel T 0 T |lC=,-0.4{l-^)i 

'' - _ i 

Helical Pinion 
1 

i 
t I a 

1 

tsec^ a ' K 0-4 (^1 — 

1 

Helical Wheel 
^ 1 “ 

Tsec^ oc K--04(l 

Gear noises generally fall within three categories: 

(1) A ring or high-pitched whine. 
(2) A low-frequency growl. 
(3) Those emitting an irregular “ hammer.’' 

It is believed that “ bounce ” is primarily responsible for the 
majority of such noises and it is apparent under varying circum¬ 
stances; by “ bounce” is meant a rebound of the teeth in mesh. 
It is accepted that the relative velocity and angular position of two 
wheels in mesh will be correct when contact takes place at the pitch 
line, but that any profile inaccuracy produces a variation in angular 
position equal to the sum of such errors at the point of contact of the 
teeth. It follows that irregular angular velocity occurs between the 
driven and driving gear. 

Rotational speed and tooth load are controlling factors in the 
magnitude of the produced effect. Immediately the condition is 
passed, wherein the torque transmitted to the driver produces 
deceleration coincident with that produced by profile inaccuracies, 
separation of teeth occurs, and contact is only restored through 
impact. The resulting rebound causes the hammering noise in 
category 3. This^ of course, depends somewhat on the allowable 
backlash, and such a pair of gears can quite probably run quietly 
up to the speed at which separation occurs. 

Even when the growling noise appears separation may be in 
evidence, but noise in this case may be due to local pitch errors,.when 
the frequency of the noise would be equal to the number of revolu¬ 
tions of the wheel. The difference in type of noise is explained by the 
fact that the bounce may be damped out entirely before there is 
further impact. Eccentricity of bore could produce this noise by 
causing a constant repetition of relative pitch and profile error 
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However, on the other hand, should the gear be running in constant 
mesh, under no load or light conditions, bouncing might occur and a 
prolonged rattle with no definite period being the result. 

One of the main causes of “ whine ” is gear web or nave weakness, 
or a vibration of web brought into action by the general finish of the 
gears and rough spots on the teeth. The presence of lubricant between 
tooth faces, of course, damps out the natural vibration to some extent, 
and thus contributes to a quieter running gear. 

Internal Gears : Fundamentally, external-gear and internal-gear 
systems differ in one respect only, that of base circles, in which 
those for the external gears lie on opposite sides of the path of tooth 
contact, whereas in the case of internal gears the base circles for 
both mating wheels lie on the same side of this contact line. It will 
be appreciated that the internal gears have a greater length of pressure 
line, and consequently the arc and duration of contact is longer, 
whilst the amount of overlap between meshing teeth is increased. 
Moreover, the internal-gear tooth possesses a difference in tooth 
curvature between contacting surfaces which results in greater bearing 
area. This is due to elastic distortion across the tooth face when 
under load. 

The sliding velocity of the internal gear is also less than that for a 
similar external pair. In view of these qualities, it will be seen that 
a greater amount of correction is possible with the internal-gear 
tooth, which, whilst strengthening both teeth, permits contact to 
take place where the radius of tooth curvature is a minimum. 

One of the points on the debit side of internal gears is that of 
interference which occurs at the tip of the pinion whilst passing 
through the internal addendum circle of the wheel. It is not advisable 
in ordinary application to mesh two internal gears of standard 
tooth form if the difference in tooth numbers is less than twelve. 

In special circumstances, however, the difference may be reduced 
to even one tooth, but this demands a degree of correction which 
removes the whole of the arc of contact for some distance beyond 
the pitch point. 

INTERNAL TEETH 

Before leaving the design of the gear teeth, a word should be said 
concerning the internal teeth of the gears used for dog or clutch 
purposes as exemplified in the constant-mesh pinion and elsewhere. 
It is seldom found that these teeth are generated as an internal- 
gear profile; more often the method employed is that of drilling 
and cleaning with a cutter having the same number of teeth as 
the clutch. 

In common with other internal gears, the bore of the internal gear 
must be at least equal to the base-circle diameter, whilst without 
affecting the strength of the gear it may be opened out to the pitch- 
circle diameter. The strength of such an internal dog or clutch 
depends primarily upon the strength of the teeth in shear; thus where 
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F load at pitch line 
(lb) 

r = radius of dog (in) 
W ~ width of the in¬ 

ternal gear 
f = safe shear stress 

(lb/in2) 

F = 77 r Wf. 

PINION TOOTH PINION TOOTH 

Fig. 104—Internal dog teeth 

The diameter of drill hole is fairly standardised for various tooth 
forms, for instance with a 20° stub or 20° full-depth tooth, the 
following table may be adopted, whilst the minimum width of working 
tooth has been found by experience as in Table 9. 

Lubrication of the gears is a most important feature, and should be 
studied carefully. The main characteristics of the chosen lubricant 
should be: 

(a) Must be capable of thorough distributive flow through all ball 
bearings and small holes or passages, and must have no 
corroding effect on parts with which contact is made. 

(b) Should be of such character and body as to minimise power 
loss through churning, and should offer minimum resistance to 
gear-change mechanism. 

(c) Should be capable of exerting a washing action on gear teeth, 
etc., and possess properties for maximum heat absorption and 
dissipation. 

(d) Must have a consistency such as to prevent leakage under 
normal conditions. 

The effect of lubrication upon the output efficiency depends upon 
several factors. It would appear that excessive quantity has con¬ 

siderable effect, as also does 
that of an oil having too high 
a viscosity. Concerning the 
quantity desirable, it should 
be appreciated that the 
greater power loss occurs 
(due to excessive amount) 
in the direct-drive position. 
It occurs, however, in all 
gears and increases until 
the gears are completely 
covered. The loss is doubt¬ 
less due to cavitation or oil 
churning, in other words 
reduced equivalent wheel 
immersion. The passages so 
cut by the wheel are filled 
either with air or lubricant 
at a higher temperature 

20 stub or 20 full-depth tooth 

Diametral 
Pitch 

Drill 
Diameter 

Width of 
Tooth 

5 DP 9 
3 2 

9 
1 6 

6 DP 1 5 
*64 

7 
1 6 

7 DP 1 3 
64 

8 DP 1 1 
64 Te 

9 DP 6 
32 

9 
32 

10 DP 9 
64 

1 
4~ 
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than the surrounding bulk. Adequate lubrication of the indirect gears 
is given by an oil level which immerses the teeth of one of each pair 
of gears, generally about one-fifth to two-fifths of the box volume. 

The fall in efficiency on direct drive is considerable, between 
quantities of lubricant filling the box one-fifth and three-fifths full, 
as test figures have indicated a fall of from 97-5 to 90*5 per cent, 
whilst under the same conditions third gear l^osses are from 97.2 
to 96 per cent. 

The effects of viscosity are also important as, for similar input 
speeds, a drop in efficiency for both gears, throughout a viscosity 
range varying from 200 to 1,000 Redwood seconds, has been observed 
as 95 to 93^ per cent for direct drive and third gears falls from 96*6 
to 95'5 per cent. 

The relation between efficiency, input speed and viscosity is shown 
in Fig. 105, from which it will be seen that, for normal oil filling at 
two-fifths full, direct drive is the gear affected most. The low- 
viscosity lubricant shows decreased loss of power, most probably on 
account of reduced cavitation. Tooth friction varies only slightly 
with the viscosity of the oil and is unaffected by change in speed 
if torque is constant, but such friction varies with the load trans¬ 
mitted since it is dependent upon the contact pressure between the 
teeth. It will therefore be appreciated that a low-viscosity lubricant 
is desirable, with the filler plug arranged so that the tips of the gears 
only are immersed in oil. A practice adopted during initial running- 
in is to use temporarily an excess pressure lubricant which has the 
effect of tooth polishing and in consequence the possibility of film 
breakdown is minimised when the reversion to standard lubricant 
is made. However, on the larger and heavier gear boxes there are 
considerations other than gear teeth lubrication, as exemplified in the 
oil requirements of the ball bearings, the cones of a synchromesh 

mechanism , 
and the lubrica¬ 
tion through 
the shaft centre 
of remote gears 
on sliding 
splines. In 
such cases it is 
desirable to fit 
a small auxil¬ 
iary oil pump, 
preferably 
driven from the 
layshaft end, 
when all these 
and other points 

400 500 600 700 800 900 1000 HOC reccivc a posi- 
iNPUT SPEED direct 

Fig. 105—Effect of lubricant on gear efficiency oil Supply. 
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GEAR SHAFTS 

The gear shafts are subject to stresses from combined torsion and 
bending moments and in extracting the shaft diameter from the 
formula Tj ^ R + V where T = torsional moment and 
R = bending moment, due consideration should be given to the 
effect of splines upon the strength of the shaft. 

There is a stress concentration at the base corner of the splines 
and the consequent reduction in effective diameter, combined with 
the lowering of the fatigue-stress limit, which is due to the continuous 
change of section and the broken periphery of the shaft, has been the 
subject of much study by photo-elasticity methods. It is thereby 
established that the diameter upon which 
to base calculation is one smaller than the 
base of splines. Further, there is the effect 
of torque on the spline and its transmitted 
effect upon the spline base, which renders 
it still more desirable to assume a decreased 
diameter. 

The elastic limit for a splined shaft is 
less than that of a plain shaft of diameter 
equal to the base diameter of splines. Fig. 106 
whilst shear strength is reduced, depending 
upon the number of splines, by 5 to 7^ per cent. When such a 
shaft is under torsion the sectors A and B become helices of which 
the lengths differ, although both are functions of the diameters 
A and B respectively. Measured round the helix, B is longer 
than A, the difference being 7rdB —TrdA, and thus a shearing force 
is set up along the radial lines. 

Continuous reversals of stress eventually cause the shaft to fracture, 
the fractures forming perfect sectors. Obviously the period in 
which such fractures occur depends upon the difference between the 
respective diameters D and d, and the greater the difference the 
earlier the fracture. It is for this reason that for an increased 
number of smaller splines the shaft is stronger than with a small 
number of large splines (see Fig. 106). 

A reliable practice is to use a base diameter plus 15 per cent 
increase over that found from the expression F = TJZ, when it 
will be found unnecessary to make further additions for correction 
due to shaft deflection. Many differing methods of mounting the 
layshaft gears are available and, providing there is rigidity in the 
assembly, there is little more to add, except in the type which employs 
a rigid or fixed shaft and rotating gears. 

In such a design the gear wheels are often formed in “ cluster ” 
and this arrangement is somewhat open to debate. Apart from any 
production difficulties the problem of gear noise again arises. Tooth 
inaccuracies will produce noise on one gear which must inevitably 
be transmitted through the layshaft train and become operative on 
the other gears. The effect cannot be accurately computed, but it is 

145 



AUTOMOBILE CHASSIS DESIGN 

highly probable that any whine or ring may eventually become 
resonant throughout the whole system. It is possible that a break 
is desirable in the continuity of the gear bosses as it has been found 
in many cases that it splits up the medium through which sound may 
be transmitted. 

Such calculations as are required for the determination of bearing 
loads and shaft deflections are straightforward and need no explana¬ 
tion. They are, however, set out under their appropriate heading 
in the section devoted to formulae. 

The gearbox casing contributes much to the general success or 
otherwise of the design. Rigidity is its first essential, as it is subjected 
to torsion from the reaction which it transmits to its point of attach¬ 
ment either to engine or frame. The value of this load is equal to 
T (Er ~ 1) where T engine torque 

r ^ reduction ratio 
E == gearbox efficiency 

and the highest value is therefore in reverse gear. Should the 
casing become distorted under load, shaft misalignment will have 
considerable effect upon the meshing of the gears. 

It is worthy of note that the material surrounding the bearing 
housings is subject to tensile stress in many directions, and the 
available material should therefore be apportioned accordingly. 
Precautions must be taken to avoid resonance, and it would appear 
desirable to break up any flat surfaces by the introduction of suitable 
ribs. 

PLANETARY TRANSMISSIONS 

Many of the problems which arise with the two-shaft gearbox are 
eliminated by the epicyclic or planetary-type arrangement of gears. 
There are two basic types of such transmissions, that consisting of 
spur gears entirely and that which employs internal gears. The 
latter type is illustrated by Fig. 107, the sun pinion A or the driving 
member being attached to the input shaft of the transmission. The 
planetary pinions C, of which there may be two, three, or more, 
mesh with this gear, and also with the internal gear B, and are 
mounted on a planet carrier, concentric with the input shaft. If ring 
B be rendered stationary by mechanical means and pinion A is 
rotating clockwise, the pinions C will roll on the internal gear in 
clockwise direction, whilst rotating in an anti-clockwise direction 
about their own axes. The planet carrier D then possesses the 
same directional rotation (clockwise) as the driving member, but 
at a reduced speed. If it is desired to increase this speed, the output 
shaft is locked to the driving shaft or gear A. This forms a direct 
drive. 

The calculation of speed ratios, which is the ratio between the 
number of turns made by the arm D and the number of turns made 
by the sun wheel, is similar to that for ordinary gear trains. If the 
pinions make one complete revolution about the driving-shaft 
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centre, they will also be re¬ 
volved about their own axes g 
to the extent of ^ By calcu¬ 

lating the motion of the sun 
wheel A which is required to 
produce each of these plane¬ 
tary wheel motions and add¬ 
ing them together, we obtain 
the number of revolutions of 
A to provide one revolution 
of carrier D, which represents 
the gear ratio for that partic¬ 
ular train. 

The first motion of the 
planetary gears, that around 
their own axes, is expressed as 

- X - = -* For the second me 
c a a 

i, that of one complete revolution 

in the same direction as that necessary to produce the first motion 
of the pinions, the sum of the two is 

^ 4-1 = 

a a 

This is the reduction ratio of the gear set. 
Now if it is presumed that pinion A is held against rotation and 

load taken off carrier D, the power being applied to ring B, the 
carrier will revolve in the same direction as B. If also the planetary 
gears with their carrier make one complete revolution, then by rolling 

around the sun wheel the pinions turn on their own axis To pro¬ 

duce these two motions the angular motion of the internal gear for 
one revolution of the carrier D is 

This assembly comprises three members, the sun gear, the ring 
gear, and the carrier, each one of which can be held against rotation, 
so that six combinations are possible as power can be transmitted 
between the two remaining members. Two of these combinations 
are reducing gears, namely sun gear to planet carrier and ring gear 
to planet carrier, and two are step-up gears, namely planet gear 
to sun gear and planet carrier to ring gear, whilst the remain¬ 
ing two combinations are reverse gears, one step down and one 
step up. 

Compound Planetary-gear Set: Fig. 108 illustrates a mainshaft or 
driving shaft upon which two sun wheels are attached rigidly, with 
two ring gears and two planet carriers to form a compound planetary 
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by sun wheel is 
d 4 a 

a 
+ ai 

set. The reduction ratio from 

A to C and thence to is ^ ^ 
a 

and when the ring gear of the 
first train D is restrained from 
motion, the gear becomes a low 
forward gear. In the second 
train A^ D4 A^ and 
are in motion, and consequently 
transmit motion to carrier C\ 
the total motion being the sum 
of those which would be con¬ 
veyed to it if ring gear were 
stationary and A^ described 

^ ^ turns, also if sun gear A^ 

were held stationary whilst ring 
gear made one turn. 

The motion imparted to 

a^ (d + a) 
a (d^ 4 a^) 

d 1 --1 1 
As the reduction from to is and D’ makes one revolu¬ 

tion the motion imparted to by ring gear is 

1 
d' 4- a' 

di 

d^ 
id^ 4 aO' 

Total motion equals the sum of these two expressions 

a^ (d 4 a) + ad^ 
"" a (di 4 ai) 

and if A revolves ^ times, then the overall ratio (that is, is a 

U * A A r-l\ ■ (d* + a^) between A and C^) is ^ 

Four-speed Compound Set: With this combination low forward 
speed is obtained by holding ring gear Dg, in which case torque is 
transmitted by the last train of gears, whilst the gear ratio is 

Tg =: 1^-2 Release of ring gear Dg and restraint of Di gives 
^2 
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second speed, torque being obtained through the last two trains of 
gears, from which it has previously been seen the gear ratio is 

(d^ + ai) id, + ao) 

“ a2 (d^ + ai) + a^dg* 

For third speed sun wheel A is held and ring gear released, so 
that all three planetary trains are in action. The ratio in this case is 
therefore 

(a2 + d2) [(a^ + d,) (a + d) — dd,] 
doUi (a ~f d) 

Fourth speed, which is direct, is obtained by locking the assembly 
together, that is by release of drum brakes and bringing into operation 
the friction clutch (see Fig. 109). 

There are several small points which require attention concerning 
the geometry of tooth setting If several planetary pinions are 
used in an internal-type ring gear, the relationship between the 
number of teeth on the driving pinion and the planetary pinions must 
be definite, otherwise it will not be possible to assemble the train. 
According to the number of trains of gears, the number of teeth 
a, a - a, a + 1, must be divisible by that number. Hence if three 
trains are used, the divisor will be 3. Assuming that a — 1 is 
divisible by 3 then 

a 3x + 1 
c — a + 2b — 3x -I 2b f 1 

and ^ ^ + 3 pitch 

2 ^ + 3 pilch. 

If the axes of each of the three pinions are set at 120'' one to the 
other, and the planetaries have an equal number of teeth, then two 
of their tooth 
centres will be 
opposite, and 
a sun-pinion 
tooth centre 
will be one- 
third circular 
pitch from the 
line connecting 
the axis of the 
right - hand 
pinion and the 
sun pinion. If 
this is so then 
obviously a 
tooth centre 
of the ring 

149 

Fig. 109 



AUTOMOBILE CHASSIS DESIGN 

gear will be 
one-third pitch 
beyond this 
axis line pro¬ 
duced. If the 
numbers of 
teeth are odd, 
then a space 
and not a tooth 
centre is oppo¬ 
site another 
tooth centre 
line. Therefore 
the number of 
teeth in the 
planetary gears 
plus one should 
be such that 
they are divis¬ 
ible by 3, and in 
the case of the 

two planetary gear sets both driving gear and planetaries may have 
either an even or odd number of teeth. 

If there are three trains then, if a is divisible by 3, b must 
also be divisible by 3 and a — 1, b + 1, a + 1, b ■— 1, must 
all be capable of division by that number. With four planetaries, 
both a and b may either be odd or even, but both must bear the 
same sign. 

The Ford Model T transmission is a typical example of the all¬ 
spur type of planetary-gear set, which diagrammatically is set out in 
Fig. 110. In principle it comprises three sets of independent gear 
trains and low forward speed is obtained by holding the planet 
carrier against motion when power is exerted by gear A through 

Fig. 110—All-spur type of planetary-gear set as used in 
the Ford Model T 

Ai and Di to gear D. The reduction is, of course. 
ai 
a^i” 

For high forward speed the drive is direct through the clutch. For 
reverse motion, the gear B is held against rotation. If the carrier 
rotates anti-clockwise rolls on gear B, and the gear cluster Aj B, 

revolves anti-clockwise about its own axis and makes ^ revolutions 
bi 

ba 
—in which case A makes t- J revolution, but in a clockwise direc- 

Dj^a 

tion. This, when related to the motion of the carrier, gives a total 
motion for A as 

aib 
abj 

1 clockwise. 
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The motion of the planetary pinions cause gear D to make 
bdi 

bid 

clockwise revs and, again related to the motion of the carrier, the 
motion of D 

bdi 
anti-clockwise revs. 

Should di < bi, D will revolve in the reverse direction and the 
expression has a positive value. To find the reduction ratio use 
the expression 

d (ajb — abj). 
a (bid - bdi) 

It is understood that in any spur gears the sum of the tooth numbers 
of mating gears is the same. If this sum is noted as x then 

X — a ai 
X — b ^ bi 
X - d == di 

which if substituted in the foregoing expressions, the reduction may 

d (b — a), 
be stated as - b) 

This principle may be applied to the Ford arrangement. The 
application of power is somewhat different as it is applied through 
the planet carrier X and gear B becomes the driven number. The 
principle enumerated however, is applicable in its appropriate 
stages. 

In top gear B is connected to the driven shaft through the clutch, 
both brake drums being free, and the gear becomes an ordinary 
train, since the planet pinion cluster Bj Ai Di does not rotate, but 
revolves solid with the whole gear. B is running at engine speed. 
Ratio 1 to 1. 

In second gear brake drum E is fixed and the train is Bi, B, Ai, A. 
It is convenient to tabulate wheel speeds for various conditions of 
fixed members. X is fixed and Bi and Ai will have one positive 
revolution (see Table 10). 

The speed ratio for second gear is therefore 

ar to 1. 
a 

Reverse gear : In this case the reverse brake drum G is fixed, and 
E is free, and the train is X, Bi, B, Dj, D. See Table 11. 
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Table 10 

Fixed Member X Fixed Member A 

Rcv'olutions of Revolutions of 

! 

0 X a i Driver t 

B A : 1 B A 

B ' - 1 B 
: 

Follower 

i' A 
a, 
a A 

1 
' 0 

Fixed 
1 Wheel 

Table 11 

i Fixed Member X 

Revolutions of 

Fixed Member D 

Revolutions of I 

: X 0 

' 

X 
1 d J Driver 

B D 

1 

+1 B D 4-
 

B 
' i 
: "• ^ i 
1 i 

B 
! 4 Follower 

D _
j

 

■ 
1 

D.
! p

. 

D 

j 

0 
Fixed 
Wheel 

The speed ratio for reverse gear is therefore 

di to 1. 
d 

There are many proprietary makes of epicyclic gear box in which 
the necessity for a separate clutch is eliminated, since by virtue of 
their design, if the ultimate fixed member be made free and gradually 
brought to rest, the driven member is gradually speeded up and the 
clutch action through which engine and transmission is coupled is 
obtained in the epicyclic gearing itself. 
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ACTION AND REACTION 

The principle that force or action and reaction are equal and 
opposite applies not only to loads and forces, but to moments and 
torques. Therefore if the transmission-output shaft develops a 
torque in one direction, the power unit tends to rotate in the opposite 
direction, except of course if the transmission is in direct drive, as 
in that case both output torques are similar in magnitude and direc¬ 
tion. The torque is then taken by the engine case. If the output 
torque is greater than that at input, due to insertion of a gearbox 
or similar mechanism, a reaction member in the transmission is 
essential. The gear-set casing forms a convenient means of absorb¬ 
ing this reaction. The conventional automobile transmission 
usually comprises a number of gear trains, each of which effect 
torque conversion in different ratios. There are, of course, many 
types of mechanisms which are used to make this conversion and, 
in turn, some of the more widely accepted will be reviewed. 

First, the gear type of reduction, both “ clash ” and synchromesh, 
involute spur teeth or helical gears: The main function of the gears 
is to transmit motion from one shaft to another, with uniform 
velocity, with the minimum of noise, and with as little shock loading 
as possible. The practice of synchronising the moving parts to be 
engaged considerably relieves the last two points, whilst the use of 
constant-mesh helical gears assists the first condition. With both 
the clash and constant-mesh types, the methods of bearing-load 
computations are somewhat similar, but there are one or two condi¬ 
tions to be satisfied in the synchronising type which do not apply to 
the straightforward sliding gear. 

Synchromesh designs may be separated generally into two types, 
(a) the inertia lock and (b) the constant load. Cone clutches are 
the mediums through which the synchronising is carried out in both 
types and the main difference is that it is not possible to “ clash ” 
the gears by too much pressure on the control mechanism with the 
inertia-lock designs whereas this is not so with the latter type. Very 
brief explanations of the two systems will make this clear. 

Inertia-lock Synchromesh (Fig. Ill): Any endwise movement of 
the synchronising cone clutch brings into operation the inertia lock, 
which prevents positive gear engagement until there is no relative slip 
between the two cones. When such a condition has been reached 
the two gears will mesh. It will be appreciated that the time taken 
to synchronise is inversely proportional to the load applied, since the 
greater the force exerted on the hand lever the greater the force 
between the two cones and, in consequence, the greater the inertia- 
lock load. Due to the difference in speeds at the moment of change 
between the two cones, that on the gear B and that on the drum A, 
both cone and drum rotate slightly until the projections F on the 
drum make contact with the mainshaft spline sides. 

The engaging dog C is, however, exerting pressure on the drum 
through the medium of the chamfered edges and it is impossible to 
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SYNCHROMESH LOCK 
(IN NUETRAL) 

Fig. Ill 

move the engaging 
dog further during 
the period in which 
the torque on the 
drum is greater than 
that caused through 
the chamfered faces. 
This drum torque 
decreases, however, 
as the speeds ap¬ 
proach synchronism 
and, when it is just 
less than the torque 
between the two 
chamfered . faces, 
the drum moves 

forward and permits the dog to follow through to engagement. 
Constant-load Synchromesh (Fig. 112): In this type the gears can 

still be “ crashed ” or the gears be made to mesh before synchronisa¬ 
tion in speed takes place by undue heavy load applied to the gear- 
control lever, if such a load overcomes the pressure required to 
overcome the springs which in turn control the ball loading, whether 
the mating parts are synchronised in speed or not. Reference to 
the rotation in Fig. 112 will show that pressure from the change- 
speed lever is applied to the outer ring A. This is transferred to 
inner member C, through the groove and the spring loaded balls, 
bringing the cones in contact. The speeds are thus synchronised 
between the shaft and engaging dog. 

Additional pressure on the change-speed lever depresses the ball 
springs, allowing the outer member to slide and positively engage 
the gear. The cone angles are of considerable importance, as upon 
the angle de¬ 
pends the loads 
required for 
synchronising. 
The angles are 
usually about 
6^ to 
as this figure 
also permits 
sufficient longi¬ 
tudinal move¬ 
ment to main¬ 
tain the cone 
face clearance 
which approxi¬ 
mates 0*005 in. 

It is essential 
if good syn- 
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chronisation is to be maintained that lubricant should be dispersed 
immediately the cone clutches engage ; thus, in consequence, the 
design of oilways requires careful consideration. The actual 
diameter and angle control the speed with which synchronisation 
takes place and the clutch must perform the function of changing 
the inertia of the moving parts from their running speeds to 
that of the new gear velocity. 

The fundamental formulae required in estimating the torque 
required for synchronism are of course force mass x acceleration, 

or - X A. 

Torque ^ ^ ^ T2t~ where K=radius of gyration (in) 

M === weight (lb) 
g=gra vi ty accelerat i on 

(32*2 ft/sec/sec) 
n^^r/sec 
t-^time taken to syn¬ 

chronise in sec 
since mass x radius of gyration^ ^ I 

T. iTT-n 
Torque - 

The maximum load applied to the cone when a change of gear 
from say top to third is made, occurs when the third gear road speed 
is such that the engine revs are maximum for that gear. Assuming 
the road speed to be constant, the difference in speeds of the affected 
parts in the gear box should be tabulated in r/sec. If this condition 
is maintained the speed of the mainshaft, and other parts slidably 
splined to it, will remain constant, but the layshaft and gears in mesh 
with those on the mainshaft must be speeded up together with the 
clutch disc and constant-mesh pinion. The layshaft and gears, 
clutch disc and constant-mesh pinion speeds are, of course, mainshaft 
speed and third-speed ratio. 

The moments of inertia for all rotating parts should be ascertained 
and the torque required to synchronise the speeds will thus be 

T = (In + IiDj + I^na, etc.) 

From this torque, which is applied by the cone clutch, the normal 

cone load becomes Fn = -and the axial load F == ^ whilst the 
Tn TfM 

F tan oc 
spring load Fs =- where N = number of balls. 

Fig. 113 indicates the advantages of the synchromesh-type box 
over the conventional type with regard to gear change on gradients. 
The example illustrates results obtained from the test data with a 
standard vehicle equipped with a diesel engine and developing 
110 b.h.p. ^at 2,000 r/min: rear-axle ratio 6-43, 9*75 diameter 
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Fig. 113—Performance advantage of synchromesh gears 

tyres, gross weight approximately 10 tons. The test gradient was 
966 yd long, approximately 7 per cent gradient, and tests were 
taken from a standing start. 

The black unbroken line represents a normal change without gears 
clashing. The broken line and rings concur quick change, but gears 
clash. The fast synchromesh change is as made with the accelerator 
pedal depressed throughout the gear change, an occurrence which, 
due to consequent heavy loading on the main clutch, is not recom¬ 
mended for normal use. 

Comparing the graph figures, it will be seen that the vehicle with 
synchromesh gear was faster since in 60 seconds a distance of 1,100 
to 1,200 ft had been covered, the distance for conventional-type box 
being 800 to 900 ft. 

Gear change from first gear to second gear slows the vehicle down 
from 6 m/h to 1^ to 3-4 m/h, an improvement being made by the 
synchromesh to a reduction from 6 m/h to 3^-3 m/h; 4^ to 5^ secs 
are required to regain 6 m/h, as against the lower curves 8 to 10 secs. 
It will be noted that the change from second to third slows the vehicle 
from 10^ m/h to 10-9 m/h against the competitive types 6-4^ m/h. 

In order to attain the speed again this box requires 22 to 31 secs, 
whereas on the upper curves only 3^ to 10 secs are necessary. This 
would appear to indicate that performance advantages to be obtained 
by the adoption of synchromesh gears are worthy of considerable 
attention. 
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Chapter 7 

REAR AXLES 

CASINGS 

The type of axle which incorporates the three-piece fabricated 
design, that is the cast centre and tubular arms, has many merits 

and if the design is carried through in accordance with latest practice 
good results should accrue. The older method of pressing the tubular 
arms into position required extreme accuracy in order that any key- 
ways, etc., should be maintained in line with each other. Moreover, 
the possibility of slackness developing between arms and case could 
never be overlooked, and the bursting stresses could never be correctly 
calculated. 

The present method of freezing ” the tubes overcomes many of 
the past deficiencies and affords means whereby correct hoop stresses 
may be found for different ranges of shrinkage fits. Briefly, the 
method adopted provides for the immersion of the tube end into 
a liquid oxygen bath at a temperature of approximately 120'' F below 
zero, which, for steel, gives a contraction of roughly 0-0045 in, 
whilst the casing is heated to a temperature of 140"' F for approxi¬ 
mately 0-0025 in expansion. 

When both tube and casing are mated the interference is approxi¬ 
mately 0-003 to 0-0045 in and the preloading is in the order of 7 
tons/in^. The assembly is then securely dowelled as an additional 
precaution against any movement. Alternative freezing agents may 
be used, such as methylated spirit or trichlorethyline in conjunction 
with solid CO2 (see Fig. 115). 

Fig. 115—Typical rear axle casings 
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It is interesting to analyse the 
hoop stresses, which may be de¬ 
rived from Lames basic theory, 
which states that: 

P = Cl + 

where p ^ internal pressure 
r = internal radius 

Cj & C2 are constants. 

Where P3 initial pressure due 
to shrinkage at surface radius rg, 
by derivation (see Fig. 116): 

P3 ^2^ Tg^ 
and Cg — ^2 r 2 Tg — rg 

since / also equals Ci — 

by substitution: 
/ = compressive stress in the ring or axle tube 

= P3 (r 2 2 + ^ y 'To — To Ig lo 1 

and /i = tensile stress in the axle casing 

= -P3 2 + rt'rV X Ib/in^ 
^Ti — rg ri — rg i ' 

The maximum stress in the tube occurs where r = rg and again 

substituting we find /g = maximum stress 
2Pg rg2 

whilst maximum stress in the casing occurs at rg 
fV ^ j j* 2\ 

/g = maximum stress == — Pg 

Between this range of formulae the stress can be found at any 
point in the section of either the arm or the casing. 

Pg is, of course, dependent upon the amount of interference 
between the two machined diameters of the tube and casing, and the 
relation may be expressed as: 

□ d» - interference = x 

.E representing elasticity 30,000,000. 
Pressure Pg and stress / can therefore be calculated for any desired 

amount of interference. A typical diagram is plotted (Fig. 117) 
which shows the stresses in the casing and tube for varying inter¬ 
ferences. From these curves it will be seen that the maximum 
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stresses occur in the tube or arm at its inner diameter and that these 
stresses are compressive, whilst those for the casing are tensile and 
are also maximum at the bore. The curves are based on a casing 
bore of approximately 4| in diameter material, | in thick tube, 
internal bore in diameter. Such a design also possesses the 
advantage that the track may be modified without the necessity 
for new parts. It is probably a little heavier than the one-piece 
casing. 

The three-piece axle casing is not always manufactured in the 
same manner; the tubular arms may be pressed and dowelled into 
the cast centre. Pressing into position nearly always produces some 
degree of deformation in both inside and outside diameters in both 
parts. The extent of this condition can be calculated with accuracy 
providing the materials are not stressed beyond their proportional 
limits, whilst the assumption is made that the components are acted 
upon by uniformly distributed pressure acting radially both internal 
and external. 

Where a 
b 
Pi 

P2 
R 
E 

D 

— inner radius 
= outer radius 
= inner pressure 
— outer pressure 
= radius 
= modulus of elasticity 
== Poisson’s ratio 
= deformation at R 

the expression which holds good for bushes, or bearings, is (from 
Fig. 118) 

a2 Pj - b2 P 

b2 - a2 
R 4 E / V (b2 - a2) R ) 

Now assume two cylinders, the outer diameter of the inner cylinder 

Fig. 117—Interference/stress diagram 
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exceeding the inner diameter of the outer cylinder by some tolerance, 
then with further notation : 

El ~ modulus of elasticity, inner cylinder 
Eg ~ modulus of elasticity, outer cylinder 
jLti Poisson’s ratio, inner cylinder 
fi2 ~ Poisson’s ratio, outer cylinder 
8 fit between inner and outer cylinder 
P = pressure between cylinders 
Dj = increase in inner radius of outer cylinder 
Da ^ decrease of outer radius of inner cylinder 
D3 = decrease of inner radius of inner cylinder 
D4 ^ increase of outer radius of outer cylinder. 

Obviously the sum of the amounts of deformation of both cylinders 
must be equal to 8. 

Therefore - Da 8 

and for the first expression for D, D 1 and D. are obtained. 

Di- 
bP \ 

E2 (c= - -t 42; 
D.. - 

-bP /a2 4- b2 \ 
E, , Vb^-a^ — f^i) 

substitution i in expression for 8 

bP /b= + c‘^ , bP / a"- + b^ \ 
8 -- 

E2 (c^ - b^ 42) + E, ( .b^ - a^ - 

from which P will equal: s 
P = 

' b (\ + (bicr 
0 

4 , '1 ^ b + (a/b)^ \ 
Ea u - (bicr- + Ej il - (a/b)2 ■ 

Fig. 118—Deformation diagram 
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If this value of P be used, then 
from expression for D, Dgund 
D4 are found to be: 

[Eld - (a/b‘d)] 
2b (b/c) 

[E,(l ~(b/c)^)] 

Should the inner and outer 
cylinders be of the same 
material, the expression for 
P, Dg and D4 can be simpli¬ 
fied and, since they would be 
independent of elastic con¬ 
stants, could be combined. 
Therefore, combining P and 
Dg and noting that both 
moduli of elasticity and both 
Poisson’s ratios are equal: 

- (a/b)(l ~(b/c)‘^) 
(1 - (a/c)2) 

Combining P with D4 

(b/c) (1 - (a/b)‘^) 
d - (a/c)2) 

X 5. 

Another method of pro¬ 
ducing a lighter type of axle 
casing, which is now rapidly 
finding favour, is the one- 
piece forging from a single 

Fig. 119—Process of axle-case formation 
for solid-drawn tube 

solid-drawn tube. It is claimed for this construction that the wall 
thickness can be controlled and therefore the maximum load-carrying 
capacity is attained for minimum weight. The stages through which 
the tube passes are shown in Fig. 119 and the finished forging is 
finally heat treated. 

Very briefly the mechanical process is as follows : a seamless steel 
tube, the diameter of which is selected to suit the ultimate banjo size, 
is first notched and pierced to form slots disposed longitudinally and 
diametrically opposite. A ram is then fed up the tube at each end, 
forcing reducing rings over the outside diameter. The slots in the 
preliminary operation are used to grip and locate the tube during this 
process. This is a cold operation and results in a thickening of material 
and a reduction in diameter where the arms will eventually be formed. 
The tubes are then fed through an automatically-controlled furnace 
provided with a “ walking beam ” floor. After the desired diameter 
has been reached the slotted tube is expanded by mandrels to form the 
banjo centre and the edges are flanged over. The flanges are then 
trued and the axle subjected to the usual welding operations. 
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REAR AXLE ARRANGEMENTS 

There are three generally adopted hub-bearing and axle-shaft 
arrangements, (a) fully floating, (b) semi-floating and (c) three-quarter 
floating. Concerning fully-floating type, the axle shaft transmits 
driving torque only and it is not subjected to thrust loads emanating 
from vehicle weight, since the weight is supported by the axle casing. 
Such an arrangement is shown in Fig. 120, which is a type favoured 
by the heavy-vehicle designer, although its production costs exceed 
that of the other arrangements. 

Should an axle-shaft break, it may be withdrawn without dis¬ 
mantling the wheel or of jacking up the vehicle; moreover there is 
no danger of a wheel coming adrift. The two bearings employed 
for hub mounting share the load from each wheel, the load line 
usually being slightly nearer to the inner bearing. The maximum 
stress in the casing usually occurs at the change of section adjoining 
the inner bearing, its magnitude being expressed as: 

B.M. 

D3 - d" 

where B.M. = maximum bending moment (in/lb) 
D = outside diameter of tube (in) 
d = inside diameter of tube (in). 

The bore of the bearing should therefore be such that the casing 
stress should not exceed this figure, which is usually arranged at 
approximately 10 tons/in^. Axle-bearing loads emanate from 
two sources, (a) vehicle weight and (b) skid reaction. The maximum 
ground reaction is obtained when the vehicle is traversing a bend, 
when centrifugal force comes into effect and reduces the load on the 
inner wheel, increasing that on the outer wheel by a similar amount. 
If W = load on rear axle 

E = track of the wheels 

w ^ 

then the reaction on the outer wheel is R 0*5 y + I gr ' 
\ E 

where g “ acceleration due to gravity 
r = radius of bend (ft) 
h = height of centre of gravity of vehicle 
V — velocity of the vehicle (ft/sec). 

This load is divided between the two wheel bearings in the following 
proportions: 

Inner bearing R x ^ Ri 

Outer bearing R x ~ Rq 

A further load due to tractive effort at the road T is distributed: 
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Inner bearing T x — = Tj 
c 
I- 

Outer bearing T x - = T,, 
c 

The total radial load there¬ 
fore on each bearing eman¬ 
ating from ground reaction 
is: 

Inner bearing 

y(Rx^)’+{Tx“)’ 
Outer bearing 

V'(rx iT + (Tx^^)’ 
The skid reaction S is the 
same for each bearing, but the direction is changed and the load 

due to S S ~ is in a downward direction on the outer bearing, 

and upward at the inner bearing (r = running radius of the tyre). 
The magnitude is RoWV^ 

A check upon bearing spacing should be made with loads due to S 
and adjustment made to the centres if the bearing is overloaded. 
The axle-shaft diameter being subjected to torsion load only may be 
assessed from the expression 

T 
2 

f = ^ , where T = low-gear torque (that is, clutch 
jgd^ slip torque x lowest gear ratio). 

As a general rule, the three-quarter floating axle possesses one 
outer-wheel bearing and the load line is coincident with the centre 
line of this bearing. In consequence the axle shaft transmits torque 
only when the vehicle is running in a straight line. When, however, 
the car is rounding a bend, a bending moment is imposed on the 
shaft through the skid reaction. 

This moment may be expressed as B.M. = 0'6Wr and the stress 
therefore may be found from the usual B.M. ~ fZ(Z in shear) (see 
Fig. 121). 

The axle arm or tube is most highly stressed at the point A, from 
the centre line of bearing, where B.M. — WA (in/lb) 

B.M. 
and f = 

3~ (D^ - d«) 

The axle-shaft stress at the driving end, that is the differential end, 
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may be calculated from 
torque considerations only 
and the expression is similar 
to that for the fully floating 

T 

shaft f - ^ 

Th- 
and where the practice of 
tapering the shaft towards 
its inner end is carried out. 

Fig. 121 for reasons of permitting a 
certain amount of torsional 

resilience which is necessary to prevent fracture when sudden torque 
loads are applied, the length of the reduced diameter should be 
at least equal to four diameters. In practice the permissible tor¬ 
sional deflection is in the order of i"" to 1“ and if (/>= angle of deflection 

T 57.3 

<t> ---- ^ ® where E - 12,000,000 Ib/in^. 

Any deflection of the shajt must be kept within the safe limits for 
the outer bearing for the wheel. The graphical solution is the most 
practical and should be used in order to obtain deflections at any 
point along the length of the shaft. The same deflection-diagram 
construction may be applied to a similar shaft of the semi-floating 
type. 

An axle of the semi-floating type is generally only used on light 
vehicles. The axle shafts must withstand bending in addition to 
torsion, whilst, due to the overhang of the wheel-load line in relation 
to the wheel-bearing centre line, the inner bearings or differential- 
casing bearings are subjected to loading emanating at the wheels. 
If the wheel bearings are chosen to withstand straight high-speed 
running they will have sufficient capacity to withstand loading from 
cornering at lower speeds (see Fig. 122). 

If W rear-axle load 
R == ground reaction 

W 
then'2-= R the loads on the bearings due to R 

will be: Wheel bearing R 

and those due to T == T 

The total wheel-bearing loading can be expressed as 
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The loads on the differential bearings due to R will be: 

and those emanating from T ^ T ^ 

To these loads, however, those from the pinion and ring gear must be 
added and of course the magnitude of load varies according to the 
type of drive, either spiral-bevel, straight-bevel, hypoid gear or 
worm gear. 

The wheel bearings should be selected for size after the axle shaft 
has been stressed and a suitable diameter agreed. The procedure in 
setting out the graphical solution of axle-shaft strength and deflection 
is accurate and the stages are straightforward. An exact under¬ 
standing is necessary of required conditions of the shaft to be stressed, 
since the maximum bending moment (which is at the centre line 
of wheel bearing) occurs when the vehicle is rounding a bend at 
tipping speed, although the B.M. which occurs when turning a 
bend of say 120 ft radius at 20 m/h is more valuable where shaft 
deflection is concerned, as supplying data for normal bearing per¬ 
formance, and since the skid reaction moment is additional to 
ground reaction moment on the axle shaft at the inside of the curve, 
the conditions are more severe for average driving. 

It is therefore advised to stress for this latter condition, in which 
case, if 

W - - rear-axle weight 
h height of centre of gravity 
Rr — running radius of tyre 
E rear-wheel track 
a distance of wheel to bearing 
r -- radius of bend of road 120 ft 

WV2 
then centrifugal force and if V 20 m/h 

(that is 29-3 ft/sec) 
- 0-221W 

and R (ground reaction) 

S = (skid reaction) 

W 0*221 Wh 
2 E 
R 
W X 0*221 W 

(1) Bending moment 
therefore, which is 
the first value to 
calculate, is B.M. 

Ra f 
SR, 
a 

(2) Plot the B.M. 
diagram, and divide 
it into a series of 
figures shown shaded Fig. 122 
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in Fig. 123. Take note that these divisions include any 
change of section in the shaft, 

(3) From the point of centre of gravity of each division draw 
vertical lines and letter each one A, B, C, etc. 

(4) Next lay out the polygon of forces. In a vertical downward 
direction from O, mark off segment A to scale equal to the area 
of division A in the bending-moment diagram. Proceed 
similarly with other divisions of the B.M. diagram. 

(5) From the vertical scale line lav off the pole distance where 
E = 30,000,000 lb for steel 

and I == where d shaft diameter (in) 

El = flexural rigidity of division A of axle shaft. 

(6) Draw OA to any convenient point A, at pole distance. 
Draw from the next point down the vertical scale representing 
the next division B line extending until it intersects pole 
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distance of division B, and so on until all the divisions have 
been treated and the polygon of forces is complete. 

(7) Now construct the funicular polygon from the diagram of 
forces, commencing with a line parallel to OA produced until 
it intersects vertical line A. Follow this procedure for each 
polygon of force line, in each case commencing at the previous 
intersection point and parallel to its corresponding division on 
the vertical force line. At the point of intersection of the last 
line through the differential support bearing, draw the closing 
line of the polygon to intersect the centre line of the wheel 
bearing. 

(8) The deflection curve may now be drawn as the vertical distance 
of any point on the funicular polygon base line and the curve 
is proportional to the axle deflection. In order to obtain the 
angle of deflection at the bearing centre line, draw a tangent 
to the deflection curve as it passes through this position and 
divide it by the ratio of the two scales, that is, the vertical scale 
on the polygon of forces or B.M. scale, and the El scale, or 
horizontal distance. 

if a — diagram angle of deflection to scale 
a 

El 
then gjyi aj, the true angle of deflection. 

As previously remarked, the loads from the final drive gear 
must be added to the bearing loads and for different types of 
drive the following calculations are utilised. 

Bearing loads w ith spiral-hevel gears: Rear-axle pinions generally 
rotate clockwise for forward vehicle motion, and they possess a left- 
hand spiral, that is, when viewed from the power input end. Such an 
arrangement is very desirable on account of the tendency in con¬ 
dition (1) and (4) to force the pinion out of mesh (a feature which can 
be overcome by the provision of an adequate thrust bearing), but in the 
case of conditions (2) and (3), the pinion is thrust further into mesh 
with the possibility of tooth wedging. As the gear teeth can be cut with 
either left- or right-hand spiral there are four combinations possible; 
the first one is the generally chosen arrangement (see Fig. 124): 

(1) Left-hand spiral pinion clockwise rotation. 
(2) Right-hand spiral pinion clockwise rotation. 
(3) Left-hand spiral pinion = anti-clockwise rotation. 
(4) Right-hand spiral pinion ^ anti-clockwise rotation. 

Bearing loads will be computed for condition (1) 
where Tp ^ pinion thrust 

Tg — gear thrust 
F ^ tangential force 
a = tooth pressure angle 
^ Pitch cone angle {pinion) 
P - 2 
B — spiral angle. 
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^ 1 r T- Torque input (lb in) 
Tangential force. F = v x V A ^ ^ Mean pitch radius (in) 

Pinion pitch diameter 
2 

'N, 
■ N 

TQ 
rpi 

rPi 
Tooth face x sin j8 

rpi (^^’) where N - number of teeth 

p - tan 1 

The values of Tp are reversed in directions in condition (2) and (4)^ 
whilst for the four combinations the values of T,, and T., are as 
follows: 

(1) Left-hand spiral clockwise rotation and (2) right-hand spiral 
-anti-clockwise rotation 
_ _ / tan a sin ^ \ ^ ^ ^ 
T' ^ I cos 8 / ^ 

f( 

cos 8 
tan a sin ft 

cos 8 tan 8 cos ft) 

(3) Right-hand spiral clockwise rotation and (4) left-hand spiral 
— anti-clockwise rotation 

Tp 

T. 

F (tan 8 cos ft - 

--- F (tan 8 cos ft 4 

tan a sin ft\ 
cos 8 / 

tan a sin ft\ 
cos 8 / 

BRC 4 
IN DIRECTION ARROW D 

Fig. 124 
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BRC 1 

Bearing loads with hypoid gearing: The loads on the hypoid- 
pinion bearings are of a similar nature to those of the spiral-bevel 
pinion, but those supporting the gear ring differ. There is a small 
amount of endways slide combined with the rolling action of the 
tooth in the hypoid gear, due to the tooth profile, which has been 
mentioned previously. 

The following notation and expressions supply sufficient data to 
enable the bearing loads to be calculated : 

Tj, pinion thrust 
Tg gear thrust 
F — tangential force 
a - tooth pressure angle (drive side) 
P _ Pitch cone angle {pinion) 
P ~~ 2 
Te ^ effective gear radius 

spiral angle (pinion) 
8g = spiral angle (gear) 
d = pinion offset 
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rpi 

Tangential force F - . . langennai lorce t - (pinion) 

Pinion pitch diameter — Tooth face X sin j8 

Tp 

Tg 

— mean gear pitch radius == rpi 

- F 
/tan a sin jS 
\ cos 6~ 

Ng 
N„ 

tan 8p cos p) 

„ /tan a sin S ^ c, o. 

- Vrg^ - d = 

COS 8p 

cos 8g 

TQ 

rPi 

WORM DRIVE 

The worm gear possesses several advantages over the other forms 
of drive. It has a high overload capacity, whilst the nature of tooth 
action is such that the effect of wear is less deleterious in comparison 
with other toothed gearing. On the other hand, the heat generated 
through the relatively high sliding velocity between worm and wheel 
necessitates higher working temperatures and consequent attention 
to adequate lubrication. 

One of the reasons for the greater strength of the worm set as 
compared with the bevel gear is that the mean relative radius of 
curvature of the contacting surfaces is much greater. This also is 
true for the ordinary spur gear, where the reciprocal of the relative 
curvature radius is proportional to the sum of the reciprocals of 
pitch radii of the two gears, the value depending more upon the 
diameter of the small wheel than that of the larger gear. 

In a bevel gear of high ratio the pinion is small and, whilst the 
surface stress is high, the torque capacity of the wheel is relatively 
low. As an approximate comparison, with a bevel and worm of 
14 in diameter, the pitch radius of the worm wheel is 7 in and the 
pitch radius of the worm, which is virtually a rack, is infinitv. The 

1 
relative curvature radius therefore varies as 1 1 which equals 7 in 

7 + T 
radius. The pitch radius of the bevel wheel is 7 in radius and that 
of the bevel pinion == 1 in, the relative radius in this case varying as 

1 

y + = J in radius. 

With regard to efficiency, however, the worm gear is hardly 
comparable with the bevel or helical gear, the orders being approxi¬ 
mately 94 against 98 per. cent respectively. This loss of efficiency 
is occasioned, it is believed, partly because of the high ratio of mean 
velocity of sliding to the mean circurriferential velocity of the wheel, 
whilst the power loss through tooth friction is another important 
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factor. If tooth friction only is taken into consideration, and the 
worm regarded as a coiled wedge of effective angle equal to the lead 
angle of the worm at mid depth of thread, then the efficiency may 
be expressed by the formula: 

E — i\ with worm driving 

and El 

tan (A 

tan (A 
<!>) 

<!>) with wheel driving, 
tan A 

where A lead angle of the worm 
<f) ~ angle of friction between worm and wheel. 

A lead angle of about 45° gives the highest efficiency, although 
considerations other than those of a theoretical nature may dictate 
an appreciably smaller angle, whilst it should be appreciated that 
the greater the lead angle the smaller must be the diameter of the 
worm. This consideration is important as naturally with the 
decrease in worm diameter the bending stresses increase, as does 
also the deflection of the worm shaft under the influence of tooth 
load. The high local stresses thus produced lead to a higher 

coefficient of friction, so that actually a smaller lead angle than 

may possibly give better results in practice. The deflection when 
transmitting maximum torque is, of course, greater than when 
operating in top gear, and it is possible to ascertain the amount 
allowing for this in the initial setting. 

However carefully the worm assembly is designed, a certain 
amount of flexibility in the axle case, worm housing, and in the 
bearings is inevitable, and conditions of contact between worm and 
wheel are therefore disturbed. 

To counteract this effect the axial position of the worm wheel 
may be adjusted so that contact in the unloaded condition is towards 
the leaving side of the wheel tooth. The amount of initial offset is, 
of course, found by trial and marking. Slight axial movement of 
the worm wheel in one direction causes movement of the contact 
bearing in the opposite direction. In this respect a worm having a 
large lead angle is more sensitive than the smaller angle. 

Since it is not possible to check the face bearing when the set is 
under load it is generally satisfactory if, for a light load, contact 
bearing is concentrated towards the leaving side and covering about 
75 per cent of the available area of tooth flank. Rigidity of mounting 
is therefore of primary importance and it is desirable to maintain 
the axial position of the worm wheel rim to within ± 0-0015, a 
figure which in practice has been found satisfactory. 

To accomplish this the journal bearings must allow only a little 
radial play and the thrust bearings must be accurate, for it will be 
appreciated that non-axial end thrust tends to cause the wheel to 
tilt in the plane containing its own axis and the common perpendicular 
to the axes, in which case lateral movement of the rim relative to 
the worm axis will occur. It is for this reason that the bearing-spur 
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ratio to worm-wheel diameter must be as small as possible, whilst 
in order to minimise the effect of any relative displacement between 
worm and worm wheel which may occur in a direction parallel to 
the worm-wheel axis, the bearings must be given adequate support 
in the form of rigid caps and well-designed bolts. The worm-gear 
carrier should also derive some support against distortion, by means 
of a steady spigot machined in the banjo or main-axle casing. 

Finally the question of lubrication must be considered. It would 
be preferable to use a castor-base oil, if replacement at short regular 
intervals could be maintained. An oil with such a base has a low 
coefficient of friction, but it also has a tendency towards rapid 
deterioration. A mineral oil is therefore usually recommended 
which can retain its lubricating properties at working temperatures 
of 200'" F, a figure which is often found in heavy-duty drives. 

Adequate sump capacity is vital and the casing dimensions should 
permit dipping of one or other of the gears under all circumstances. 
If lubrication is unsatisfactory, which may be produced by reason 
of oil-film failure or faulty gear alignment and consequent imperfect 
tooth contact, wear and abrasive action producing bronze dust will 
be noticeable. The oil film may fail due to many causes, although 

BEARINGS 5 8t4 IN DIRECTION 
OF ARROW B 

Fig. 129 
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the most common reason is from inadequate entry gap, which is 
usually accompanied by high temperatures. The remedy is to form 
a clearance, by careful filing, between the entering edges* of the teeth 
and by resetting the worm wheel. The entry of lubricant between 
the thread and tooth will thereby be facilitated. 

Should the tooth stresses be of high order “ pitting ” of the worm- 
wheel teeth is likely to occur. Such a phenomenon is not unduly 
alarming, as failures are rare. Pitting occurs early in the gear life 
and after the initial development it would appear that the rate at 
which the pitting extends is considerably reduced. For the purpose 
of bearing-load calculations, the normal tooth force is assumed to 
comprise (a) a tangential force at the pitch radius of worm F, (b) a 
force tending to separate the worm from the gear S, and (c) a thrust 
T produced by the lead angle of the worm (see Fig. 129). 

Torque input 
The tangential force = rw 

where r^ -= pitch radius of worm (in) 
and rg pitch radius of worm gear (in) 

1 ^ if Ng ~ number of teeth in gear 
I'g — 277 ^ ^ P/ and /8 axial worm pitch. 

F tan a where a ^ tooth-pressure angle 
tan y y ^ lead angle of worm 

F _ t. -1 
tan y - an 277rvv 

The separating force S ^- 

The worm thrust T 

MOUNTING OF BEVEL PINION AND WHEELS 

A few general observations in connection with the mounting of 
bevel pinions and wheels, whether spiral or straight teeth, are 
necessary at this point. It is known that shock loading is not the 
sole reason for gear-teeth failure, but rather the resulting fatigue, 
and although all parts of the gear assembly assume some degree of 
deformation when load is applied, which moves the theoretical 
tooth contact line, satisfactory mounting can do much to prevent 
failure from localisation of tooth loads, and stress concentration. 

The overhung pinion tends to distort in such a manner as to 
localise tooth loads on the heel of the tooth, whereas the provision 
of an outboard bearing restricts distortion to the extent that the 
pinion merely tends to rotate around its apex (see Fig. 130). 

Experiments in the United States by J. D. Almen (“ Automotive 
Industries,” 1935) indicate the importance of correct pinion mounting 
in relation to pinion deflection. In the tabulated results, all bearings 
had similar capacities and all drives were subjected to the same 
torque value. The angular deflections were obtained with bearings 
having tolerances of maximum shaft and maximum housing tightness. 
These deflections vary, of course, as the bearing tolerance slackens 
and for the slack limit figures quoted in makers’ catalogues the 
figures in the table become modified as follows: 
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FORWARD 
LOW GEAR 

SPIRAL BEVEL PINION 
MOUNTING 

COMPARISON BETWEEN' TYPICAL MOUNTINGS 
REGARDING ANGULAR DEFLECTION 

Fig. 130—Relative distortion due to type of pinion mounting 

Forward 
Low Gear 0135 0-15 0-206 0-225 0-01 

Reverse 0-260 0-24 0-215 0-320 0-045 

In the spiral-type bevel gear the effect of angular deflection is 
somewhat compensated by the effect of deflection in the direction 
of pinion axis, but nevertheless it will be seen that wherever it is 
possible to straddle mount the pinion it is desirable. A further 
consideration is the correct apportioning of stress between the mating 
gears, bearing in mind that the allowable stress in the ring gear is 
higher than that of the pinion, on account of the gear ratio. If, for 
example, a ratio of 5 to 1 be used, each ring-gear tooth is stressed 
with a frequency of that of a pinion tooth, from which it will be 
assumed that the required minimum life of the ring gear would be 
calculated on the basis of the number of stress cycles of the pinion. 

In order to obtain the maximum life from bevel gearing, the gears 
must be adjusted correctly for tooth contact. The desirable contact 
area should be that which commences at the toe and which extends 
approximately 80 per cent towards the heel of the tooth lengthwise. 
A powdered red lead mixed with light gear oil should be used when 

marking for contact on the drive side of 
the gear tooth. 

If gears are allowed to operate with 
an adjustment giving high narrow con¬ 
tact, noise, galling and rolling over at 
the tooth top will result. In such a case 
adjustment should be made by moving 
the pinion in towards the gear. Naturally, 

131 the backlash will also be decreased, but 
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this can be corrected by mov¬ 
ing the gear away from the 
pinion to provide about 0-005- 
0-008 in backlash (see Fig. 
131). 

If low narrow contact is narr^cqntact 
in evidence the teeth will 
groove at the base. Move Fig. 132 

the pinion out from the gear 
sufficient to rectify the tooth contact marking (see Fig. 132). 

Short-toe contact is another maladjustment which can be rectified 
by moving the gear away from the pinion, 
this having the effect of lengthening the 
contact in addition to moving it towards 
the heel. If the short-toe contact is allowed 
to persist, the gear teeth will chip at their 
edges, and excessive wear and probable 
breakage will occur. A short-heel contact 
gives similar results, but in this case the 
gear must be moved towards the pinion 
in order to move the contact area towards 

the tooth toe (see Fig. 133). 
Comparison between the principle of the hypoid gear and the 

spiral-bevel gear cannot be made unless it is 
appreciated that both types are based funda- 
mentally upon pitch surfaces which rotate 
with constant-velocity ratio about their axes. 
The spiral-bevel surface produced forms a 
cone, and when two such gears mate the apex \ // 
of each cone is coincident. Each rotates / 
about its axis with pure rolling motion (Fig. 1 ^ 
134). The “ hypoid ” gear, which nomen- ^—W /j 
clature is an abbreviation of the “ hyper- u I 
boloid ” of revolution, operates not as the 
spiral bevel, with coincident axes, but about W 
oblique but not intersecting axes. The pitch Fig, 134 

surfaces of the hypoid are the hyperboloids of 
revolution and the enveloping form produces a curve to hyperbolic 

law (Fig. 135). 
The main and essential difference 

between the surfaces of the cones 
for bevel gears and the surfaces 
for hypoid gears is that, whereas 
in the spiral gear the action is purely 

V rolling, the hypoid surfaces supple- 
\ ment this action by sliding action 

upon one another. The tangency 
in this case is along a rectilinear 

Fig. 135 element and the rolling action is 
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perpendicular to this element, whilst pure sliding occurs longitu¬ 
dinally. 

HYPOID GEARS 

Due to the offset position of the hypoid pinion, the profiles of the 
opposite sides of the teeth are not symmetrical, the concave side 
being flatter than the convex side. It is therefore necessary, in order 
to obtain approximately the same conditions of tooth contact on 
both sides, to make the pressure angles unequal. These angles have 
been found to be most satisfactory at on the driving side and 
25'" on the coasting side. Incidentally, for equal conditions of tooth 
contact on both sides, the following conditions must be satisfied: 

(a) Equal arcs of action. 
(b) Equal duration of contact. 
(c) Similar relative radii of curvature of profile. 
(d) Equal freedom from undercutting. 

An increase in the spiral angle increases the pinion diameter, thus 
improving the number of teeth in contact, and in turn this increases 
the axial thrust in the normal tooth load. However, it is generally 
understood that the load-carrying capacity increases more rapidly 
than the axial thrust and the best compromise appears to be effected 
with a pinion-spiral angle of 50“" and a gear-spiral angle of 25°. Due 
to the unsymmetrical relationship between gear and pinion, these 
figures mean an approximate offset of 1| in. Compare this with a 
normal set of spiral bevels. 

For equal smoothness, a spiral angle of at least 45° would be 
necessary and say a 16° pressure angle for both, whilst the tooth load 
for the hypoid is 15 per cent higher approximately than the tangential 
load, the spiral bevel normal tooth load being 36 per cent greater 
than its tangential loads. The maximum tooth loads recommended 
for automobile rear-axle sets are 1,600 Ib/in of gear face width 
direct drive, and 4,200 Ib/in of face width in low gear. 

It will be seen from the foregoing that for the increased diameter 
of a hypoid pinion, as compared with the plain-spiral pinion, a 
considerable increase in the tooth strength is obtained. It is recom¬ 
mended that the offset for hypoid should not exceed one-eighth of the 
gear diameter. 

HYPOID GEAR MOUNTING 

Rigidity of mounting must be carefully considered, for flexibility 
introduces concentration of tooth bearing with corresponding 
concentration of tooth stress. Within the following limits a hypoid 
gear set may be considered satisfactorily mounted: 

(1) Maximum displacement of the pinion in any direction should 
not exceed 0*003 in. 

(2) Maximum displacement of the gear, vertically or in any 
direction, should not exceed 0*003 in. 
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(3) Movement of the gear away from the pinion at point of mesh 
should not exceed 0*008 in. 

If taper-roller bearings are utilised they should be preloaded (to 
reduce their “ elastic yield ”) by adjustment during assembly. Straight- 
roller bearings must have a radial freedom of not more than 0*0004 in. 

In view of the inherent weakness in straight-sided splines during recent 
years the trend has been to develop the stub-type involute spline. Such 
a spline possesses three main advantages over the earlier straight-side 
type insofar as the tooth has maximum strength through its minor dia¬ 
meter, the involute spline is self-centreing, which has the tendency to 
distribute the stresses equally throughout all teeth, and the fact that it 
is not normally necessary to grind a spline on its involute curve. 

The most economical pressure angle is 30 degrees, whilst it is not 
generally necessary to employ a length of tooth longer than its pitch 
diameter. In practice, the equivalent of about one-quarter of the 
teeth are in contact. 

The general formulae for shaft and teeth proportions may be derived 
from the nomenclature: 

T ^ torsional moment (lb) 
fs allowable torsional shear stress (Ib/sq. in) 
f. allowable compressive bearing stress (Ib/sq. in) 
A - area of one tooth in contact 
L length of spline (in) 
R height of contact on tooth ^ 0-8 DP or 0*8 D/N 
D - minor diameter of shaft 

pitch diameter. 
^ TrD^f, 

and fs 
16T 
ttD" 

If all teeth are in contact the expression 4or T may be rewritten 

T 
CAN. Dp 

^ 7 and because A ~ Lh 
8LDp 

N 
CLDp2 . .. ^ . 2-5T , . 2-5T 

T = 2-3 '"h.lst L - and f, = 

For shear stress at pitch diameter where the area in shear is 

or I -570 D,,L 

will equal - 'iW 

1 *273 T 
and L (length of spline) == j-p 2 

The allowable shear stress is assumed to be about 60 per cent of 
the ultimate tensile and the compressive stress as 140 per cent of 
that figure so that the ratio of L to C is 0*428 to 1, but by dividing 
the results from the above formulae for C and fe we find that the ratio 
is 0*509 to 1, which indicates that the design of spline is critical in shear. 

If the two expressions for fs be combined it will be found that 
L — 0*25 p®/Dp2. Since only about one-quarter of the number of 
teeth are in contact this expression will be modified to form a general 
basis for proportions to L == D^/Dp^. 
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CHAPTER 8 

THE DIFFERENTIAL 

The differential is interposed between the two drive shafts of 
the rear axle in order that the torque or effort applied to each 

may be equal although the speeds of revolution may difcr. This is 
necessary when the vehicle is turning in a circle, when the outer 
wheels are required to rotate at greater speed than the inner wheels 
due to the greater distance they have to travel; but when the vehicle 
is travelling in a straight line there is no relative motion between 
any of the differential gears. 

In principle the two bevel gears C and D are fixed to the two 
axle shafts, whilst the bevel pinions A and B are in constant mesh 
with both gears and are attached to the differential cage E through a 
pin or two pins in the case of a four-pinion set. This cage is bolted 
to the final-drive gear. If the cage E is held fixed it will be clear that 
if the gear C be rotated in a forward direction gear D will be rotated 
backwards at the same speed (see Fig. 137). 

If, on the other hand, the cage be rotated in a forward direction 
and the wheel C is still rotating forwards in r.lation to the cage, 
then D will still turn backwards relative to the cage. Assume the 
speed of the cage to be 250 r/min forward and the gear C turning 
forwards at say 5 r/min then gear D still turns backwards at equal 
speed of 5 r/min. So the actual speed of C is 255 r/min since its 
forward motion is added to that of the cage, whilst the speed of 
gear D will be 245 r/min as its backward motion relative to the cage 
is subtracted from the speed of the cage. The torques transmitted to 
each of the two axle shafts are equal, and each is equal to half the 
torque applied to the cage through the final-drive gear. 

The total torque is the load on the differential pinion pin, whilst 
half the torque is the load 
applied at the pinion teeth, 
from which dimensions of 
the pin and gear teeth may 
be calculated. 

The bevel- and spur-gear 
types of differential are very 
efficient parts of the trans¬ 
mission, due in the main 
to the small degree of fric¬ 
tion developed and it is 
because of this efficiency as 
a compensating device that 
several undesirable features 
occur which affect both 
performance and wheel 
action at the ground. Should Fig. 137—Bevel differential 
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one wheel mo¬ 
mentarily slip, 
or leave the 
ground for any 
reason when the 
vehicle is riding 
over an uneven 
surface, that 
wheel rapidly 
increases its 
speed of revolu¬ 
tion owing to 
the slight inter¬ 
nal resistance 
offered by the 
differential gear. 
The following 
retardation of 
the wheel speed, 

as it strikes the ground upon return, imparts by way of the 
differential an impulsive or jerky acceleration to the other wheel, 
involving a difference in velocity between the two revolving wheels. 
This is one of the causes of vehicle skid when there appears to be no 
apparent reason. 

Moreover, should the vehicle be stationary with one wheel resting 
upon slippery or soft ground, that wheel will spin upon the applica¬ 
tion of torque as the differential affords no material resistance. In 
consequence, instead of propelling the vehicle, it merely sinks lower 
into the ground. 

The bevel-gear tooth profiles are partly responsible for the equal 
division of torque between the driving wheels, as it will be under¬ 
stood that with involute form of tooth the normal line, that is a line 
normal to the tooth curvature at the point of contact, will pass 
through the point of contact of the pitch circles and therefore the 
ratio of tooth leverage between the two axle-shaft gears will be 
constant with a value of unity. 

Reference to Fig. 138 will show a bevel-pinion meshing with two 
bevel gears at three different stages of revolution around the axis of 
the axle-shaft gear. Rj, Rg, R3 and R4 represent the lever arms of 
each side gear and pinion (since they are drawn perpendicular to the 
normal line) and the ratio of leverages is: 

V 

R2 K 
It will be noted that for all three positions these arms are similar 

so that in each case the ratio is unity, or in other words the torque 
between the two driving wheels is equal. 

Refer now to the gears in Fig. 138. The tooth design is such 
that a considerable variation of leverage is allowed between the 
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dedendum and addendum portion of the teeth, and it is apparent 
that the lever arms vary in length in each position. This being the 
case, the ratio of axle shaft gear A varies uniformly to that of gear C 
when pinion B rotates about its axis, thus: 1 f : 1, 1:1 +. 
Further rotation of B changes the ratio again uniformly from 
1 : 1 -f-, 1 + • F 

This cycle of torque-ratio distribution may, of course, occur as 
many times during the revolution of one driving wheel (assuming 
that the opposite wheel is prevented from rotation) as there are 
teeth in the axle-shaft gear. It is claimed that with this periodic 
transfer one wheel cannot spin although, for conditions of equal 
traction of the driving wheels and straight-ahead driving, the pinion 
and gears assume the position shown in Fig. 138 (position 2) when 
torque distribution is equalised. 

It is therefore desirable, in a gear having plain involute teeth, 
to provide some degree of friction in the compensating gear, and 
numerous devices have been designed to this end. Attempts have 
also been made to lock the differential as conditions render such 
action necessary. 

ZF SELF-LOCKING DIFFERENTIAL 

One of the friction devices which found great favour on the 
Continent is the ZF self-locking differential, and its basis is that of 
very low transmission efficiency, or in other words, it possesses 
considerable friction. This friction is in turn occasioned by 
relatively high pressure between the carrier dogs and the curved 
paths. When the vehicle is starting, having resistance at one rear 
wheel only, the friction is increased by the back pressure set up by 
acceleration of the slipping wheel. This high internal friction 
virtually transforms the differential into a self-retarding transmission 
gear which does not permit wheel-speed difference. It does not, 
however, dis¬ 
pense with its 
compensating 
qualities (see 
Fig. 140). 

When driving 
round a bend 
the differential 
is controlled by 
the wheels, the 
parts transmit¬ 
ting the torque, 
such as the axle 
shaft, being sub¬ 
jected to an 
angular change Fig. 139—ZF differential 
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in their respective position, whilst the 
driving parts are relatively stationary. 
The construction of the differential is 
simple, constituting a cam drive in 
which one of the axle shafts is con¬ 
nected to the inner and the other shaft 
to the outer cam body, the bevel or 
worm final drive being effected by the 
sliding shoes guided in the central 
cage. Reference to the sketch will 
make this clear, whilst the section 
through the cam and track will illus¬ 
trate the reason for the high friction 
values upon which the operation of 
this differential gear is based. 

Another form of differential gear 
is shown in Fig. 141; this employs 

spur gears instead of bevel gears. It performs similar duties 
and is widely popular overseas. Wheels A and B are fixed by 
keys or splines to the two axle shafts. A long spur pinion E meshes 
with wheel A, the teeth of E not quite reaching those of wheel B. 
Another spur pinion F meshing with E also meshes with wheel B. 
The pinions are carried on pins supported by the differential case, 
the case in turn forming the mounting for the specific type of final 
drive—bevel, worm, or spur gear. 

Torque is conveyed to gear A through pinion E, and the tooth 
pressures tend to make E revolve upon its pin. This pressure is 
opposed by pressure between the teeth of the two pinions at the 
centre which in turn makes pinion F revolve. Obviously in view of 
this, a similar condition arises between pinion F and wheel B. 
Should pinion E not be rotating on its pin, then the two pressures 
acting upon it must be equal and therefore equality exists between 
the pressures on 
the teeth of gear 
and pinions A 
and B, and E 
and F. Torques, 
therefore, are 
also equal. 

Several sets of 
spur pinions are 
usually e m- 
ployed, each pair 
being equally 
spaced around 
the periphery of 
gears A and B. 
If the differential 
case C is held to Fig. 141—Spur gear differential 
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prevent rotation and wheel A is rotated in anti-clockwise direction, 
then pinion E will rotate in clockwise direction, and pinion F in 
anti-clockwise rotation, wheel B will obviously rotate clockwise. 
If, therefore, one of the differential wheels rotates faster than the 
case, the other wheel rotates exactly the same amount slower than 
the case; this is a similar action to that which occurs in the bevel- 
type differential. 

We have discussed briefly the question of friction and some of the 
reasons for its desirable presence and in this connection, in order to 
prevent or to control the degree of wheel slip, resort is sometimes made 
to a differential lock. Such mechanisms provide for the locking of 
one or both differential wheels to their casing or by the prevention of 
rotation of the pinions on their pins or “ stars ”, in which case the 
differential ceases to function and the Whole of the torque is then applied 
to the crown wheel and transmitted to whichever road wheel retains 
its adhesion with the road surface. The importance of such a 
mechanism is more apparent in the cross-country vehicle or the tractor 
than in a light truck or passenger car, when the ground surface may 
vary between wheel and wheel. The absence of such a lock may under 
such circumstances render the vehicle totally inoperative, since any 
applied torque to a slipping wheel merely aggravates that condition. 

The splines for the driving of the differential wheels will be assumed 
to be of the involute type, the basic formulae for tooth proportions 
being well known as follows: 

Circular pitch Diametr-^r^h 

Addendum and dedendum ^ 
0-50 

Circular tooth thickness 

Pitch diameter = 

Major diameter ^ 

Minor diameter 

Diametral pitch 
_ 1 *570 _ 
Diametral pitch 

Number of teeth 
Diametral pitch 
Number of teeth plus one 

Diametral pitch 
Number of teeth minus one 

Diametral pitch 

whilst they apply equally to internal and external shafts. 
We have previously seen the weakness of the straight spline with its 

undercut at the spline base, but with the involute type torsional tests 
have shown that the strength is equivalent to a shaft larger than the 
minor diameter, which indicates that with the fillet the spline teeth 
actually add strength under fatigue loading. 

Moreover the involute provides greater bearing surface and tooth 
contact and this permits closer fits with decreased noise and greater 
possibilities of interchangeability. From these aspects alone it is 
highly probable that the straight-sided spline will eventually be super¬ 
seded in favour of the involute type. 
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THE CHASSIS 

CHASSIS LAYOUT 

Assuming that the design of the main units has been agreed, 
the procedure of installing them in the chassis to the greatest 

advantage is one which calls for particular skill, for not only must 
the designer possess a sound knowledge of the loads and stresses 
encountered and at the same time know how to dispose the units 
to counteract any circumstances detracting from the best vehicle 
performance, but he must be able to visualise assembly detail even 
before that stage in design is attained. 

The main aim must be to produce as few a number of chassis parts 
as is consistent with sound engineering, utilising as many multi¬ 
purpose pieces as possible. It will be appreciated that simplicity in 
design usually produces the most reliable mechanism, and simplicity 
cannot be achieved if the chassis design is treated in a series of 
individual sections. It must be considered as a whole. 

As an example, it will have been seen in previous pages how the 
relation of track to wheelbase affects stability and, if the vehicle be 
of heavy type for cross-country work, how its performance can be 
affected if a satisfactory wheel loading is not arranged, almost to the 
extent of rendering the vehicle incapable of movement under certain 
conditions. Further, it will have also been noted that suspension, 
braking, and steering are so interdependent that it would be in¬ 
advisable to lay out a design of either without giving due considera¬ 
tion to the effects of each one upon the other. 

It is therefore somewhat difficult to describe all that takes place 
during the layout of a chassis, and in attempting to do so it must be 
presumed that the designer keeps in the foreground the necessity 
for the checks and cross-check,s of dependent units, so vital in the 
design of a successful chassis. 

Most well-designed vehicles possess a certain degree oL‘ character ’’ 
or “ styling’' which isdhe direct result of the particular designer’s 
outlook and method of approach, not only of general layout, but 
of the smallest detail design, consistency in which is essential to 
neatness. Neatness in chassis design covers many features, such as 
correct balance of component location, absence of superfluous parts, 
simplicity of mechanism, and consistency in design of details of 
similar nature. 

Nothing must be taken for granted in chassis layout, as a collec¬ 
tion of excellent individual units is not sufficient to ensure a good 
chassis; neither does it follow, even if all the individual chassis 
details are well conceived, that the general design will be all that 
can be desired, as if the parts most likely to require attention or 
periodical inspection are arranged in inaccessible positions any 
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merit which attaches to that individual part is liable to become 
nullified by continued lack of attention, and possible consequential 
failure. 

Accessibility is not confined to simply being able to work on a 
unit; it means also that a component must be able to be withdrawn 
without fouling any other part, whilst it should not be necessary 
to dismantle an adjacent unit in order to gain access to another 
component. 

Manoeuvrability, “ feel ” of control, and operating comfort should 
take high places in initial considerations. The foregoing represents 
but a very small proportion of the technical problems to be borne in 
mind in a successful chassis layout, whilst on the other hand the 
question which is constantly before the designer, and which often 
influences a design, is its cost. 

The cost of an article depends mainly on the material, labour and 
overhead charges. The former changes infrequently, whilst labour 
costs are liable to more frequent disturbances and vary with every 
different article produced, whilst at the same time they are further 
affected by the type of labour and its quality. It is therefore essential 
that materials are carefully chosen in accordance with the require¬ 
ments of strength, and that suitable, but not superfluous, machining 
be specified. By suitable machining is meant that type of work which 
does not require a more expensive type of labour (or a more com¬ 
plicated machine to perform that work) than is necessary for the 
correct functioning of the part. This, of course, refers mainly to 
the detail stage, but in the layout of an assembly it must still be 
borne in mind. 

Lastly, there is the question of Acts of Parliament and regulations 
which affect the operation, construction and equipment of the vehicle. 
Such legislation was designed to ensure the public safety and is 
rigidly enforced. Therefore any misinterpretation or deviation from 
the restrictions set down render the vehicle illegal. It is not possible 
nor desirable to discuss these in detail, but reference will be made to 
those relevant when the appropriate stage in layout is reached. A 
very brief summary of the more important dimensional ones is set 
out in the following pages and the more important descriptive clauses 
under their appropriate sections. The actual drawing-office pro¬ 
cedure follows somewhat on these lines, depending upon the type of 
vehicle under consideration, which for this example will be a public 
service vehicle. 

There is, of course, a certain amount of preparatory work to be 
laid down and the first consideration must be that of tyre equipment, 
which involves wheels, spring centres, frame width, wheel offset 
at ground and track. The overall width must not exceed 7 ft 6 in 
or 8 ft 0 in in special cases and this, once the tyre equipment is 
decided, confines the main transverse dimensions to within certain 
limits. 

If a complete range of vehicles is under consideration the problem 
of twinning rear wheels and standardising frame widths for different 
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TYPE OF VEHCLE TYRE SIZE 
TYRE CAPACITY 
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RIM SIZE 
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Fig. 144—Typical diagram, width clearances 7 ft 6 in overall 
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Fig. 145—Typical diagram, width clearances 8 ft overall 
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tyre sizes becomes more complicated, and it is desirable to set down 
each case graphically, tabulating resulting figures as shown in Figs. 
144 and 145. Conclusions will be drawn from such a diagram as 
to the best combination of dimensions for frame widths and clear¬ 
ances, as allied with differing combinations of wheel and tyre sizes; 
whilst at the same time the wheels and offsets and their rim sizes 
will be standardised at front and rear. 

Tyre sizes will, of course, vary in accordance with requirements of 
load up to the maximum allowable and in this connection there are 
several regulations to note : 
Tyres : 

(1) Heavy motor cars must be pneumatic tyred, but solid-tyred 
vehicles first registered on or before January 2, 1933, are 
exempt until January 1, 1946. Solid tyres may be used for 
heavy motor cars weighing over 4 tons unladen and used 
mainly over rough ground or unmade roads, and also on 
special municipal vehicles. 

(2) Every public service vehicle registered on or after February 
10, 1931, must be equipped with pneumatic tyres. (P.S.V. C. 
of F. 514/41/18.) 

(3) On each wheel of a heavy motor car registered for the firsttime 
on or after October 1, 1938, there must be a plate or a direct 
marking on the wheel showing the maximum nominal section 
of tyre for which the wheel is designed (398/41/59/1). No 
tyre of greater section may be fitted (59 (2)). 

Axle Weights and Total Weights : 
(1) See tabulated schedule (pages 224-225) for weights, overall 

dimensions, etc. 
(2) In the case of a heavy motor car, motor car or trailer, whether 

laden or unladen, the weight transmitted to any strip of the 
surface upon which the vehicle rests contained between any 
two parallel lines drawn 2 ft apart on that surface at right angles 
to the longitudinal axis of the vehicle shall not exceed 2 tons 
(398/41/66). 

(3) Two wheels are counted as one if their centres of contact with 
the road are less than 18 in apart (398/41/3 (4) ). 

Dimensions (Side Overhang): 

(1) No part of a vehicle other than driving mirror and direction 
indicator (when in use) may extend more than 6 in beyond the 
outer face of the outer tyre on the rearmost wheel. Vehicles 
first registered on or before December 1, 1932, are excluded 
(514/41/13). 

(2) No part of a wheel or its fittings may project more than 3^ in 
beyond the extreme outer face of the tyre when fully inflated. 
This does not apply to vehicles registered for the first time on 
or before January 1, 1932 (514/41/19). 

Meantime a vehicle-weight assessment will have been made, 
probably based on similar parts with the necessary adjustment for any 
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Table 12 

Unit or Part Weight No. Remarks 

Max. Min. 

Frame 600 

] Engine 1,600 Includes dynamo, air cleaner 
and starter 

2 Clutch 65 

3 Control Gear 
1 

10 

4 Radiator 
1 

no 95 4-row tube type (max.) 4- 
row Morris (min.) 

5 Front Spring 203 
i 

183 Plain leaf (max.) Toledo 
Woodhead (min.) 

Unladen Weight 
Maximum - Tons Cwt Qr Lb 
Minimum - Tons Cwt Qr Lb 

Gross Laden Weight 
Maximum - Tons Cwt Qr Lb 
Minimum - Tons Cwt Qr Lb 

differences in design or dimensions. If such data is not available, 
then the figures must be calculated and set out to form a table on 
similar lines to Table 12. The maximum and minimum weights 
concern savings and actual figures with alternative designs or equip¬ 
ment, and they serve as a useful reference when preparing data for 
the BM and stress diagrams. 

Before commencing the frame-stress figures, it is advisable to form 
some preliminary idea of spring centres and deflections and, if not 
already fixed, decide upon a convenient wheelbase, which in view 
of legal requirements of overall length, particularly with the P.S. 
vehicles, is fairly well standardised. Useful figures which form a 
basis for calculation of spring lengths and assist in the fixing of 
wheelbase are those which give the average total sprung length of 
frame in relation to wheelbase as from 0*53 to 0*57, whilst the ratio 
of front spring length to rear spring length varies between 0-82 to 
0-85, the front spring of course being the shorter one. 

With this data to hand and the fact that the legal overhang at the 
rear may be 50 per cent of the wheelbase, it is not a difficult matter 
to decide upon a suitable dimension, always bearing in mind that the 
front-axle weight should approximate the ratio of 41/45 per cent 
that of the total axle weights and the rear of course 55 per cent. It 
is not advisable to exceed this figure, as any substantial increase may 
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TOTAL IMPOSED LOAD 

INDIVIDUAL WEIGHTS FROM 
ASSESSMENT CHAITT + BODY & PASSENGERS 

I 1 I 
: - 1 
r W 
' * 

1 82 L \ _ 53W 1 
185 L / 57W / FRONT SPRING 

REACTION 
REAR spring 'REACTION 
-I - 

^ 
•82L TO -SSL MAX LEGAL OVERALL LENGTH MINUS 2 OR 3 INCHES FOR BODY SWEEP 

Fig. 146—Chassis weight distribution 

affect steering gear problems, and as will be seen later—braking 
problems. 

We therefore can approximate the spring-reaction points, after 
which it is necessary to set down the weight-assessment figures in 
scale form on the wheelbase selected and to check axle loadings and 
weight disposition. The condition is now as shown in Fig. 146 
and W may be lengthened or shortened, or alternatively, may be 
repositioned bodily to so dispose axle weights to their desirable 
magnitudes. 

Having decided these basic dimensions the operation which follows 
should be to form the bending-moment diagram and stress diagram 
in the manner described in earlier pages. From the bending-moment 
diagram the stress will be calculated from the well-known B.M. ~ fZ 
expression at many points along the frame side members, and these 
should be plotted to scale above the combined bending-moment 
diagram. Should there be any sharp increase or sudden decrease in 
magnitude, adjustment should be made to flatten out the curve. 
A public service vehicle frame should be stressed if possible to 
6 tons/in^ and never allowed to exceed 10 tons/in2.(See Fig. 147.) 

These diagrams are the key to frame development and to the 
section grading. They also determine the points at which the frame 
depth may be decreased to the taper ends front and rear. Where it 
is possible that different wheelbases may be required, diagrams should 
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be produced for all such differences. A certain length of straight 
portion is formed at the centre of the side rail, since large-wheelbase 
frames usually have their dies formed in three separate sections, 
adjustment being made by increasing or decreasing the centre straight 
section, avoiding any alteration to the front and rear portions. 

Having determined the frame section, a side elevation may be 
produced which includes the springs, usually shown in their fully- 
laden position. The front and rear wheels should be indicated and 
drawn at their correct running radius for the estimated tyre loading. 
In this position the chassis frame should be approximately horizontal 
and not tail down. This means that when the vehicle is laden it is 
slightly tail up. General practice usually allows the frame end 
to be 1 in up when laden, which will allow for the springs settling 
down and counteract the many other factors which enter into the 
question. 

At this juncture it is desirable to view the frame in plan. The rear 
width has been decided and the front-wheel track is also known. 
It is therefore desirable to set down the maximum wheel lock, which 
will not only show the maximum width frame possible but will allow 
the elementary steering geometry to be proceeded with in order to 
ascertain (besides other things) the maximum turning circle, which 
of course must conform to legal requirements, and the steering-arm 
and wheel clearance. The steering box can temporarily be located 
in its vertical position, which will then dispose the length of drop 
arm required to satisfy any adjustment in ratio between steering box 
and swivel head. The final position will be settled later. 

It will be noted from the stress diagram in Fig. 57 (reproduced for 
ease of reference in Fig, 147) that the stress is practically constant 
at the front end at 5 tons/in^ up to a distance behind the spring 
shackle (point A), 
therefore having 
calculated the Z 
and depth of sec¬ 
tion for maximum 
stress the profile 
grading may be 
made from the 
point at which the 
stress begins to rise 
and the section 
made smaller down to the dimensions required for 5 tons/in^. 
Similarly at the rear the stress begins to fall at point B, but it rises 
again to C, the magnitude being 7 tons/in^. A similar treatment 
to that at the front is carried out at the rear. 

Before the frame can be correctly disposed in relation to the ground, 
that is in order that it shall be slightly higher at the rear than at the 
front, and also so that its height from the ground shall not exceed a 
certain predetermined figure, the road springs or suspension should 
be calculated. A rough but suflBciently accurate method at this 
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Stage is based upon the following formula, with assumed data as 
tabulated: 

Weight of vehicle, fully laden 10 tons 10 cwt 0 qr 
Front-axle weight laden 4 tons 10 cwt 0 qr 
Rear-axle weight laden 6 tons 0 cwt 0 qr 

Assume 1 ton 10 cwt extra for possible overload. Then if 10 cwt is 
applied the front-axle loads become 

Front-axle weight 5 tons 0 cwt 0 qr 
Rear-axle weight 7 tons 0 cwt 0 qr 

Estimated weight of front axle with 10*50 x 20 in tyres and wheels 
11 cwt 

Estimated weight of front springs 3 cwt 
Total unsprung weight of FA and springs 14 cwt 
Sprung weight on FA 4 tons 6 cwt, that is 2 tons 3 cwt per spring 
or 4,800 lb (say 5,000 lb). 
Estimated weight of rear axle with 9*00 x 20 in twin tyres and wheels 

^ 18 cwt 
Estimated weight of rear springs ^ 4 cwt 
Total unsprung weight of RA and springs = 22 cwt 
Sprung weight on RA = 5 tons 18 cwt, that is 2 tons 19 cwt per spring 
or 6,600 lb (say, 7,000 lb). 

In accordance with previous text, satisfactory deflections should be 
chosen and used as a basis in conjunction with static and dynamic 
stress to obtain the necessary spring dimensions. To proceed with 
the example we will work on a front deflection of 3*0 in and a rear 
deflection of 5*0 in. 
Front Spring : 

Assume eleven plates, | in thick, 4 in wide. 
WL^ 

Deflection 8 = 411)00 bnt^ where W weight in tons on spring 

L - spring-eye centres 
b breadth of plate (leaf) 
n = number of leaves 
t thickness of leaf 

2*23 X 50^ 
Therefore S = 4f^-x 4 X 11 x 0y75=> "" 2-94 in 

fSt 
Static stress = /, .2 tons/in^ ^ 

(5) 
2-94 X 13,200 X 0-375 

(25)^' 

Dynamic stress == —tons/in‘^ — 

.(r) 
13,200 X 4-94 X 0-375 

(25)* 

= 23-3 tons/in® 

= 39-1 tons/in*. 
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Note tliat by the expression S -f 2 is meant that 2 in added to the 
static deflection is sufficient to cover spring deflection from bump 
to rebound and this, for a heavy vehicle, is a recognised expression. 

These stresses appear to be satisfactory and the deflection is 
sufficiently approximate to assume that the suggested spring of 11 — | 
leaves—4 in wide are acceptable. The recommended dynamic shear 
stress should not exceed 1,120 Ib/in^ and it is therefore desirable to 
check this stress at the spring eye. 
The load per spring eye is 2,500 lb static. 

The dynamic load per spring eye is 
5,000 X (8 -f 2 

8 
“ 2 ^ 

- 4,200 lb. 

Sectional area of one plate -- 4 in x ^ in 1 *5 sq in. 
Assume two plates under the spring eye 

- • , Load 2,500 ,, ^ 
Static shear stress a x r ^ = o35 Ib/in*-. Area 2x1*5 ’ 

Dynamic shear stress Load _ 4,^00 _ | ^qq 
^ Area 2 x 1 *5 ’ ' 

This stress for dynamic loading is slightly high and another leaf added 
under the eye would probably rectify the condition. 

• u ^ Load 4,200 o 
Dynamic shear stress “ ~ 3 x j *5 ~ Ib/in**. 

This appears to be satisfactory for front springs and a similar 
series of figures should be calculated for the rear springs, which will 
be found to have, with the foregoing data, a deflection of 5*08 in, a 
static stress of 29*8 ton/in- and a dynamic stress of 41*6 tons/in^. 
with rated load of 7,000 lb at eleven plates in thick and 4 in wide. 

We are now at the position where the frame may be mounted and 
laid on its wheels, or in other words we have arrived at a stage which 
corresponds to Fig. 146. The next stage concerns adjustment of 
frame profile to suit rear-axle clearances and to decide upon ground 
clearances for the front axle, which will again necessarily be controlled 
by regulations. Bump clearance between front axle and engine sump 
will be set and buffer dimensions settled. The frame at the front 
will be slightly rearranged, retaining the calculated section through 
the requirements of the rear. Floor heights, rear step height and axle 
bump will necessitate an upswept rear and a rapid drop at the extreme 
rear end. The profile is modified as shown full in Fig. 146. 

Here we will briefly recall the regulations as affecting the design 
at this stage: There were, prior to October 1, 1936, alternative 
requirements in the Statutory Orders with which it was necessary 
to comply, two of which related to track widths and spring-centre 
distances. In making reference to thcvse conditions at this date it is 
desired to eliminate the confusion which exists to this day with 
regard to the interpretation of these two specific requirements which 
no longer apply to vehicles registered after October, 1936. 

193 G 



AUTOMOBILE CHASSIS DESIGN 

STABILITY OF PUBLIC SERVICE VEHICLES 

It is clearly stated in Statutory Rules and Orders 1941 C of F 
Regulations No. 7 under the heading of Stability of Public Service 
Vehicles: 

(a) Double-deck vehicles registered after July 1, 1931, must pass a 
28° stability or tilt test with the upper deck laden, without 
overturning. 

(b) Single-deck vehicles registered after October 1, 1936, similarly 
must pass a 35° stability or lilt test with full load without 
overturning. 

(c) Single-deck vehicles registered after July 1, 1931, and before 
December 1, 1932, must pass a 28° stability test. 

The obsolete stability requirements were briefly as follows:— 

(d) Tracks: '^he front and rear tracks in either case were required 
to be not less than 69 per cent of the overall width of the 
vehicle, and the front track was not allowed to be less than the 
rear track. Also :— 

(e) Springs: The old regulations specifically laid down that 
“ rear springs must be attached to or bear upon the rear axle 
casing as near as possible to the road wheels Also that the 
width outside of the rear springs was required to be not less 
than 50 per cent of the overall width of the vehicle and the 
width over the front springs had to be not less than 37 per cent 
of the overall width. 

It will be recognised that some such requirements as outlined in 
(d) and (e) above were obviously desirable to preserve some measure 
of standardised stability, although it was felt that the same degree of 
stability could be attained by a much simpler form of regulation. 
Accordingly it was agreed that the two simple clauses quoted under 
(a) and (b) above should be introduced as the sole requirements for 
new vehicles registered after the dates mentioned. 

The clauses under (d) and (e) are retained in the existing regulations 
in connection with single-deck vehicles registered between the two 
inclusive dates December 1, 1932, and October 1, 1936, in which 
case there is a choice of the following alternatives; 

(a) Must pass a stability test of 35° or otherwise the vehicles 
must comply with all the following requirements from (b) 
to (f). 

(b) Pass a stability test of 28°, instead of the now prescribed 
35°. 

(c) Front and rear tracks in either case be not less than 69 per cent 
of the overall width of the vehicle. 

(d) Front track must not be less than the rear. 
(e) Rear springs must be attached to or bear upon the rear axle 

or casing as near as possible to the road wheels. 
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(f) Width outside to outside of the rear springs to be not less than 
50 per cent of overall width of vehicle. 
Width over front springs to be not less than 37 per cent of 
overall width of vehicle. 

In the case of vehicles registered on or after December 1, 1932, 
transverse springs if fitted at the rear of the vehicle shall be fitted 
only as supplemental to longitudinal springs and in every case where 
transverse springs are fitted to a vehicle the system of springing shall 
be so designed that there is no excessive body sway (514/41/8). 

Turning Circle : Every p.s.v. except those first registered on or 
before January 1, 1932, must be capable of turning in a circle not 
exceeding 60 ft (measured at the extreme outer edge of the wheel 
track), but if the overall length exceeds 26 ft the maximum turning 
circle may be 66 ft (514/41/9). 

Step Height : The top of the tread of the lowest step for any 
entrance or exit to a vehicle, other than an emergency exit, shall not 
be more than 17 in or less than 10 in above the ground when the 
vehicle is empty. All steps shall be fitted with non-slip treads. 
Fixed steps shall not be less than 9 in wide and shall in no case 
project laterally beyond the body of the vehicle unless they are so 
protected by the front wings that they are not liable to injure 
pedestrians (514/41/28). 

Ground Clearance : There must be at least 10 in clearance above 
ground level extending to at least one-third of the front-wheel track 
from each side of the centre line of the vehicle and rearwards from 
the foremost part of the chassis (excluding starting handle) up to a 
distance of 14 ft 6 in in the case of a four-wheeler or 13 ft for a 
vehicle with more than four wheels. If a rear-driving axle inter¬ 
venes, the clearances must extend up to but not include such axle. 
These requirements do not apply to vehicles registered for the first 
time before January 1, 1933 (514/41/10). 

It is inadvisable to mount either front or rear road springs on the 
sides of the chassis side members, as the resulting twist is difficult 
to eliminate, and the plan view will be modified in order that the 
springs will be underneath the frame section. 

The adjustment is shown chain-dotted in Fig. 146. In consequence 
of this frame arrangement a road spring of either flat or slightly 
negative camber will be indicated. It has been stated previously that 
this type of spring provides more adequate location for the rear axle 
than does the highly-cambered type. 

Springs may now be worked out and designed in detail. A typical 
design of spring layout is illustrated in Fig. 148. The cross-bracing 
members must be next arranged and, after having decided the type to 
be adopted—whether tubular, channel, or cruciform—a rigid member 
should be placed at each spring attachment point, the attachment 
bolts if possible being arranged to pick up the spring bracket holes. 
The importance of this location is manifest insomuch as these eight 
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dictated by the require¬ 
ments of the propeller 
shaft with regard to length 
and its centre bearing. 

An example of light but 
rigid frame design is typi¬ 
fied in Fig. 150. 

It is now possible to 
make further progress in 
the unit layout and a start 

may be made by fixing the main line of transmission. It has 
not been possible to advance to this stage previously as it is necessary 
to fix a suitable transverse position for the rear-axle centre and that 
could not be done before the rear-frame width had been decided. 
However, it is appreciated that the offset drive presents no insuper¬ 
able difficulty and it will be necessary to set out a cross-section view 
at the rear-axle centre to obtain maximum axle rise and clearances 
in all directions (see Fig. 151). 

It is preferable that the axle pot” be off centre and positioned 
under the frame as far as possible in order to provide an unobstructed 
gangway. This objective cannot be entirely achieved due to the 
enforced restriction on frame width and bump clearance; thus in 
consequence the wheel-arch seat tread must be built up to minimise 
the obstruction. However, when the chassis designer has pared the 
clearances down to the minimum acceptable to the body designer, the 
transmission line in plan view may be considered. The effect of 
angular misalignment of joints upon rotational speed will have 
been seen in a previous chapter, which, if permitted, sets up a violent 
period in the shaft and seriously overstresses not only propeller-shaft 
components, but the vibrations are transmitted throughout the 
chassis and build up into a most unpleasant noise. Where angular 
misalignment is absolutely unavoidable, the practice of fitting a 
vibration damper may be resorted to. 

It should be borne in mind during all stages of transmission 
layout that most probably some section of the propeller shaft will 
of necessity possess angular disposition in two planes. Endeavour 
must therefore be made to straighten up the line as much as possible, 
in both plan and elevation, from gear box to axle. Moreover the 
axis of axle is variable in elevation on account of spring distortion 
when braking; whilst, due to vertical movement and normal spring 
deflection, the shaft rear end joint angle is constantly varying. 

Reverting to the plan view, the rear-axle worm or bevel axis will 
be parallel to the chassis centre line, and therefore it is reasonable 
to assume that the longitudinal axis of the engine should also be 
parallel to this chassis centre line, although not necessarily on that 
line. Requirements of pedal spacing, controls, etc., almost invariably 
necessitate an offset engine—offset to the near side—and whilst this 
has certain advantages in reducing the propeller-shaft angle, it is 
often *difficult to obtain sufficient accessibility of engine auxiliaries, 
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nearly always mounted on the engine nearside to ensure a clean cab 
interior. 

A front-end layout will be necessary at this stage, setting down 
frame sides, engine auxiliaries, pedals and steering, and wheels on 
full lock in both directions. It is not possible to do this adequately 
without an elevation (side and front) which will include the front-axle 
cross section in normal and bump positions, allowing the desired 
clearance under the engine sump. Preliminary layout to assess the 
longitudinal location of the engine will include temporary radiator 
and starting-handle positions, allowing for a radiator shell if fitted, 
but always having in hand approximately ^ in on overall length. This 
layout requires all the skill of the designer as there are many things 
to bear in mind, as it forms the basis of the major detail schemes 
which will be produced at a later stage. Usually there is limited 
space between the radiator front and the cab rear panel and, as 
pedal position and seating are very interdependent, it will be appreci¬ 
ated that pedal sweep as affecting radiator position must have a 
great bearing upon the initial layout. However, these items will be 
discussed later, but it is necessary to mention a few of the schemes 
required which bear upon engine location, in order not to minimise 
the importance of skilled layout at this stage of initial design of 
transmission. 

Although the engine may be parallel with the longitudinal axis of 
the chassis, it may be, if considered desirable, set at an angle in 
elevation. Such 
a practice pro¬ 
duces the ad¬ 
vantage of re¬ 
duced trans¬ 
mission angle, 
and it is very 
often found 
possible to pro¬ 
vide a straight- 
line series of 
shafts, particu¬ 
larly if the rear- 
axle casing be 
set on the rear 
springs so that 
the worm axis 
is in line with 
that of the 
engine. It will 
be appreciated 
that a similar 
arrangement 
could be made 
in plan view, 
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when the combined angles will be still further reduced. How¬ 
ever, this angle in plan view is adopted only in few examples, 
probably on account of the fact that it possesses the disadvantage 
of machining and assembly of engine-mounting components in 
two separate planes, and is therefore costly against its small 
advantages in shaft angle and cab space. Reference to Fig. 152 
will make this clear. 

The best compromise is possibly the parallel-plan axis and angular- 
elevation setting for the engine with the rear axle inclined on the 
springs as shown in Fig. 152c. 

THE RADIATOR 

Having fixed the transmission line, perhaps the most useful unit to 
investigate next is the radiator and fan cowl if such is considered 
necessary. Incidentally a close-fitting cowl considerably assists in 
radiator cooling and if there is no relative motion between engine and 
radiator, by which is meant that either both units are mounted solidly 
in the frame or alternatively the radiator is mounted on the engine, 
then the close-fitting cowl is a recommended inclusion. 

It is not intended to discuss the actual detail design of the radiator, 
as cooling depends upon so many features which it would be 
impossible to cover in all stages in this chapter. Such items as the 
type of tube block, design and capacity of fan, cowl clearance around 
fan blades, to say nothing of the engine characteristics of heat to 
water in h.p. and water speed, must be considered. 

Additionally a great deal depends upon the amount of available 
space, which controls the radiator frontal area, for it must be appreci¬ 
ated that later the driver’s vision line will arise for consideration, and 
a too-tall radiator will incur an impedance of this most important 
feature. 
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It is, however, very desirable to 
have a good rise of inlet pipe from 
engine to radiator top tank and 
a compromise in height must be 
arranged. As a reasonably practical 

procedure, it is usual to assume a frontal area compatible with 
prevailing dimensions at the chassis front end and, if the fan 
has not already been designed, to calculate the required air 
flow which will produce the required temperature drop in con¬ 
junction with the characteristics of the radiator tube adopted. 
As an example: Assume a petrol engine develops 100 b.h.p., 
its heat to water 100 h.p., a temperature drop of say 100° F 
and a radiator frontal area of say 4 sq. ft. Then the h.p. to be 
dissipated per sq. ft of matrix per degree F temperature difference 

_ 100 h.p. 
100° F X 4 

0*25 h.p. This is at a matrix face velocity of 

20*5 ft/sec or 14 m/h and assumes a constant water flow of 20 gal/min 
per foot width of matrix. The curves in Fig. 154 show the compara¬ 
tive capabilities of heat dissipation for 8 and 9 gills per in, whilst also 
illustrating the corresponding static pressure drop against matrix 
face velocity; both sets of curves assume a five-row stack. 

The quantity of air required to pass through the tube stack 
= 20*5 X 60 X 4 = 4,920 ft^min. Consider the free air speed at 
say a vehicle velocity of 10 
m/h, which is approximately 
15 ft/sec. Then the volume 
of air at that speed will 
be 15 X 60 X 4 - 3,590 
ft^/min. The natural flow 
of air through the block 
will be 3,590 x 0*4 or 1,436 
ft^/min as 0*4 is the ap¬ 
proximate radiator resist¬ 
ance, the fan being left to 
deal with the difference be¬ 
tween the air required and 
the natural flow, in this 
case 4,920 -- 1,436 - 3,484 
ft®/min. 

Reverting to the frontal 
area and assuming that the 
fan can deal with this 
volume of air, then 4 sq.ft 
is adequate and the bound¬ 
ary dimensions will of course 
be arranged so that the 
radiator top tank is not face vEioctTY m.p.h. 

too high to impair vision Fig. 154—Radiator tube cooling curves 
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and the block not too wide to sit between the frame side 
members. 

The radiator position longitudinally is virtually fixed by the re¬ 
quirements of vehicle overall length, and thus the engine" and fan 
location depends upon what is considered to be the optimum distance 
of fan from radiator, and in passing it should be realised that this 
distance is important insomuch as if the fan is too close to 
the radiator matrix then the efficiency of the combination is con¬ 
siderably reduced, as also is the case if the fan is too far distant 
from the matrix. 

With a petrol engine it is advisable to fit a fan cowl, which some¬ 
what minimises the effects of poor fan location. This optimum 
position depends upon many factors, such as the type of block tube 
and gill, the number of tube rows and the characteristics of the fan 
itself. Sufficient data should be at hand concerning the cooling 

capabilities of 
the combination 
of radiator cowl 
and fan to enable 
the designer to 
locate the fan 
with confidence. 

Moreover, 
since the cooling 
water is hottest 
at the radiator 
inlet, the fan 
should be ar¬ 
ranged as near 
to the underside 
of the top tank 
as is consistent 
with reasonable 
cowl design, al¬ 
ways taking care 
that the cowl 
and metal work 
are arranged so 
that air currents 
are not allowed 
to enter the 
bonnet by way 
of the gap be¬ 
tween the mat¬ 
rix and side 
standards, and 
thus cause ed¬ 
dies which are 
liable to counter- 
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act the work of the fan by 
virtue of recirculation. 

Transversely the radiator posi¬ 
tion is governed by several 
features, which, combined, serve 
to fix the dimensions. Firstly, 
there is its relation to the fan. 
It is of no avail to have the fan 
in the top righthand corner, 
although it is not always pos¬ 
sible to arrange it in the ab¬ 
solute centre of the matrix. 
Secondly, there is the pedal 
sweep : the radiator must of 
course be clear of this in a 
forward-control layout. Finally, 
account must be taken of the 
cab-and-bonnet symmetry, be¬ 
fore layout of thejsteering gear 
and pedals is commenced, which 
will be the next set of units for 
consideration. 

PEDAL SPACING 

Pedal spacing and its relation 
to seating is not an easy matter 
to arrange to suit the differing 
statures of ^driver, particularly 
in the p.s.v.' or freight vehicle. 
It is a much more arduous task 
than for the private car, wherein 
the driver occupies a more re¬ 
clining position, whilst steering 
box and engine are remote, per¬ 
mitting more freedom in design. 
However, it is usual to adopt 
the I.A.E. standard of pedal 
spacing where possible, that is, 
from near to offside, clutch, 
steering column, brake and 
accelerator in that sequence. 
With a p.s.v. design the control motion of the pedals is more in 
the vertical plane than the horizontal plane, so that it is important 
to note the relative positions of the steering drop arm and the 
downward sweep of the brake pedal and to arrange that under no 
circumstances can a foul be experienced when on left-hand full 
lock (see Fig. 155). 

Pedal travel, in the cases of clutch and brake, should not be 
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excessive and general practice favours a figure of approximately 
7 in or 8 in travel. Both these amounts will, of course, have been 
decided in the stages of unit design of clutch and brakes, so that the 
chassis designer is confronted with the main problem of installation 
by providing a suitable mounting on the frame (Fig. 156). Care 
must be exercised in the rod layout, as any relative motion between 
the clutch lever and the pedal in the case of a flexibly-mounted 
engine in unit construction with gearbox, or between the brake 
pedal and brake cam levers, will have unpleasant results in ease of 
control of the vehicle. 

In previous text the road-spring geometry has been set down, 
and the virtual point of oscillation is of utmost importance in brake 
layout. A preliminary rod run for clutch and brake control will 
be laid out as a guide to the possible location of other components. 
The brake-rod run will be referred to later, but with regard to the 
clutch control the more salient points concern maintenance and 
points of adjustment for clutch-liner wear, which, although they 
must be accessible, should not invite unnecessary attention. The 
attachment of the rod to the withdrawal lever must be in accordance 
with the requirements of lever movement, that is, if movement is 
in one plane only as in the drop-type lever, a fork-and-eye connection 
is all that is necessary, but if a “ bloater ’’-type withdrawal is fitted 
a ball joint is indicated. 

However, all these details will receive attention when the subsidiary 
schemes are dealt with after the chassis layout has been completed. 

DRIVING POSITION 

A most important point to bear in mind in the initial stage concerns 
the position of driver’s seat, and it is a matter of experience to obtain 
the required pedal movements whilst at the same time providing 
a comfortable sitting position. It is essential to remember that the 
ball of the foot is used to operate the pedals and in the case of the 
accelerator pedal, particularly if the fixed pad or even roller type is 
adopted, the ankle and foot must be in a position of repose when 
operating. It is desirable, therefore, to fix the cab-floor height and 
set down the offside wheel and tyre on full right-hand lock and 
maximum articulation, as wheel arch will control pedal spacing 
demensions on the offside, whilst the engine bonnet will control 
them on the other or nearside. 

After fixing the height of the driver’s seat, so that for an agreed 
eye level the line of vision is good over the radiator top, looking 
from an angle towards the nearside, the pedal-pad position may be 
decided for normal position and at full sweep. There are no hard- 
and-fast rules or methods in laying out the pedals, as the procedure 
rests upon compromise between space available with wheel on both 
full locks, steering-box and drop-arm position in both locks, engine- 
bonnet position, and the relation of pedal pads to seat and floor 
positions. 
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A layout which has been agreed to be satisfactory and which 
provides the minimum of fatigue over long operating periods is 
set out in Fig. 157. It will be noted that the path of the pedals is 
not too steep, in which case the driver may be seated in a slightly 
reclining position, whilst the travel is such that the knee does not* 
straighten out, leaving a certain amount of available movement and 
strength should* it be required. The spacing is also such that the 
feet occupy a position as normal as possible in the seated position, 
the accelerator pedal being inclined with the toe tip slightly outwards. 
The driver must be able to operate all pedals to their full extent of 
movement without the necessity of leaning forward, and the seat should 
be adjustable in all directions, so that the feet and hands should 
occupy a natural and easy position in relation to the body position 
when simultaneous movement of both is necessary (see also Fig. 155). 

With regard to the steering-wheel position, this must be arranged 
to allow ample clearance between it and the seat, in order that access 
to the seat is unimpeded. 

The pedal-linkage schemes follow and that for the clutch should 
include the minimum number of relays, whilst due attention should 
be given to the clutch-operating lever regarding its movement to 
provide the correct joints or forks at the connecting points. 

BRAKE LAYOUTS 

With regard to the brake hook-up, this also is a matter for careful 
consideration, particularly in the case of the heavy vehicle, upon 
which servo assistance is required. Many proprietary components 
are required with this system—usually vacuum type in this country— 
and the most economical location for these fittings is important in 
so much as the pipe work forming the circuit must be as short as 
possible and be free from sharp bends to avoid time lag in operation. 
It is therefore desirable wherever possible that the servo and vacuum 
reservoir should be in close proximity, although it is not always 
economical to mount both on the same side of the vehicle. 

The brake rod connecting the pedal to the servo must not upon 
any consideration be out of line with the servo link for more than a 
degree or two, a remark which equally applies to the rod from servo 
to cross shaft. The length of the rod between pedal and servo must 
have no adjustment other than for its initial setting, as the available 
travel of the rod must always be equal to the total travel of the servo. 
Fig. 157 will make this clear. A typical layout showing w'hat is 
designated the triple system is shown in Fig. 158. 

In the case of an oil-engined vehicle, the exhauster is usually 
engine driven, whilst vacuum is obtained through the induction 
manifold with a petrol engine. Such a system provides for two 
cylinders mounted on the front axle, a servo and a vacuum reservoir. 
The master cylinder controls the two smaller ones, which are coupled 
to the servo on the vacuum side of its piston by suction pipes, and 
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AUTOMOBILE CHASSIS DESIGN 

although the basic prin¬ 
ciples of vehicle braking, 
of course, still obtain. 
The stages through which 
these calculations pass 
may be of interest and 
in this connection, and in 
order to clarify the situa¬ 
tion, several assumptions 
will be made. 

It will be assumed 
that the two anchor pin- 
type shoes are fitted and 
operated by a rigid or 
non-floating cam, also 
that the liner thickness 
of in is to be worn 

fully without the use of packing washers at the shoe-cam face, 
by an effective cam radius of 1 in (that is, 13 per cent of the drum 
radius). The fixed-cam type of operation requires that the front 
cams must rotate in the same direction as that of the drums in 
order that any tendency towards brake snatch will be eliminated. 
This phenomenon, incidentally, is probably promoted by the 
rotational acceleration of the axle bed under braking loads. The 
inertia of brake parts on rear axle, -however, is much lower 
and thus brakes are not so prone to snatch, so that the rear 
cams may preferably, rotate in the opposite direction to that of the 
rear drums. 

This difference in directional rotation of cams front and rear 
introduces the necessity for certain power factors, based on the 
dimensions of the cams and the shoes, since the braking forces at 
the drum surfaces will differ for a given camshaft torque, as between 
front and rear drums. An approximate method of calculating these 
factors, which give results sufficiently accurate to cover practical 
application, is by the following formulae, and where notation is as 
Figs. 159 and 160: 

(1) Cam rotation similar direction front and rear: 

Leading shoe— 

Fl __ Al (cos 0 + cos <l>) 
Pl ARa “ [(cos 0 -f cos (f>jR + CRa] 

Trailing shoe— 

Ft __ At /X (cos 6 + cos (f>) 

Pt “ ARa + jtx [(cos d -f cos (f) R + CRa] 

(2) For cam rotations in opposite directions to those of drum: 

Factors for leading and trailing shoes are calculated from the 
same formulae, but with notation as in Fig. 160. 
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r c • ‘ A fi — ^ , sin^ cos ^ + sin cos d In the foregoing expression A = -!--^^ 

and C 9 + cosj^>) (cos 0 — cos <^)]. 

In the above ^ and 6 are in radians. 

If the vehicle were always fully laden and braked to its maximum 
deceleration then the proportion of brake power would be as the 
dynamic-load distribution at maximum deceleration, but this is rarely 
the case, whilst the possibility of varying road conditions must not 
be overlooked. Over many readings taken on test the average 
deceleration on service is in the region of 8-9 ft/sec/sec and, assuming 
the gross vehicle weight to be 11 tons with a front-axle weight of 
4J tons, then the transference of load at this deceleration, assuming 
a ratio of height of centre of gravity to wheelbase as 0*3, would be 
0-82 tons, making a total of 5-07 tons or 46 per cent of the total 
weight, which would be the braking-power distribution. 

This is considered too high, however, for icy conditions of road 
surface, where the coefficient of adhesion is much lower than the 
usual 0*7 used for normal calculations. In point of fact jfx for icy 
roads is often as low as OTIO and if this figure be used to calculate 
the required braking proportion on each axle it will be found that the 
proportions are nearer the proportions of the static-axle weights and 
that a percentage of 41 *5 approximately is indicated. Under such 
conditions, at a vehicle deceleration of 8 ft/sec/sec upon an icy road, 
stability would be preserved. 

Ther^ are, of course, other considerations of a less serious nature, 
but nevertheless important, one such factor being the question of rate 
of liner wear. It is desirable in the interests of service that both 
sets of liners should wear out at the same time. Front liners wear 
out less rapidly than those on the rear shoes, probably due to cooler 
running conditions, and thus the intensity of liner pressure may be 
increased. The usual increase is 
25 per cent more load per unit 
area, and from this factor the 
relative widths of shoes may be 
determined. If, for example, the 
respective widths of front and 
rear shoes were 4 in and 7 in 
then the power distribution would 
be 41*7 front, which is in ap¬ 
proximate agreement with that 
required for dynamic conditions 
upon icy roads. It is usually sub- 

a 
mitted that a deceleration of | is 

sufficient as higher figures are 
dangerous if standing passengers 
are carried, and therefore in 

DRUM ROTATION 

CAM ROTATION ^ 

F 

Fig. 160—Another power-factor diagram 
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working out the details of the brakes it is necessary first to 
ascertain the front-axle deceleration and the torque at the brake 
camshafts; similarly the rear-camshaft torques. 

The air-pressure cylinders are, for calculation purposes, con¬ 
sidered to be 90 per cent efficient, whilst the air pressure rarely 
exceeds 80 Ib/in-. Selections will be made of a suitable cylinder size 
which will give the desired cylinder thrusts through the camshaft 
leverage to provide the required camshaft torques. The mount¬ 
ing of these components is usually on the frame at the rear and 
on the axle at the front, and in both cases means of adjustment 
for lining wear must be provided between the cylinders and the 
camshafts. 

It is necessary at this stage to consider the handbrake in relation 
to shoe movement and lever travel before the correct cylinder travel 
can be ascertained. Drum expansion must not be overlooked. It 
may be occasioned by heat or when under load, and in this con¬ 
nection it is important to distinguish between shoe-centre movement 
and shoe-centre clearance. Normal distortion of the drums under 
load is approximately equal to 0*010 shoe-centre movement and, 
allowing for ovality and necessary clearance, it is not advisable to 
adjust the brakes closer than say 0-014 shoe-centre movement. If 
drum expansion due to heat be now considered, which amounts 
generally to approximately 0-020 in on radius, it will be seen that 
0-034 in shoe-centre movement is necessary even before any liner 
wear exists. 

Lining wear for the purpose of calculation is assumed to be 0-011 in 
per 1,000 miles of city service, so that we now reach a figure for shoe- 
centre movement of 0-045 in. It should be explained that the average 
operational temperature of drums on city service work is about 240"' 
F, which represents 0-020 in diameter on expansion, the 0-020 in 
radius previously mentioned representing expansion on a long 
gradient. 

The allowances for shoe-centre movement are somewhat different 
when Clayton R.P. automatic adjusters are fitted. These adjusters 
are designed for two shoe movements, one with the inside link at 
0*033 in and the other with the outside link at 0-028 in shoe-centre 
movement, so that if adjusters are fitted the shoe-centre movement 
will be 0-033 -f 0-020 0-053 in (see Fig. 162). 

Reverting to the question of handbrake, in order to assess the 
overall ratio required, it is advisable to allow a little lost movement 
of the lever due to spring in the system, and as the average hand- 
lever movement is about 20 in at the pip, and say 2-5 in is absorbed 
by linkage stretch, etc., then 17*5 in is available for use, although it 
is not good design to assume that all of this travel should be used. 
A round figure adopted for heavy-vehicle brakes is 12*5 in and thus 

12*5 
total leverage to cam tip is Q to 1 for non-automatic 

adjusted brakes and 118 for automatic R.P. adjusters. 
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Incidentally, 
the handbrake 
lever should 
be located so 
that the driver 
can exert his 
m a X i m II m 
effort without 
the lever be¬ 
coming too 
close to his 
body or the 
lever grip be¬ 
ing in such a 
position as to 
make full pur¬ 
chase impos¬ 
sible. The 
travel of the 
rear cylinder 
is arranged Fig. I62—Brake-shoe adjuster 

adequately to 
cover the handbrake range and it should be noted with care 
that the travel must be such that if adjustment for wear has 
been neglected to the point at which the footbrake begins to be 
affected, the handbrake will still function. Cylinder travel in the case 

of non-automatic brakes is 
X 8 X 1 -4 

136 1 *44 (the figure of 1 *4 

in this expression represents the leverage multiplication of cylinder 
thrust and 8 is the assumed length of lever on the brake camshaft) 
and 1*66 for automatic-adjusted shoes. If the front-brake camshaft 
lever be assumed at 6*5 in then the front-cylinder travel will be 
1-44 X 6-5 noacr . , 1-66 X 6-5 n r 

1*4 X 8 “ 0*835 for non-automatic and j.4 ^ g "=== 0*965 for 

automatic-adjusted brakes. 

Deceleration for 100 lb hand-brake effort at 80 per cent efficiency 
PLFD 

is therefore 2eW being the average load which a 

driver can exert on the lever without undue difficulty, and where 

P = effort on hand lever at per cent efficiency 
L = leverage in system 
F = power factor 
D — drum diameter 
g == gravity 
e = effective wheel diameter 
W = vehicle weight (lb). 

The maximum demand on the compressor is assessed by taking 
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these cylinder travels and calculating the volume of air consumed for 
a maximum brake application; that is for two front and two rear 
cylinders, and the volume of air in the pipe line, the amount of air 

consumed per application is 
V X (P + p) 

P 
in^ per application where 

V total volume of air in cylinders and pipe corrected to atmospheric 
pressure 

P ^ system or line pressure 
p atmospheric pressure (14-7 Ib/in^). 

The air supply is worst when the vehicle is being driven in top gear, 
and it is necessary to ascertain whether the selected compressor is 
capable of maintaining sufficient air supply under such conditions. 
Data regarding capacity will, of course, be known to the designer 
relating to compressor output at specified speeds. Most single-stage 
compressors operate at approximately 1,000 r/min maximum and 
their nominal capacity is rated at this figure. From a vehicle speed of, 
say, 10 m/h the actual compressor revolutions will be calculated 
from the known engine speed and gear ratios which produce this 
vehicle speed and the output calculated from 

C X r X V 
R ft^/min 

where C ^ cu ft/min capacity of compressor at its maximum speed 
r ~ r/min of compressor at vehicle speed 
V volumetric efficiency of compressor at 80 lb/in% usually in 

the region of 70 per cent 
R maximum revs per minimum rating of compressor. 
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The maximum number of applications of the brake which may be 
made without progressively lowering the reservoir pressure is therefore 

CrV 
R 

Y (P -f p) per minute. 

P 
An item of importance concerns not only the capacity in volume 

of the compressor, but the time which is required to replenish the 
reservoir to its maximum pressure after a brake application has 
reduced the volume and pressure. The reduction in volume or the 
cubic feet of air used will be the total volume of all cylinders and 

34 
pipes at atmospheric pressure or Y x ^ 

. , , rVi 60 
required will be ^ t 

where r =- maximum r/min of compressor 
ri r/min (actual) of compressor 
C — compressor capacity (rated) 
E ~ compressor efficiency. 

It is usual when making the foregoing calculations to assume a 
g 

normal vehicle deceleration of approximately ^ or 8 ft/sec, the vehicle 

then remaining stationary with the engine idling. 

The figures would not be absolutely accurate as a certain drop in 
pressure occurs inside the reservoir as brake application continues, 
unless in order to counteract this the unloader valve setting is raised 
above the nominal 80 Ib/in^ setting. The amount depends upon the 
ratio of cylinder volumes to reservoir and may be estimated from the 
following expression where 

V ™ volume of reservoir 
Vc cylinder volumes (total) 
P ~ brake air pressure 
p -- atmospheric pressure 

(V + Vc) P + p 
Y 

Ib/in^ absolute. 

A still further consideration must be given to the number of 
applications possible before the reservoir pressure falls below an 
amount deemed safe. Should the engine be stalled for any reason 
and from the foregoing expressions if N number of applications. 

N 

log 
P + p 
Pi +P 

log 
Y 4- Yc 

where notation is as follows— 
213 



AUTOMOBILK CHASSIS DESIGN 

P - safe reservoir pressure 
p = atmospheric pressure 
Pi ^ unloader valve setting 

(corrected) 
V reservoir volume 
Vc ^ cylinder volume. 

From the foregoing notes it 
should be possible to estimate 
the approximate specification of 
equipment required to provide 
an air-pressure brake system, al¬ 
though, of course, any mechani¬ 
cal weakness would seriously 
alTect the figures obtained. In all brake systems, whether pres¬ 
sure or servo types, rigidity of linkage and brake cross-shaft is 
essential, as also is the reduction of friction throughout the brake- 
operating layout ; and in this connection a typical cross-shaft 
design which provides anti-friction bearings, an adequate shaft 
diameter and robust levers is shown in Fig. 164. The hook-up 
between operating levers and pedals and brake shoes is mainly a 
question of reducing the number of relays and of providing straight 
rod runs. Study of Fig. 161 will do much to clarify the necessities of 
correct linkage. 

LEGAL REFERENCES 

In connection with hand- and foot-brake layout there are several 
important regulations with which the design must conform. The 
actual reading is lengthy and thus reference will be made only to their 
numbers in the Book of Statutory Rules and Orders No. 8, 1942, but 
nevertheless they must be studied as not only do they control design 
to some extent, but they affect the operator of the vehicle. The more 
important are as follows: 

398/41/9 
398/41/lOP Oct.6/42 P. Sept.4/43 and P. Dec. 7/44 
398/41/30, 34, 39 
398/41/34 
398/41/40(3) /34(3) /39(3) 
398/41/30(5) /34(5) /39(5) 
514/41/14/15 
514/41/2(3). 

STEERING LAYOUT 

This brings us to the steering layout and linkage geometry. 
Having decided upon a suitable dimension for the seat and wheel 
spacing, the steering gear should be arranged so that the rake of 
the column is such as to provide a comfortable angle for the steering 
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Fig. )64b 

wheel, in the event c^f the necessity for the driver having to make a 
full-lock turn quickly for any reason. The frame at the point of 
steering-box attachment should be as stiff as possible, as the steering 
mechanism imposes considerable load on the side members, and the 
method of attachment should be carefully considered. 

The spread of the attachment bolts and wide distribution of load 
on the frame are features of utmost importance. This cannot be 
overstated, for however accurately the eventual linkage is laid down, 
if the combination of frame stiffness and rigid attachment are not 
adequate good steering is impossible. 

The steering linkage for a p.s.v. should be arranged to produce 
an overall ratio from steering box to steering arm of approximately 
26 to 29 to 1, giving between five and six turns of the steering wheel 
from lock to lock. The majority of modern steering gears are 
designed for a total drop-arm movement of about 80"", of which 
advantage is taken up to 70'" to 72'' total drop-arm swing to produce 
a wheel lock of 40-43''. With the clearance between the tyre and 
frame decided, the angle of lock on each wheel can be checked, for 
upon the turning range of the inner wheel depends the angle of set 
of the track-rod arm. 

A diagram is necessary which indicates the error in steering 
angles in order that the selection of angle of steering arm may be 
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made in which this error is a minimum for all angles of wheel lock. 
It is known that the angle of the outer wheel differs from that made 
by the inner wheel when turning, the difference depending upon the 
relation of the wheelbase to track, and for the purpose of ascertaining 
the actual angular variation the following expression is usually 
adopted (see Fig. 165): 

W 
cot P cot a - j 

where W vehicle wheelbase 
T = track at steering-arm pivot 
^ == angle of outer wheel 
a = angle of inner wheel. 

The relative angular positions in side elevation between the drag 
link and drop arm assume importance through the articulation of 
the spring and front axle, as any discrepancy in the steering-drag 
link geometry produces a virtual lengthening and shortening of the 
drag link at each spring oscillation, with consequent effect upon the 
steering performance together with an unpleasant, if not dangerous, 
movement of the wheel in the driver’s hands. 

A similar effect will be produced when the spring curls under 
braking loads, but this is not so pronounced, since correct spring 
design can reduce this curling practically to a minimum. The road 
spring does not oscillate at its centre as one would believe but, due 
to the effect of the clamp plate which almost produces a solid spring 
centre, it deflects about two points, one on each side of its centre line. 

Having obtained these relative angles for various wheel deflections, 
trial-and-error diagrams are necessary, setting down outer-wheel 
angles corresponding to a series of inner-wheel angles of say 10, 
20, 30 and 40°. Such a diagram is shown in Fig. 165 for a track- 
wheelbase ratio of 2 to 1. The curve is drawn through the points 
of intersection and illustrates the degree of deviation from Ackermann 
layout which is represented by the line a-b. It is usual to lay out 
several track-rod angles and (in Fig. 165) 15° and 20° have been 
selected. 

It will be noted that for a small angle of wheels from straight ahead 
direction that of the outer wheel is too small with both the 15° and 20° 
arms, whilst with the 15° arm the outer-wheel angle in relation to the 
inner one is correct at about 12° and 39°. The errors are too great 
at all angles with the 20° arm, and therefore another angle should be 
tried out in order to ascertain whether there is a more satisfactory 
solution. The figure also emphasises the fact that had the track- 
wheelbase ratio been less than 2 to 1 an 18° arm would probably 
have been practicable. 

The method of calculating the virtual centre of spring oscillation 
has been explained in its appropriate section, and formulae set 
down which will now be required in the production of the steering- 
drag link and spring geometry. Fig. 166 shows the diagram for 
correct layout with no increase or decrease in length of drag link 
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when the road springs oscillate. In consequence, within the pre¬ 
scribed spring deflection, there is no steering interference. Ex¬ 
plaining the diagram briefly, AA represents the spring-eye positions 
when the spring is fully laden, BB is a perpendicular line through the 
centre of the spring, and O is the point of virtual oscillation of the 
spring. When the spring is free, that is when mounted on an unladen 
vehicle, the eye position is represented by A and A denotes the eye 
position for maximum bump conditions. These positions are 
obtained by striking a radius with origin at O through the laden 
spring-eye position and by calculating C and d from the previously 
given formulae. Naturally if the spring eye is restrained at the 
forward end, then the spring will oscillate at its centre in a manner 
which follows the movement of the eye if it were free. Transfer 
these points to the spring centre as shown at a and b and, bisecting 
by the usual method of striking an arc from each point, find the 
line from which the radius Eba will be struck. Along this line mark 
off a distance EG equal to OA. This is the point of origin for the 
required radius, whilst the line EO produced should coincide with 
the eye of the drop arm at b. 

It will be found that the interference is very small if a corresponding 
radius be drawn from b passing through O; O of course represents 
the ball pin centre on the steering arm and C the centre of the top 
leaf of the spring. The amount of interference to steering is denoted 
by the difference in curvature of the two radii EC and BO and shown 
exaggerated at Fig. 166. 

The final position and length of steering drop arm can now be 
fixed, although it is not absolutely necessary that the drop arm should 
be vertical when the wheels are straight ahead. Within the confines 
of the included angle available for drop-arm swing and that obtaining 
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in the steering box the cirop arm may be inclined and thus it is now 
possible to finalise the steering-gear location. The regulations as 
affecting steering gear for p.s.v.s state that the gear must be arranged 
so that no overlock is possible, and so as to prevent any foul occurring 
between the wheels and any part of the vehicle under any circum¬ 
stances. Steering arms must be polished, but not plated or painted. 
Dust covers over joints must be easily removable. Ball-and-socket 
joints, if used, must not be pendant, whilst if brake or steering 
connections are secured by bolts or pins, these must be threaded, 
effectively locked, and, if fitted other than horizontally, their heads 
must be uppermost (514/41/16) (514/41/17). 

GEAR CHANGE 

The position of the gear-change lever next requires consideration. 
In the case of unit construction of engine and gearbox, and under 
conditions wherein the combined unit is flexibly mounted in the 
frame, the gear-change mechanism will be positioned in the engine 
side, in order that there shall be no relative motion between the 
gearbox and its control. Should the gearbox, on the other hand, 
be remote from the engine and clutch, in which event it will probably 
be rigidly mounted in the frame, then the control mechanism should 
also be rigidly attached to the frame. 

It should be appreciated that in the p.s.v. the engine occupies too 
great a space to permit the use of a control which is direct on to the 
selector forks and thus there is usually a relay linkage necessary. 
7'he change lever is pivoted and its rocking control included, in the 
forward selector box, from which the control rod runs to couple 
with the selector forks, which are included in the rear-gear control 
case, mounted as a unit on the actual gear casing. 

Typical arrangements of such a design are shown in Figs. 167 and 
168. The gearbox unit is a sliding-bar type selector having forks 
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attached by wired set screws. A swing lock prevents entry into more 
than one gear at the same time. Note the ball mounting for the 
connecting shaft; similarly in Fig. 169, wherein the change-speed 
lever swings about its ball pivot, rocking the lever end of the con¬ 
necting shaft. In this example the lever is bodily lifted so that the 
base of the bottom cup can pass over the guide block for reverse 
gear engagement. It may be necessary to mount this rear control 
on the gear-case side, in order to avoid unnecessary relays, rather 
than to mount the selector forks on the top of the casing. This 
procedure can be 
carried through 
by ■ rotating the 
box on its housing 
so that the selec¬ 
tor shafts are in 
line with the gear- 
change lever cas¬ 
ing mounted on 
the engine side. 
Difficulty is some¬ 
times experienced 
in obtaining a 
straight connect¬ 
ing shaft without 
some degree of 
offset since the 
clutch housing 
and possibly other 
accessories pro¬ 
vide possibilities 
of a foul. This, 
however, is not 
detrimental to the 
actual control of 
the gears provid¬ 
ing that the shaft 
or tube is of 
adequate section 
to give sufficient 
rigidity for the 
functions it has 
to perform. There 
is no fixed stand¬ 
ard for gear-lever 
positions in re¬ 
lation to the gear 
engaged; this, of 
course, is on ac¬ 
count of the many Fig. 167—Layout of change-speed gear 
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different arrangements of gearbox which exist, but the generally 
accepted “ gate ” is that suggested in the I.A.E. standards. The 
reverse-gear position may be anywhere in relation to the other 
speeds. 

The gear lever should be as short as consistent with easy and 
convenient operating position for the driver, whilst its length and 
section should not be such as to promote a vibration with possibility 
of fracture through fatigue. The length is somewhat bound up with 
the necessary lever ratios required to provide correct gear movement 
through the selector forks and with,the possibility of a satisfactory 
location on the engine side. The lever movements should be such 
that the gears completely engage for the whole width of their teeth, 
and friction in all the rotating and sliding shafts should be reduced 
to a minimum by careful detail design and the provision of adequate 
lubrication. 

All such details would be taken care of during the subsequent 
scheming and, since it is the purpose of this section to consider only 
actual chassis layout, we continue with the location of the fuel tank 
and system and the exhaust pipe run and silencer. 

FUEL SYSTEM LAYOUT 

Although there is little which can be set down regarding the actual 
fuel-pipe layout, after having established the most satisfactory 
position for the main tank, the fuel is delivered to the carburettor 
via pump or autovac in the case of the petrol engine, and through 
separate injectors with an oil engine. 

In the latter design the fuel-pipe system provides the following 
sequence: Fuel is raised by pump through a filler, thence to the 
injection pump, from which it is delivered at high pressure to the 
injectors in the cylinder head. The function of these injectors is to 
break up the fuel into a fine mist and to distribute it to the combustion 
chamber, whilst at the same time they also ensure a quick beginning 
and end to the injection period. The inlet connection is provided 
with a filter from which the fuel is fed through a passage to the 
nozzle. This in turn incorporates a valve whose function it is to 
snap open under the required pressure, thus allowing the mist to be 
sprayed into the combustion chamber through small orifices in the 
nozzle tip. A small quantity of fuel inevitaWy leaks past the valve 
stem, and this is lead away through passages to the main leak off 
gallery pipe eventually discharging into the filler neck of the fuel 
tank. 

It would appear that the main points of concern regarding the 
fuel system layout are: 

(a) The incorporation of adequate filter arrangements in the 
system and in the tank. 

(b) Provision of the best-quality tubing free from all scale. 
(c) That the pipes are of sufficient diameter to avoid starvation. 
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(d) Also that the number of pipe joints and connections are as 
few in number as possible. 

(e) The greatest care must be taken to avoid long lengths of pipe 
which can vibrate without support, and the correct location of 
and provision for expansion coils. 

(f) That no part of the system is too close to the exhaust manifolds 
or pipes. 

(g) The tank capacity is sufficiently large to contain enough fuel 
without replenishment in the case of a p.s.v. for one day’s 
running, and in the case of a heavy goods vehicle for 450 miles 
maximum. 

The constructional features which call for maximum consideration 
may be summed up as follows: 

(a) Adequate fixing for tank to chassis; and in this respect it is 
suggested that it is safer to support the tank rather than to 
sling it from the side member. 

(b) Provision of baffles to prevent surge, and cleaning apertures 
large enough to admit a hand in the main fuel tank. 

(c) Whether autovac or fuel pump is fitted either should be of 
ample capacity to deal with the required flow of fuel. 

(d) That the suction pipe in the tank is positioned so that it is 
impossible under any circumstances other than an empty 
tank to suck air, and that breathing or pressure release is not 
overlooked. 

(e) The filler cap must be accessible when the body is in position. 
(f) That orders and regulations are satisfied. These orders are 

set down below. 

No fuel tank may be placed under any part of any gangway which 
is within 2 ft of any entrance or exit. Every tank must be so arranged 
that no fuel from it can overflow on to any woodwork, or accumulate 
where it can be ignited readily. The fuel-supply line must incorporate 
a cock for cutting olf the fuel and the means of operation thereof 
must be visible and at all times readily accessible from the outside of 
the vehicle. The “ off ” position must be clearly marked on the 
outside of the vehicle. All filling points must be outside the body 
with caps which can be securely fixed. The vent hole, if any, must 
be of the non-splash variety and protected from danger of penetration 
by fire. All carburettors and similar fittings are required to be 
placed and shielded so that no leaking fuel can fall on any part of 
the vehicle capable of igniting it, or into any receptacle where it 
might accumulate (514/41/20, 21, 22). 

The law relating to the exhaust system of a p.s.v. states that “ the 
exhaust pipe must be kept clear of any inflammable material on the 
vehicle and placed or shielded so that no such material can be thrown 
on to it from any other part of the vehicle. The outlet of the pipe 
has to be on the offside of the vehicle and far enough to the rear to 
prevent as far as possible fumes from entering the interior of the 
vehicle ” (514/41/23). 
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The offside outlet, however, 
does not apply to a goods 
vehicle, but with a p.s.v. it 
means that as the manifolds on 
the engine will almost surely be 
on the nearside a cross-over is 
necessary and it is usual to ex¬ 
haust behind the rear of the 
fuel tank. An endeavour should 
be made to avoid sharp bends 
in the pipe, particularly at the 
point of attachment to the mani¬ 
folds, as the heat of the gases 

impinging will eventually burn the pipe. A long sweep is therefore 

Fig. 170 Exhaust manifold joint 

desirable. 
As a matter of interest, it is often the custom to lag the pipe with 

asbestos, but such a practice is a fallacy as the asbestos performs its 
function in keeping the heat in the pipe and prevents radiation, and 
as a consequence the pipe material deteriorates much more rapidly 
than if radiation were permitted. 

The type of silencer or expansion chamber will have been decided 
on prior to engine test, but having decided upon one which reduces 
the noise to a minimum and which also produces little or no back 
pressure, it will be necessary to position it as near to its optimum 
distance from the exhaust manifold as possible. In this respect it 
should be appreciated that an expansion chamber has within quite 
small limits one position in the pipe line at which it functions best in 
conjunction with particular engine characteristics and it is usually 
possible to arrange this. Another point which should not be over¬ 
looked is the fact that such a chamber also acts as a gas cooler, 
whilst too long a length of tail pipe not only is an encumbrance but 
will have an adverse effect upon the matched engine and silencer 
characteristics. 

The silencer chamber should preferably be flexibly mounted on the 
chassis to allow for expansion throughout the system, and the pipes 
must of course possess a sectional area at least equal to that of the 
manifold outlet. The actual pipe run can best be checked and suit¬ 
able supports arranged on the prototype vehicle. A point of refine¬ 
ment in the method of jointing the pipes to the manifold, and at 
the silencer inlet and outlet, is shown in Fig. 170. This may also be 
adopted at any pipe joint. Tt removes the necessity for a gasket 
between the flange faces and makes an effective seal between the 
insert circumference and the flange recess. The insert radius is 
similar to that of the flange recess, but in order to ensure definite 
wedging faces against gas leak the radius is offset on the flange recess, 
which of course produces a gap between the two flange faces. This 
is shown in Fig. 170 also. 
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ELECTRICAL EQUIPMENT 

Apart from the minor layouts, the general lines of the chassis will 
have taken shape, leaving such units as engine controls, chassis 
lubrication, etc., to be completed, and in these cases there is little 
which can be said regarding method of layout. There is, however, 
the electrical equipment and wiring, which is in the nature of a 
specialist’s problem. 

For a p.s.v. it is usual to fit 24-volt equipment for lighting and 
starting, together with batteries of approximately 185 ampere-hour 
capacity. These batteries occupy considerable space and are heavy 
in construction. It appears to be a matter of personal preference 
regarding their mounting and location, but the tendency is to mount 
them in removable steel containers attached to the chassis side 
frame. They must, of course, be accessible with the body in position. 
A very neat layout can be attained by housing the switchgear, cut-out 
voltage regulator, fuses and battery isolator as a complete unit, 
whilst the connections are accessible and the electrical installation 
sound. Provision for the horn and head-lamp dipping switch can 
be made on the steering column. 

The wiring system may preferably be harnessed in separate 
assemblies, and on the latest arrangements pin-and-socket connectors 
are included at points where quick detachability is desired. Instru¬ 
ments should be placed so that easy vision is obtained by the driver 
and they should be adequately illuminated for night driving. 
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ABBRtlVlATlONS, 8 
Absorption of power, brake linings, 71 
Acceleration, Excess effort, 17 
— formula, 19 
— Vehicle, 16 

Action and reacium, Kqualitv of, in tiansmission, 
153 

Actuation, Constant brake shoe, 70 
Adhesion Coefficient, 19 
-on ice, 209 
Adjusters, Automatic brake, 210 
Adjustment of Bevel Pinion, 174 
Advantages of Svnchromesh gears (Cuives), 156 
Air Brake Cylinders, mounting, 210 
— Cimsurncd, brake cylinder, 212 
— Fluw through C'lutch plates, 132 
- - Radiator matrix, 201 

- — ~ volume of, 201 
— Pressure Brakes, 207 
-calculations, 208 

-- - Number of applications. 213 
-Reservoir, rejilcnishment period. 213 
.— Unloader valve setting, 213 

— Resistance, 11 
-Body profile, 1 I 
Almen Strip, Shot pecning, 92 
Alternative Transmission lines, 199 
Anchorage brake shoe, 70 
Angle of Deflection, axle shaft. 164 
-- - - Helix gear tooth, 139 

Lead worm gear, 171 
. Lock, wheels, 48, 52 
-Pressure, Hypoid gears, 176 

- -- Track rod, 216 
■Angles, Relative, of front wheels, 216 
-- of Synchromesh cones, 155 
Angular Deflection, Bevel pinion, 173 

- Deformation, Rubber spring, 98 
Movement, Steering drop arm, 215 
Rate of Torsion bar spring, 110 
Relatum, Drop arm to driig link, 216 

- Propeller shaft joints, 115 
Transmission lines, 199 
Velocity, Irregularity of, in gear teeth, 141 

Propeller shafts, 115 
Steering lock, 58 

Anti-roll, Samuel Fox device for springs, 96 
-Torsion bar, 95 
Applications, Number of, with air pressure brakes, 

213 
Arc, Length of brake liners, 70 
Area, Brake liners, 65 
- formula, 65, 73 
— of Contact bevel teeth, 174 
-- — Frontal radiator, 201 

Tyre contact with ground, 23 
Arrangement of Change speed gear, 219 
— — Gear box, 138 
-Rear axle, 162 
- __ Fully-floating, 162 
.. Semi-floating, 162 
Assessment of chassis weight, 189 
Attachment of clutch control rod, 204 
Automatic brake adjuster, 210 

clutch control, 136 
Average brake deceleration, 209 
— pressure on brake liners, 65 
— road resistance, 10 
Axial Flexibility of Clutch Plate, 132 
— Force applied to Clutch, 124 
-Synchromesh cones, 155 
— position of Worm Wheel, 171 

Axis of Rotation, Propeller Shaft, 118 
Axle Arm, Highest stress point, 163 
-- Rear, three-piece, Pressure between surfaces, 

160 
— -- Dimensional distortion, 160 
— Beam front, 42 
— Casing, Deformation of, 159 
-Diagram of, 160 
— — Methods of manufacture, 157 
-Single-piece. 161 

Solid-drawn tube, Proces‘>ing, 161 
Stresses in, 162 

-Three-piece, 159 
Shaft, Angle of deflection, 164 

Bending moment, 166 
~ — Deflection curve. 166 
— - Force pi>lygon, 166 

Funicular polygon, 166 
-Strength, graphical solution, 165 
-Stress at difl'erential end, 164 

- - Torsion loads. 163 
— — Torsional resilience, 164 
— Tubes, Compressive stress in. 158 

Freezing process. 157 
— Hoop stress in, 158 

Internal pressures, 158 
Interference lit for freezing, 157 

- stress diagram. 159 
-Shrinkage stress, freezing, I5d 

Weight. Distribution of. 26 
Elicit of. 19 

— - - Tow load. 28 
- Maximum Wgal, 188 
Nxles, Balance of Torque inpui, 2() 

Bevel pinion rotation, 167 
- Rear, wtirm drive, 170 
- Semi-floating, 164 

bearing loads. 164 

BACKLASH (Steering). 54 
- - Bevel pinion, 175 
Balance, Propeller shaft, 120 
Balanced Cushion clutch control, 136 
Base diameter, solined gear shaft, 145 
Basic dimensions of Chassis, 190 
Beam, Axle dimensions and formula, 42 
Bearing Centres, gear box, 137 
Bearings, King Pin, stresses in, 44 
— Layv ut m rear hub, 162 

— Loads on difl'erential, 44, 165 
-hypoid gears, 169 
-rear axle, 162 
-spiral bevel gear, 167 

■ — .swivel arm, 39 
-worm gear, 172 
— Outboard, for bevel gears, 173 

- taper preloading, 177 
Bending moments, front axle, 42 
-gear shaft, 145 
-propeller shaft, 116 
-rear axle shaft, 166 
— Stress, track rod, 41 
Bendix Westinghouse power steering, 56 
Bevel Difl'erential, principle of, 179 
— Gear, mounting of, 173 
-spiral, bearing loads, 167 
-tangential force on, 168 
-- tooth profile, 180 
— Pinion, adjustment of, 174 
-Backlash, 175 
-Deflection of, 173 

— Noise from, causes* of, 174 
-Ratio of tooth leverage, 180 
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Bevel Spiral, cotriparison with hypoid, 175 
— Teeth, area of face contact, 174 
-marking of, 174 
— Tooth, leverage ratio, 180 
Blending, section of front axle beam, 43 
Body, profile, air resistance, 1 ! 
Bolt, boss, design of, 81 
Bolts, strength of, 80 

— thread design, 82 

Bounce, wheel, causes of, 29, 141 
Bracing, diagonal, frame, 87 
Braking, Reaction, as applied to frame, 85 
Bonded, rubber surface, area of, 103 
-thickness of, 102 

Bonding, metals suitable, with rubber, 108 
— Pressure, rubber, 101 

Rubber/stccl, Process of, 97 
— Stress in rubber. 98 

Temperature, 101 

Brake Adjusters, automatic, 210 
— Anchor Pin, twin type, 208 
— C’am, Moating type, 72 

- movement, 67 
non-floating tvpc, 208 
rotational diiection, 208 

eVoss shaft design, 214 
Cylinder, air consumed, 212 
- piston travel, 211 

IX'f-eleration, average rate, 209 
— Drum, carbon steel, 75 

-- cast iron, 76 
distortion of, 210 

- drag force, 73 
-- epicyclic gearing, 147 

-expansion, 210 
-materials, selection ol, 75 

- — treatment of, 76 
operating temperatures, 2l(t 
peripheral speed <1'. 71 
rigidity, 77 

- sci'iring, 76 
-lonjuc, Self-energiscd, 65. 67 
— Fade, 72 

Fulcrum pin, reaction at, 67 
Horse power, curves, 12, 16 

-- Layout, 205 
— I overage, hand, 210 

— Liner. Ratio of length to circumference, 69 
— — Rate of wear, 209 

— Fining, area of, 65 
- - average pressure on, 65 

- comparison of qualities, 69 
disposilu^n on shoe, 69 

— length of arc, 70 , 
-- power a bsorption, 71 

- — pressures, diagram, 60, 68 
-temperatures. 71 
-total area required, 74 

wear/load factor, 71 
— operating Cam. rigid tvpe, 208 
- requirements of, ac8 

Pedal travel, 70 
— Power distribution, 209 
-factor. Power ratio, 63, 64. 208 
-Calculations for. 209, 210 
— Shoe, Actuation constant, 70 

-Anchorage, 70 
— — Anti-servo type, 65 
— ~ Centre clearance of, 210 
-movement, 210 
-chatter. Cause of, 70 

-Contraction, 70 
— — Efficiency, 72 
-Expansion, 70 
— •— Fixed fulcrum pressure diagram, 69 
-Fulcrum pin displacement, 66 
-Locking coefficient, 71 
— — Periphery, effect of heat at, 70 
— - — Primary, 66 

Brake Shoe, Reactionary force at, 72 
-Secondary. 9? 

-Self-energised, 66 
Self-locking, 71 

-Servo type, 65 
- Systems compared, 67 

-Toe wear, Ctmiributing causes, 70 
-twin anchor pin tvpe, 208 
— Size, Calculations, 73 

Snatch, causes, 208 
— Squeal, 76, 77 

System, air pressure, 207 
-Servo operated, 205, 207 
— T wo shoe, simple, 65 
Brakes, air pressure, 207 
-—Calculations for, 208 
- Compressor output, 212 

” Cvlinder area, Hydraulic, 61 
— EHect of centre of gravity upon, 20 
- vehicle motion, 20 

Efficiency on gradient, 20, 73 
— Hydraulic, 61 

total leverage, 62 
Legal requirements, 214 
Locked wheels. 20 

— Number of applications, Air pressure, 213 
- Pedal ratio, 62 

Resultant forces from pressure, 68 
— Self-actuating, 70 

Ser\t», Clavton-lX*wandre, 62 
- — limit of pistrin depression, 62 

Statutory rules and oiders, 214 
Stopping distance, 73 

— Two leading shoe type, 72 
Braking, FMoit required, 60 
— Percentage on front and rear wheels, 63 

Preliminarv calculations, 60 
— Torque on front axle. 44 

Weight transfer, 60, 63 

c 
CAB, Floor Height, 204 
Calculations (Formufe) 

for ^ckcrmann steering layout, 48, 125 
— - - Air brakes, 21 1 
-resistance (vehicle), 11 

Angular deformation, rubber, 98, 104, 106 
-Bevel gears, 167 
- — Brake, Actuation cimstant, 70 

Drum tt rque, 67 
— Efhciency, 73 
--Fulcrum pin centres, 72 
— — Liner rubbing velocity, 71 

-length, 69 
... --Power ratio, 64, 208 
— -Servo depression, 63 
— - Shoe design, 65 
- Stopping distance, 75 

Centre of gravity, 22 
— - — Centrifugal force, 20 
-Clutch design. 122 

— springs, 124 
Curved bar theory, 79 

-Effect of holes in frame stress, 79 
— — Engine torque, 13 
-Frictional resistance, vehicle, 11 
— — Front axle, beam, bearings, king pins, 42 
-Gear correction factor, 141 
-Geometric progression, 15 

-- Impulse from shock loads, 38 
-Pendulum formula, 97 
-- Pianetaiy transmission gears, 148 
-Propellei shaft design, 115 
- Rear axle stresses. Bearing loads, Shaft 

design, 162 
-Road springs, 89. 191 

— - Rolling resistance, 46 
-Rubber units in shear and torsion, 104,106 
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Calculations for Spring oscillation centre, 113 
— — Steering gear'eflRciency, 53 
— — Steering speed, 58 
-Stiff ness of frame cross members, 86 
-Stress in torsion bar springs, 109 

- — Stress(;s incurred in axle manufacture, 158 
-T )rque required tor gear synchronisation, 

155 
— — Track rod dimensions, 40 
-Tractive forces required for propulsion, 16 
-Effort, 13 
--Resistance, 12 
-Tyre sinkage/rolling resistance, 28 
-Vehicle acceleratitm, 19 
-Braking performance, 60 
- Speed, 20 
-— Suspension, 33 
-Vertical acceleration (vehicle) due to un¬ 

sprung mass. 38 
— - Weight distribution during braking, 65 
-Transfer, during braking, 85 
--Worm Gears, 170 
Cam, Brake, direction of rotation, 208 
-Movement of, 67 
-Non-floating, 208 
-Requirements of, 208 
-Rigid type, operation of, 208 
Camber, Road springs, 93 
— -Normal, 113 
--Reverse, 113 
— - Thrust, 48 
Camshaft, Brake, fixed type, 72 
Car (Private), steering torque, 52 
Carbon steel brake drum, 75 
Carrying capacity, hypoid gear, 176 
Casing, Rear axle. Manufacture of, 157 
— Gear box, Rigidity of, 146 
-Torque reaction. Magnitude of, 146 
Cast Iron, Brake drum, 76 
Castor, Effect on steering, 47 
-- Action on steering wheel, 46 
Causes of Brake shoe chatter, 70 

-Snatch, 208 
-Gear tooth bounce, 141 
-Oil film failure. Worm gear, 172 
Cavitation, Effect upon rolling resistance. Wheel, 

27 
~ Gears in lubricant, 143 
— Wheel m soft ground, Effect of, 27 
Centre, Clearance, Brake shoe, 210 

- Movement, Brake shoe, 210 
- of Gravity, Calculations, 22 
-Effect on brakes, 20 
-Height of, 20, 21 
-Location of, 19 
-Longitudinal, of position, 20 

-Optimum position, 20 
--Transverse movement of, 21 
— - of Rotation, Propeller shaft, 118 

Oscillation, Front axle, 38 
-Road springs, 113, 216 
-Diagram of, 218 
-Normal camber, 113 
— --Reverse camber, 113 
— Point steering, 47 
Centres, Gear box bearings, 137 
— -- shafts, 137 
— Pitch and Bounce, vehicle, 32 
Centrifugal, Clutch, 134 
— Force, effect on clutch springs, 124 
-propeller shaft, 116 
— Formula, 20 
Chains, Use of, 25 
Change Speed Gear, Mechanism, 218 
-Position of lever, 218 
Characteristics of Gear lubricant, 143 
--Ground surface, 23 
Chassis, Basic dimensions, 190 
— External forces acting upon, 11 
— Layout, Initial considerations, 185 

Chassis Layout, Necessarv attributes to, 184 
-Overall width, 188 ‘ 
-- Procedure for, 184 
— — Restriction in, 185 
-Weight assessment, 189 
Chatter, Brake Shoe, Cause of, 70 
Churning, gears in oil, 143 
Clayton-Dewandre Servo, Principle of, 62 
Clearances, Brake shoe centre, 210 
— Faces, synchromesh cones, 155 
— Frame and Rear axle, 193 
— Ground, legal requirements, 195 

Spring coils. Dimensions between, 125, 128 
Climbable Gradient, 15 
Cluster gears, production difficulties, 145 
Clutch, Action as shock absorber, 134 
— Axial force upon, 124 
— Calculations. 121 
— Centre design, 133 
— Centrifugal, 134 
— Control, 204 
— - balanced cushion. 136 
-electric, 1 36 
-hydraulic, 135 

—pneumatic, 137 
-rod attachment, 204 
-by valve, 136 
— Damping of torsional vibrations, 133 
— Drag, 132 

Driven member, weight of, 121 
-- Energy absorption, 122 

— Fabric resilient connection, 132 
— Flexible centre, Requirements of, 134 
— Function of, 121 
— Initial calculations, 121 
- Liner dimensions, 121 
-Flow of air through 132 

Lining, Rivet dimensions, 123 
-Temperature, 122 
-Unit pressure/Slipping speed curve, 123 
— Operating lever, Connection of, 205 
— Pedal linkage, 205 

- travel, 204 
-- Plate, Axial flexibility, 132 
-Cork inserts, 132 

Corrugated type, 131 
-Defects in, IH 
-Design of. 121 
-Resilience, 131 

Shape, 131 
— Rubber centre, 133 
— Slip, 15 

- -- torque, 121 
'■ Slipping speed, 123 
- Spring, Amount of compression, 124 
-Cushion capacity, 129 

- — Fibre stress, 124 
-Formule, 124 
-Load, 122 
-Modulus of rigidity, 126 
— — Nested type, 125 

— Number of coils, 124 
-Outer diameter, 125 
-Rate of, 124 
-Safe load, 124 
-Stiffness of, 126 
-Surge, 124 
-Weight of, 124 

- Torque, 121 
Clutches, special designs, 135 
Coefficient of ground adhesion, 19 
-on ice, 209 
-Correction for gear teeth, 140 
-Friction clutch liner, 123 
-- tyre and road, 60 
— locking, Brake Shoe, 71 
Coil Spring, Clearance between coils, 125 
-Deflection of, 125 
-Index, 125, 128 
— — Material for, 129 
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Coil Spring, Modulus of rigidity, 126 
-Number of coils, 124 

— Outer diameter, 125 
— - Peripheral location on Clutch,Effect of, 124 
— - Stiffness of, 126 
Combinations of planetary arid epicychc gears, 

147 
Combined resistance curves (Vehicle Pciform- 

ance), I 7 
Comparison between frame bracings, 87 

- spiral and hypoid gears. 135 
spring types, 89 

— symmetrical and non-syrnmetneal brake 
liners, 69 

-vertical and inclined king pins, 43 
Compound planetary gears, 147 

- Pour speeds, 148 
-Overall ratios calculations, 148 

— Rivets, clutch liner, 1.32 
Compressibility. Sand, 33 
— Snow, .33 
C'ompression of clutch spring, 124 
Compress've Stress in rear axle tuhes, I5S 
Compressor, brakes, output, 212 
Cones, Synchromesh, Angle of, 155 
-Design of, 153 
-Face clearance, 155 
-- Required applied load, 155 
Conical Precession, 39 
Connections, Pipes, Servo to vacuum re'^ervoir, 205 

Steering linkage, legal requirements, 218 
C-onsiderations of chassis layout. 185 
C\)n.stant load type synchromesh gear, 154 
--spring load required. 155 

Constructional features, Fuel system, 220 
Consumption, Air, Brake cylinder, 212 

— Engine, fuel, 12 
Contact Area, Bevel tooth gear, 174 
•- Centre, Tyre, 45 
— Surface, worm gear, 171 
Continuous Uiad, Limit for rubber springs, 102 
Control of Clutch, 204 

- . by valve, 1 36 
— by front axle (Vehule), 30 

- rear axle (Vehicle), 30 
— Steering,. Effect of locked wheels. 6,3 
— Valve, Ross-Bendix power steering, 55 

Controls, Pedal spacing, 204 
Cooling curves Radiator, 201 
Cord tyre rolling Resistance, 11 
Cork inserts, Plate clutch, 132 
Cornering forces, Formula, 20 
Corrugated clutch plate, 131 
Couples acting on vehicle in motum, 50 
— Overturning, 50 
Cowl, Radiator, 202 

Critical Speed, Lowest L r pmpellei shaft, 117 
— of vehicle, 37 
-- Propeller shaft, 116, 120 

Cross country performance, 22 
Cross members, Frame, 85 
-Section of, 86 

— -shaft, Brakes, 214 
Curvature, Internal gear teeth, 142 
— Radius of, in worm teeth, 170 
Cuived bar. Theory of, 79 

Curves (Graphs), Clutch slip speed/unit pressure, 
123 

-spring coil, Stress m, 130 
-—-Max./Ult. Stress ratio, 131 
— Comparison of rubber constants, 108 
-synchromesh and clash gears, 156 
— Effect of lubricant on gear efficiency, 144 
— Unsprung mass on Vertical acceleration, 37 
— Engine performance, 12 
— Frame stress diagram, 84 

~ - Gradient performance (Vehicle). 17 
Ideal tractive effort, 16 

— Interference stress in tubes, 159 
— Load/Deflection springs, 90 
— Max. safe vehicle deceleration, 74 

Curves, Performance with gears in geometric pro* 
gression, 14 

— Power, Vehicle speed, 13 
Radiator cooling, 201 

— Steering ratio (Heavy Vehicle) (Lmht Vehicle), 
51 

Torque, Angle of lock, 52 
- Stress around hole in frame, 81 
- Springs, 99 

Stress/Sfrain, Rubber Springs 99 
- Stress Sdain,Rubber Duromerer hardness, UK) 

- Time intensity <!hot peening, 92 
lyre Pressure, ell'ect on perOirmance, 25 

C'yclc of Torque ratio differential gear. 181 
C'yUnder hydraulic brakes, area of, 61 
- Mounting air brakes, 210 

D 

DAMPING, Clutch vibrations, 133 

— Road spring oscillations, 94 

Deceleration, Average vehicle, 2(>9 
Brakes chart, 74 

-- Maximum vehicle, 60 
— of vehicle w hen skidding, 65 
Ifcfects, in clutch plate design, 131 

DeHection, Angle of in axle shaft, 164 
Curve for rear axle shaft. 166 
Elastic force of in propeller shaft, 119 

— of Bevel pinion, 173 
— — coil springs, 125 
-- - propeller shaft, 117 
“ — Road springs, 33, 192 

- Rubber tn shear, 104 
— Pressure ratio. Tyre, 24 

— Spring, 33 
-Efiect of increa'sc of. 33 

Optimum value of, 33 
— - Static, for road spring, 193 
— Torsional, in propeller shaft US 

Deformation, Axle casing, three-piece, calcula¬ 
tions for, L''9 

Diagram of, 160 

ncpressii>n in Induction for Servo brakes, 63 
in Road, Elfect of impact, 94 

De.sign of Brake cross-shaft, 214 
— — Frame members, 83 
-Gear box, 1 37 

- Road springs, 192 
..- for static stress, 192 
— -- — dynamic stress, 192 

- — Tyre tread, 23, 25 

Development of frame section, 191 
Dewandre-Servo assistance calculations, 6.3 
Diagram of Inertia lock synchromesh gears, 154 
— - Interference stress in axle tubes. 159 
-Spring centre of oscillation, 218 

Diameter, Spline base on shaft, 145 
— Tyre, 25 
Diametral pitch of gears, 139 
Differential Bearings, loads on, 165 
- Ftticiency of, 181 
— Function of, 179 
- Gears, Friction in, 180. 183 
- lock, 183 

— Pinion pin, load on, 179 
— Relative motion betw-een gears, 170 
— Sell-locking 181 
-- Speed of, 179 

— Spur gear mechanism, 179, 182 

Displacement of centre of gravity, 21 
— Maximum allowable for hypoid pinion, 176 
— of Rubber in shear, 99 
— Rear axle, reason for, 93 

Disposition of Frame in relation to ground, 191 
-Mass in front axle, 39 
— — Rear wheel bearings, 163 
Dissipation of Energy, clutch liners, 122 

-Horse power. Radiator, 201 
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Distortion of Brake drum, 210 
Distribution of Brake power, 209 
— — Force at circumference of holes, 79 
-Frame stress, 197 
-— Stress m t(5rsion bar, 109 
-- - - Vehicle weight, 27, 29 
Dog Teeth, Internal, 142 
-Width of tooth, 14? 

“ — Method of manufacture, 143 
- Strength of, 143 
Drag, Force on Brake drums, 73 

Clutch, 132 
Link, Angular relation to drop arm, 216 

Drive, Epicvclic gear Form of, 146 
- Four wheel 24 

— Front wheel, 24 
- Ofi'set rear a\lc, 19K 

— Worm geai for rear axle, 170 
Driven, Member, Clutch, Weight of, 121 
Driving force at wheels, 19 
— Position of controls, 204 
— Shaft, angular velocity relative tc. driven shaft, 

116 
Drop Arm, angular relation to drag link, 216 
— — Steering, movement of, 215 
-- in Static pressure. Radiator. 201 
Drum, Brake, Expansion of, 210 
-Materials, 75 

— Treatment of, 76 
- Operating temperature, 210 
-Rigidity of, 77 

— Torque, 65 
Durometer hardness. Rubber, 97, 100, 102 
Dynamic stress. Road springs, 192 

E 
EA'ION, Cjrooved section leaf spring, 90 
Etl’ect of Centrifugal force on clutch springs, 124 
-lubrication on gear efliciency, 144 
-unsprung mass on performance, 38 
Efliciency of brake. 73 
.— on gradient, 74 
- shoe, 72 

-■ - gear lubrication, 143 
-b(^\, 144 

— Index, rubber comptamd, 100 
— Power steering. 59 

-- Steering formula, 53 
— — Ratio, 51 
— Transmission, ! 1 
— Worm gear, 170 
Effort, Idea! tractive, 13, 16 
- Manual, at steering wheel, 58 

Elastic limit, “ natural ” of material, 40 
- Splined shaft, 145 
Electrical equipment, 223 
Energy absorption, Clutch, 122 
- dissipation. Clutch linei, 122 

— stored in rubber spring, 102 
Engine, Fuel consumption, 12 
-- Power curves, 12 
— - Excess of, 18 
— Pulling power, 17 
— Speed range, 14 
— Torque vaiiation, 26 
-Economical working point, 16 

Epicvclic gears, 146 
— -- Basic types, 146 
-Form of drive, 146 
-Motion of, 147 
— — Nomenclature, 146 
— — Reduction ratios, 147 
-Speed ratio calculations, 146 
-- Tooth setting, 149 
Exhaust Manifold joint, 222 
~ Pipe, lagging of, 222 
— Tail pipe length, 222 
Expansion Chamber (Silencer), 222 
— - - Optimum position for, 222 

Expansion Chamber, Properties of, 222 
— of Brake drum, 210 
Exposure, Time of, for Shot peening, 92 
External, Ftirces in chassis, 1 1 
Eye, Spring, Forms of, ^6 

F 

FABRIC, tyre, resistance to rolling, II, 12 
Face bearing worm tooth, 171 
— width gear teeth, 137 
Factor for Servo multiplication, 63 
-Pow'er brakes, calculations. 208 
— of Safety, rubber springs, 105 
-- Soil, 28 
— Wear load. Brake lining, 71 
Failure of gear teeth, 173 

— Splines, 145 
Fan, Distance from radiator, 202 
Fatigue, Fracture at hole edge, >^0 

limit, effect of change of section, 40 
-• Torsum bar spring, 1 1 1 
-- Effect of spline, 1 1 I 
I erodo, clutch lining characteristics, 124 
Fibre stress, clutch springs, 124 
Film, Failure of oil, 172 
Fit, Interference, required for fiee/ing, 157 
Fixed Brake cam. Calculations, 208 

-Requirements of. 208 
Flexibility, Axial in clutch plate, 132 
— Frame, 81 
f lexible clutch centre, 134 
Flitching, Frame, 78 , 
Floating, Brake cam, 72 
Floor of cab. Height of, 204 
Flotation, Vehicle, Fflect of terrain, 22 
Fluctuation t)f torque, multi-wheelcd vehicle, 31 
Force distribution at edge of hole, 79 
— Polygon, Rear axle shaft, 166 
— required for braking, 60 
— Separating, on worm gears, 173 

- Tangential, on bevel gears, 168 
Worm gears, 173 

Forces, acting tui vehicle, 20, 50 
- Impact between wheel and road, 93 
- Overturning, 20 

Ford, Model 1, gear set, 150 
. ... -- - -Gear ratios of, 151 

Fork joints. Propeller shaft, 115 
-Angular, relation of, 115 
Form of Epicyclic Gear drive, 146 
FormuUe. - See Calculations. 
Forward Speeds, steering ti^rque at, 53 
Four speed compound planetary gear set, 148 
-- Wheel drive, 24, 26 
f-racturc, Fatigue at hole edge, 80 
Frame Brake reaction upon, 85 

Clearance over rear axle, 193 
Complete structure, 78 

— Cross members, boxing of section, 86 
— — design of, 85 
~ Design, 78 

— Development of.section, 191 
Diagonal bracing, 87 

~ Disposition in relation to ground, 191 
— Ertect of drilling holes in, 78, 80 
- Flexibility, 82 
- Flitching side members, 78 

— General design, 83 
— Method of dimensioning, 83 
— Relation of spring centres, 30 
-- Rigidity of, 29, 50 
— Side members, maximum stress, 190 

Sprung length, 189 
Static loading, 83 

— Stress diagram, 84 
-Distribution, 197 
— Torsional stiffness, 86 
— Width, Chassis layout, 185 
Freezing of axle tubes, 157 
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Frequency c.f Spring surge, 124 
-Torsional vibration, propeller shaft, 119 
-Vehicle pitch, 34 
Friction between spring lea\'cs, 96 
— ct)ef1icient. Clutch Imei, 123 
-7'yic and road, 60 

~ in Differential gears, 180, 183 
— - Gear teeth, 144 
— - Steering gear. 53 
— Resistance formula, 11 
— - Surface, Clutch, 122 
Front axle. Avoidance of stress concentration, 40 
-Bending moments, 42 
-Blending of section, 4^ 
— - Braking torciuc, 44 

— —Centre of oscillation 38 
-Control bv, 30 

— Disposition of mass, 39 
- - Ertect of design on gyroscopic action, 38 

— Inertia moment, 39 
Modulus of section, 4^ 

— — Reversal of stre'^ses, 40 
-Shock loading, 38 

Vibration of, 38 
Front and rear wheels. Brake power ratio, 63 
— Spring desum, 192 
— Wheels, Relative angles of, 216 

— - - Angle of l(.ck, 215, 217 
-Drive, 24 
-Torque in, 58 

Frontal area. Radiator, 201 
Fuel consumption. Engine, 12 
— System, constructional features, 220 
-description of. 220 
Fulcrum Pin (Brake) Displacement, 66 

— reaction, 67 
Fully floating rear axle, 162 
Fundamentals of suspension, 34 
Funicular polygon, rear axle shaft, 166 

G 
GE \R box. Bearing centres, 137 
- - casing, Rigidity of, 146 

Efficiency in vaiious gears, 144 
Function of, 14 

-Quietness in operation, reasons for. 139 
— — Steps and ratios, 14 

--Theoretical ideal, 14 
— Typical arrangement, 138 
— Viscosity of lubiicant in, 144 
— Change, Conditions of mounting, 218 
-Mechanism, 218 
- Relation to engine speed, 15 
-- Position of, 218 

- — Typical arrangement. 219 
— Cluster, production difficulties. 145 
— Efficiency, 11 
— Intermediate ratios. Selection of, 14 

— - Nave, Weakness in, 142 
- 0\'erall ratios, I 3 

— Set, Model T Ford. 150 
— Shaft, Base diameter of splines, 145 
- Bending moment, 145 
-Centre distance, 137 

- Diameter of, 145 
— — Effect of splines on strength, 145 

— —Elastic limit of material 145 
-Stresses in. 145 
-Torsional moment (>f, 154 
— Speed changes, 14 
— Teeth bounce, causes of, 141 
-Correction coefficient, 140 
--Face contact, 140 
— Flammer in, causes of, 141 
-Helix angle of, 139 
-Internal, Tip interference, 142 
— — Irregular angular velocity of, 141 
-Noises, Conditions aggravating, 140 
-Pitting of, 173 

Gear Teeth, Quiet operation. Conditions pro¬ 
moting, 139 

-Torque transmission, 137 
— Undercutting of profile, 140 

Worm, Radius of curvature, 170 
— Tooth, C'orrected profile, 140 

- - Correction of. 139 
I ace width, 137 

- Failure of, 173 
-- Friction in, 144 

low frequency growl. Causes, !4I 
Trains, Epuycli.’. Number of, 149 

Gears, Bevel, Mounting. 173 
-Cavitation .n oil, 143 

F>iametra! pitch, 139 
- Tangential force in, 168 

- Diftcrenti.'il, Relative motion between, 179 
- - Speed of, I 79 

— - Epicyclic, 146 
- Form of drive, 146 
-Number of ctnnbinations. 147 

- Reduction ratios, 147 
— Hypoid, Bearing loads, 169 

- - Comparison with spiral gear, 175 
' - Internal, 142 
-Sliding velocity of teeth in, 142 
— Lubrication of, 143 

— - Nurnbeis of teeth in planetary sets, 150 
— - Planetary, Basic types, 146 
-Calculations of speed ratios. 146 
-Compound sets. 147 
-Overall ratios, 148 

- Resonance in, 145 
— Spur type in planetary sets, 150 
— Synchromesh drum torque, 154 
-Performance with, 156 

- Synchronising in gear box, 153 
Time required to synchninise, 153 

— W<mm, lead angle, 171 
' - - Lubrication of, 172 

Geometric Analysis, Si>ring system. 35 
- Centre of propeller shaft rotation, 118 
- Layout of propeller shaft jmnt. I 15 
- Prtigression, 14 

— Curves for. 14 
Formula for. 15 

Geometry of laminated spring movement. 1 13 
-Steering linkage, 216 
G-MX" steering gear, 51 
Gradient, Brake elliciency on, 74, 75 

Chmbable, 15 
Curves, 17 
Performance, 16 

— Resistance, I I 
Graphical Solution, Axle shaft strength. 16'^ 
Gravity, Centre of. 19 
(iround, Cle.irance, legal, 195 
-- Penetration of tyre, 23 

Pressure of tyre, 23 
— Surface condition, 23 
-Mud, 23 
- Sand, 23 
- Snow,23 
Growl, low frequency, in gear teeth, 141 
Ciyration, Radius td. Vehicle, 34 
Gyroscopic action of wheels. 50 
— --Control of, by design. 38 

- Movement of propeller shaft joint, 119 

H 
HAMMER between gear teeth, 141 
Hand brake leverage, 210 
- - - - travel, 210 
Hardness, Rubber, Durometcr reading, 97, 100, 

102 
-Shear modulus ratio, 102 
Harmonic motion. Vehicle, Frequency of, 33 
Harris rubber bush, 97 
Heavy vehicle, Steering torque, 52 
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Height of cab floor, 204 
— Vehicle step. Regulations governing, 195 

Helical coil springs, 121 
Helix angle of gear teeth, 139 
Holes, Distribution of force at circumference, 79 
— in fra'MC, Stresses involved, 78, 80 

Stresses under load at periphery, 80 
Hook up of brakes and clutch, 205 
Hoop stress in axle tubes, !58 
.Lames theory, 158 

Horse power, radiatcyr dissipation of, 201 
Hub bearing layout, 162 
-loads, 163 
Hydraulic brakes. Area of cylinder, 61 

- — Calculations for, 61 
Leverage. 62 

-Line pressure. 6) 
-- — Pedal ratio, 62 
— shock absorbers. 94 

„ — Differentia! type. 94 
-- Dtiuble acting, 94 
--Single acting, 94 
Hyperboloid of revolution, 175 
Hypoid gear. Bearing loads, 169 
-Comparison with spiral, 175 
-Load carrying capacity, 176 
-Maximum displacement. 136 
-— Pinion otfset, 176 
— — Pressure angle, 176 
-Recommended tooth loads, 176 
-Rigidity of mounting, 176 
-Rolling action of, 175 
-Spiral angle, 176 

-■ Tangential force, 169 
- - Tooth profile, 176 

I 
ICES C'oeflicient of adhesion. 209 
Ideal tractive effort, 16 
Impact, Etfect of obstacle, 38 
— I'orces, wheel and road, 93. 94 
— - Tests of, 93 
Impulse upon vehicle from obstruction. Formula, 

^8 
Index, Coil spring, 125, 128 
Indirect gears, 144 
Individual wheel loading, 29 
Induction depression, Servo brakes, 63 
Inertia lock synchromesh mechanism, 152 
--Diagram of, 154 
— Moment, Front axle, 39 
— Polar moment of, for complete vehicle, 3,3 
Inflation pressure, tyre, 23 
Initial calculations, clutch, 121 
— Considerations, chassis layout, 185 
Input torque to axles, 26 
Inserts, Cork, in clutch plate, 132 
Intensity of ground pressure, 23 
Interference fit, for freezing axle tubes, 157 
— Gear tooth, tin, internal gears, 142 
— Stress diagram, axle lubes, 159 
Intermediate gear ratios. 14 
-Selection of, 15 
Internal dog teeth, width td', 143 
— Gears, 142 
-Length of pressure line, 142 
— — Number of trams, 149 
-- Sliding velocity, 142 
-Systems compared with external, 142 
-Tip interference, 142 
— — Tooth curvature, 142 
Involute splines. 177, 183 
-Allowable torsional shear stress, 177 
-Compressive bearing stress, 177 
-Diametral tolerances for, 183 
-Length of, 177 
-Main advantages, 177 
-Number of teeth in contact, 177 
— .Pressure angle of, 177 

Involute splines, Shear stress in, 177 
-Tolerances for teeth, 18.3 
-Types of fit, 183 

J 
•loint. Exhaust manifold, 222 

- Propeller shaft, 115 
-- - angular relation of, 115 
— gyrosctipic movement, 119 

Stress in, 120 

K 
KING pin (axle), arrangement of, 43 

Inclined pivot, 43 
— Shear loads, 43 

Vertical pivot, 43 

L 
L AGGING ol exhaust pipe, 222 
Lames Theory, Hoop stress, 158 
Layout of Brakes, 205 
— Chassis, 184 
-Pedal linkage, 205 

— ' - Steering, 214 
lead angle, worm gears, 171 
Leaf springs. Camber, Normal, 113 
— — - Reverse, 113 
-Eye movement, I L3 
-Geometry ol" movement, 113 

Stress range, 91 
-Vibration of, 91 

! egal, Axle weight, 188 
— Brake requirements, 214 

- Ground clearance, 195 
Side overhang, 188 

— Steering requirements, 218 
— Vehicle weight, 188 
Length (»f F,xhaust tail pipe, 222 

— — Pressure line, internal gears, 142 
Lever, Change speed, Pi sition of, 218 
- for Clutch operation, 205 
Leverage, hand brake, 210 
- Ratio of bevel tooth. 180 
- Required for hydraulic brakes, 62 
Limit of elasticity in gear shaft, 145 
Line pressure, hydraulic brakes, 61 
- - Internal gear teeth, 142 
Linear rate, torsion bar spring, 110 
Liner, Brake, Rate of wear, 209 
- Clutch, I7imension, 122 

— Flow of air, 132 
- Rivet size, 123 

Lining, Brake, Area of, 65, 73 
-Arc, length of, 70 
- -- Average pressure, 65 
- Power absorption, 71 
-Total area, 74 
- Clutch, rate of wear, 122 
- - Disposition on shoe, 69 
- - Pressure brakes, 60 
- Temperature, clutch, 122 
Linkage connection, steering. Legal requirements, 

218 
— of pedals, 205 
— Steering geometry, 216 
-Overall ratio, 215 
Load carrying capacity, Hypoid gear, 176 
— deflection, curve. Road springs, 90 
Loading, Hypoid gear bearings, 169 
— Individual wheels, 29 
— Maximum allowable ground, 23 
Loads on rear wheel bearings, 162 
-Spiral bevel gear bearings, 167 
Location of driver’s seat, 204 
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I.ock angle of front wheels, 215, 217 
— for differential gear, 183 
— Synchromesh, inertia type, 152 
. ..Diagram of, 154 
Locked wheels. Effect of, 63 
Low frequency growl in gear teeth, 141 
l.owest critical speed, propeller shaft, 117 
Lubrication, Effect of quantitv on efticiencv, gears, 

14^ 

— of gears, efficiency of, 143 
-viscosity of oil, 144 
— ■ Indirect gears, 144 
-Spring leaves, 96 

- -- Worm gears, 172 

M 
MANIFOLD, Exhaust, Joint for, 222 
Manual effort required at steering wheel, 58 
Marking of bevel teeth, 174 
Mass, Disposition in front axle, 39 
— Unsprung, effect of, 38 
Materials, Brake drum, 75 
— for coil spring, 129 

■ Safe stress m, for propeller shaft, 120 
— treatment tor brake drums, 76 
— - r Leaf springs, 91 
Matrix, Distance from, of cooling fan, 202 
Maximum displacement of hypoid pinion, 176 
— stress. Frame side member, 190 
Mechanics of moving vehicle, 10 
Mechanism of change speed, 218 
-spur gear differential, 179 
-steering box, 50 

- - svnchrc/mcsh gear. Constant load type, 
154 

---- - Inertia lock type, 153 
Metals for rubber bonding, 108 
Modulus of rigidity, Coil spring, 126 
-values, rubber, 103 

Moment, Bending, of gear shaft, 145 
— of inertia. Polar, vehicle, 33 
— Torsional, in gear shaft, 145 
— twisting, in track rod. 41 
Morley’s formula, Modified for vibrations, 119 
Motion of planetary gears, 146 
— Relative, between differential gears, 195 
Moulds foi rubber, 101 
Mounting of Air brake cylinders, 210 
— - Bevel gears, 173 
-Clutch pedal, 204 
-Gear change, 218 
— — Hypoid gears, rigidity, 176 
Movement at brake shoe centre, 210 
— gyroscopic, in propeller shaft joint, 119 
— of centre of gravity, 21 
-road spring eye, 113 
-steering drop arm, 215 
Moving vehicle. Mechanics of, 10 
Multi-stage road springs, 90 
— wheel drive, torque reaction, 31 
- - - - fluctuation of, 31 

N 
NATURAL elastic limit, steel, 40 
Nave weakness in gears, 142 
Nest of springs, calculations, 125 
Noise from gear teeth. Causes of, 140 
Nomenclature, Epicyclic gear sets, 146 
Non-floating brake cam, 208 
-symmetrical brake linings, 69 
Normal cambered springs, 113 
Number of coils in clut^ springs, 124 
-springs in nest, 126 
— — teeth in planetary gears, 150 

O 
OBSTRUCTION, effect of impact on springs, 38 

road surface. Reaction produced, ^4 
Olfset drive, rear axle, 198 

of Hypoid pinion, 176 
Oil churning of gears, 143 

film. Failure of, 172 
- How, Power steering control valve, 5^ 

viscosjty cfTccts on gears, 144 
Operating cam. Rigid t'me for brakes, 208 
- lever. Clutch conne, ii m, 203 

lempcrature, Brake oiuin, 210 
Oplmnim di'^tance betwee i radiator and flm, 202 

position of silencer, 222 
Oscillating centre, road spring, 113, 216 
- — Diagrarvf of, 218 
Oscillation, damping. Road springs. 94 
Outboard bearing. Pinion niounting, 173 
Outer diameter. Clutch disc, 121 
-Coil spring, 125 

rear wheels. Reactions at, on corner, 162 
Output of brake comprc.ssor, 212 
- and input. Torque balance. Transmission, 153 
Overall gear ratios, 13 
- steering linkage ratios, 215 
Overhang in bevel gear bearings, 173 
- Side, Vehicle, Legal requirements, 188 
Oversteer, causes and remedy, 49, 93 
- effect of slip angle, 49 
0\erturning couples, vehicle, 20, 50 

velocity of vehicle, 20 

P 

PARALIEIISM, degree of, in torsion bar 
splines, 111 

Patter, wheel, effect of centre of gravit>, 30 
Pedal, clutch. Mounting of, 204 

- linkage layout, 205 
ratios. Brakes, 62 

- Spacing of, 203 
- Travel, brake, 70 

-- Clutch, 204 
Peening, shot, size of, for torsion bar, I 13 
-Torsion bar, ) 11 
Performance, Acceleration, Vehicle, 19 
— Effect of tyre pressure, 25 
— Gradient, 16, 24 
— Preliminary calculations, 9 
- Requirements for, 14 

Vehicle, Cornering, 19 
cross country, 22 

-Riding comfort. 23 
-- — with synchromesh gears, 156 
Period of spring oscillation, 32 
-vibrations in propeller shaft, 117 
Periodic transfer, gear torque ratio, 181 
Periodicity, Springs, 29 
Peripheral speed. Brake drum, 71 
Periphery of brake shoe. Effect of heat at, 70 
Permissible ground pressures, 23 
Peugeot leaf springs, lubrication of, 96 
Pinion, bevel. Adjustment of, 174 
-Backlash in, 175 

— — Deflection of, 173 
Hvpoid, Maximum displacement allowable, 

176 
-Offset of, 176 
Pipe connections. Servo brake system, 205 
Piston, Servo, Limit of depression, 62 
— travel. Brake cylinder, 211 

Pitch, diametral, gears, 139 
— Vehicle, Frequency of, 33 
Pitting of worm gear teeth, 173 
Planetary gear sets, Calculation of speed ratios, 

146 
— -Four speeds, 148 
-nomenclature, 146 
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Planetary Gears, Motion of, 147 
- — Number of combinations, 147 
- ~ Tooth setting, 149 
- Transmission, Basic types, 146 
Plate clutch. Design of, 121 
- Rc iilience m, 131 

Friction, Leaf springs, 96 
Pneumatic clutch control, 136 
Polar moment of inertia. Vehicle, 33 
Position of driver’s seat, 204 

- Silencer, 222 
Power absorbed by rolling resistance, 28 

abstirption of brake lining, 71 
Brake, distributum of, 20*' 

- - consumed by tyre, 46 
curves, hngine, 12 
- Available amount, I t 
- - Excess of, 18 

- Peak in rclajion to wheel speed, 14 
--Required minimum, 13 
■— Factor, Brakes, 208 
- rdtu\ Brakes. 63 

Steering, Bendix Westinghouse, 56 
- - Control valve, 59 
-elTiciency of, 59 

Mechanism of, 55 
-Pump capacity, 55 

Ross-Bendix, 54 
- - - Saginaw-Bendix, 54 
- __ VOckers’ hydraulic, 56 

- Weight ratio, 9 
Precession, Conical, 39 
Prccessional torque, 50 
Preliminary calculation for performance, 9 
Preloading of taper bearings, 1^7 
Presetting, Torsion bar, Fllect of, 109 
- Methods employed, 112 

Pressure, Air brakes. Calculations, 208 
- Angie, hypoid geais, 176 
- average, Brake lining, 60, 65 

- - Diagram, Brake lining, 68 
- — Fixed fulcrum brake shoe, 69 

- due to interference in axle tubes, 158 
- line. Hydraulic brakes, 61 

-- internal gear teeth, 142 
-- permissible on ground, 23 
- ■ Reduction in tyre, elfeci of, 25 

sensitive type dutch control, 13n 
- shrinkage in axle tubes, 158 
- static drop in radiator, 201 
Primary brake shoe, 66 
Principle of \ckcrnuinn steering geomctr\, 48, 

216 
Bevel dillerential, 179 

Pioccdure chassis layout, 184 

Process of manufacture, solid drawn tube axle 
case. 160 

Processing of material for torsion bar, 112 
Prohle of bevel gear teeth, 180 ^ 

correction. Gear teeth, 140 
•— frame. Side member, 83 

hypoid gear tooth, 176 
Progression, Cieometne, 14 
Progressive road springs, 90 
Propeller shaft angle, 116 
- " - Angular velocity, I 15 
- relation of joints, 116 

- Axis of rtitation, 118 
-Balance, 120 
- -- Bending moment on, 116 

Critical speed. 116, 120 
- Cycle of \ibrations, 116, 118 
-Deflection, 1 17 

Elastic force of deflection, 119 
- End thrust, 116 

- .Joint arm, 120 
--gyroscopic movement, 119 
- — path of pins, 115 
-speed fluctuation, 115 
- — Material, rupture, 120 
- — Shear resilience, 118 

Propeller Shaft, Stress range, 120 
— - Torsu nal deflection, 118 
- resilience. 118 

- -- Typical layout. 200 
- Vibratum, graphical illustration, 120 
-torsional frequency, 119 

- Weight of. 117 
-Whirling speed, 118 

Properties of silencer, 222 
Proportion of brake power, fremt and rear axles, 

209 
' torsion bar end, 111 

--Diameter, l*ngth. 111 
Public service vehicle regulations, 188, 194, 

Appendix 
F’ump capacity. Power steering, 55, 58 

R 
Radial loads. Wheel hearings, 163 
Radiator, Air tUnv, 201 
— f’oolmg curves, 201 

- Dissipated horse pi.wer, 201 
Fan, optimum distance from matrix, 202 

— Frontal area, 201 
— Static pressuie in, 201 
Radius of curvature, worm gear tooth, 170 
— Factor, rubber springs, 105, 107 
— of gyration (Vehicle), 34 
Range of brake drum materials, 76 
— stress, leaf springs, 91 
Rate of brake liner wear, 209 
— - — Clutch spring, 124 
-Encigy ciissipation, clutch liner, 122 
-Stillness of load springs, 90 
-torsion bar spring, 110 
- — Angular, 110 

- -Linear, 1 10 
—— Wear in dutch liners, 122 
Rating, Tyre pressure, 23 
Ratio of Angular velocity. Propeller Shaft 

Joints, 115 
Brake liner length to drum circumference, 

69 
-Gear reductions, Ford Model T gear set, 

151 
Rolling resistance, vertical wheel load, 28 

-Shear modulus, durometer hardness, 
rubber, 102 

— - Spring systems, front and rear, 35 
-Tt)Oth leverage, bevel pinion, 180 

— Track wheelbase, 29 
— Biakc pedal, 62 
— max,/min. stress, coil spring, 129 
— power weight, 9 

for steering. Formula, 52 
- Linka.ge, 215 
Rcactitm at outer road wheels, skid, 162 

- produced by road obstruction, 94 
Reactionary force at brake shoe, 72 
Rear axle Arm, Highest stressed point, 163 
- Bevel pinjf>n, rotation of, 167 

Casing, defoimation of, 159 
-Methods of manufacture, 157 
— -Stresses in, 162 

-Three-piece type, 159 
-Control by, 30 
-- Displacement, reasons for, 93 
- -- Offset drive, 198 

— -- Semi-floating bearing loads, 164 
-Shaft, Angle of deflection, 164 
- Bending moment, 166 
-— Deflection curve, 166 
— -- Force polygon, 166 
-- Funicular polygon, 166 
— -Resilience in, 164 
-Strength, Graphical solution, 165 
-Torsion loads, 163 
-Worm drive, 170 
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Rear Axle Tubes, Compressive stress in, 158 
-Diagram of interference stress, 159 

-- - Freezing process, 157 
-Hoop stress m, 158 
-- - Interference stress, 159 

- Tubular, Solid drawn, 160 
— -Process of manufacture, 160 

— Hub bearing layout, 162 
- — loads, 162 

— Spring, Typical layout, 196 
- Wheel, Bearing layout, 16T 
..— loads, 162 
- — K|<id reaction, 164 

- — Twinning of, 185 
Recommended gear tooth loading, 176 
Regulations relating to Axle weight, 188 
-- -- Ciround clearance, 195 
-- —Side overhang, 188 
- - Step height, 195 
- Tilting test, 194 
— —Turning circle, 195 
- - Tyres, ) 88 
— — Vehicle weight, 188 
Relation between angles c)f propeller shaft ji^int. 

115 
Relative Disposition, fan and radiator, 202 
-- motion between Dift'erential gears, 179 
— Front wheel angles, 216 
Required ellort at steering wheel, 58 

power for vehicle propulsion. Formula, 16 
Reservoir, Air pressure. Time to replenish, 213 
— Vacuum, relation to Servo, 205 
Resilience in clutch plate, 131 
— Torsional, in axle shaft, 164 
-propeller shaft, 118 

Resilient cotinection between clutch liner and 
plate, 1 32 

— Clutch centre, 133 
Resistance, Air, II 

— Average road. 10 
C'oinbined curves, 17 

— Cord tyres, 11 
— Fabric tvres, 11 
— Ciradicnt, 11 
— Rolling, 10 

— - Tractive, 12 
Resonance in gears, 145 
Restrictions, legal, in chassis layout, 185 
Retardation of road wheel, 180, 183 

— - Vehicle, 73 
'Reverse camber road spring, 93, 11 3 
— steering torque, 53 
Revolution of hyperboloid, 175 
— —road wheel, 180, 183 
Riding qualities, 33, 37 
Rigid brake operating cam, 208 
— -Requirements of, 208 
Rigidity of Brake drum, 77 
-Frame, 29, 50 
— — Gear box casing, 146 
— modulus. Coil spring, 126 

— of mounting hypoid gears, 176 
Rivet for clutch liner. Compound, 132 
— size. Clutch liner, 123 
Road holding qualities, 38 
— - Spring, Alteration in length, 113 
— — Camber, 93 
— — Design, 192 
— Eye movement, 113 
— - Frequency of oscillation, 89 
-Function of, 89 
-Geometry of movement, 113 
— - Leaves, Shot peening, 92 
-Life of, 91 
-Reverse camber, 93 
— — Static deflection, 193 
-Virtual centre of oscillation, 216 
— Surface, Impact with, 93 
— wheels. Retardation of, 180, 183 
-Revolutions of, 180, 183 
Rolled spring eye. Stresses in, 96 

Roller bearings, Taper, Preloading of, 177 
Rolling action, Hypoid gears, 175 
- - resistance, 10, 23, 26 
- Increase due to cavitation, 27 

- — Pov\er absorbed, 28 
Ratio to vertical load, 28 

Ross-Bendix pt)v\er steering. Control valve, 54 
Rotation, Direction of brake cam, 208 

of spiral bevels, 167 
Rubber, application to suspension, 97 

bonded. Stress uniformity, 102, 104 
-Surface area, 103, 106 

- — Thickness of, 102. 106 
-Temperature, 101 
- bonding pressure, 101 

- in clutches, 1 33 
— Comparison with steel, 105 

— Erticiency of compound, 100 
— Deflection in shear, 104 
-— torsion, 106 " 

— Dimensions, formul.c, 104, 106 
— Modulus values, 103 

Moulds, 101 
Shear displacement, 99 

— - sample, 99 
vSprings, Degree of deformation, 98 
- Design fornuil e, 103, 106 

- — Determination of si/e, 97 
-Energy stored in, 102 
- - Factor of safety, 105 

— -- Limit of continuous loading, 102 
-Radius factor, 105, 107 
-Rate of, 98 

-Static loads. 97 
— - — Torsional Rate, 97 
-Unit shear stress. 98 

- Vulcanising, 101 
— Stillness of. 104 

■ Stress strain curve, 99 
— Suitable bonding matciials, 108 

— Toision spring, 97 
Running radius. Tyre. 29 
Rupture. Pu>peiicr shaft malenai, 120 

S 

SAFI load. Clutch spring. 1.21 
— stress. Propeller shaft, 120 
Selected materials. Brake drum, 76 
.Selection of spring base, IS9 
-wheel base, 189 

Self lovking ITiflcicmial, 181 
-- Lfficiency of, 18! 
- Friction in, 181 

Semi-floatmg rear axle, 164 
Bearing loads, 164 

Separating force. Worm gears, 173 
Servo brakes. Induction depression, 63 
Setting of planetary gear teeth, 149 
Shaft, Base diameter of spline, 145 

- Centres m gear box, 137 
— Gear box, bending moment on, 145 
— -diameter of, 145 

— — ~ elasticity in, 145 
-Optimum number of splines, 145 

-- Stresses m, 145 
.. -torsional moment. 145 

Propeller. Centre of relation of, 118 
— Rear axle. Bending moment in. 166 
-Deflection curve. 166 

-Force polygon, 166 
-- Funicular polvgon, 166 
-- --Strength of graphical solution, 165 
— -Torsion loads, 163 
— Splined, Strength of, 145 
Shock absorbers,Clutch, function in transmission, 

134 
Shrinkage, stress due to, in axle tubes, 158 
Side members. Frame, maximum stress, 190 

overhang, Regulations relating to, 188 
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.Single deck vehicle. Regulations relating to 
stability of, 1^4 

Plate clutch design, 121 
Skid, Causes of vehicle 180 
— Reaction on rear wheel bearings, 16.^ 
Sliding elocity. Internal gear teeth, 142 
Slip torque, Clutch, 121 
Slipping speed. Clutch, 123 
Solid drawn tube. Rear axle, IhO 

- Process of manufacture, I6I 
Spacing of control pedals, 203 
Special clutch designs, 135 
Speed, Critical propeller shaft, 120 
— of diOerentiai gears. 179 
-- Ratio, planetary gears, 146 

Ford Model T gear set, 151 
— Relative, between dillcrential gears, 195 

of slipping clutch, 123 
— Time curves, synchromesh gears, 156 
Spin, wheel, cause of, 180 
Spiral angle, Hypoid gear, 176 
— - bevel. Comparison u ith hypoid, 135, 175 
— - - gear. Rearing loads, 167 
Splined shaft, Base diameter, 145 

— -- Elastic limit, 145 
Splines, etiect of, on gear shaft, 145 

failure of. 145 
— involute, 177, 183 

— Allowable compressive bearing stress. 177 
— — __ torsional shear stress, 177 
-Diametral tolerances for. 183 
-Length of, 177 
-Main advantages, 177 

— Number of teeth in contact, 177 
-Pressure angle r)f, 1 77 
— — Shear stress in. 177 

— - — Tolerances for teeth 183 
— - - Types of fit, 183 
— number of, on shaft, 145 
— stresses in, 145 

under continuous stress reversals, 145 
Spring base. Vehicle, choice of, 189 
— Coils, clearance between, 125, 128 
— Deflection, 125, 192 

Design calculations, 192 
— Dynamic stress, 192 

Eye movement, 113 
Front, design of, 192 

— Geometry of movement, 1! 3 
- Index (coil), 125, 128 

Laminated, Treatment of material, 91 
— Layout, Arrangement of, 196 
- Load (clutch), 122 

— Materials for, 129 
— Static stress, 192 
.Surge frequency, 124 
Springs, Clutch, calculat.o is for, 124, 131 
-compression of, 124 
-Cushion capacity, 129 
— — Fibre stress, 124 
-Rate of, 124 
-Road-static deflections, 193 
-Safe load, 124 
-Weight of, 124 
— Nest of, 125 
Sprung length of frame, 189 
Spur gear, Diflerential mechanism, 179 
— type planetary gear set, 150 
Stability of public service vehicles, 194 
Stabilus, Description, 95 
Static deflection, road springs, 193 

— pressure drop in radiator, 201 
— stress, road springs, 192 

Step height, regulations, 195 
Stiffness of coil spring, 126 
Strength of Rear axle shaft. Graphical solution, 

165 
-Splined shafts, 145 
— — Worm gear, 170 

Stress Diagram, Interference between axle tubes, 
159 

Stress at differential end of axle shaft, 163 
— in frame, distribution of, 197 
— — gear shaft, 145 

- highest point of, in axle beam, 163 
— hoop in axle tubes. 158, 159 
-- maximum, in frame side member,n90 
— Range in propeller shaft, 120 
— Ratio, maximum/ultimate coil springs, 131 
— in rear axle casing, 162 
— Reversal effect on splines, 145 
-- due to shrinkage in axle tubes, 158 

— m splined shaft, 145 
- - three-quarter floating axle shaft, 163 

Surface, Contact, wt>rm gears, 171 
— Road, Impact with, 93 
Symmetrical brake liners, 69 
Synchromesh cones. Face clearance, 155 
-for gear box, Design of, 153 

- gears. Advantage of, 156 
Axial loads applied to cones, 155 
Drum torque, 154 

-Inertia lock type, 153 
Load required on cone, 155 

-Mechanism, constant load type, 154 
-Time required to synchronise, 153 

■ —' Vehicle performance with, 156 
Synchrtmism, torque required F>r, in gears, 155 

1 
TAIL pipe, length of exhaust. 222 
Tangential lV»rce, Bevel gears, 168 

— Hypoid gears, 169 
- - Worm gears, 173 

Taper-roller bearings, Preloading of. 177 
Teeth, gear. Causes of bounce, 141 
- - - Contact faces, 140 
-Correction cocflicient, 140 

-- Dog type, internal, M2 
Face width, I 37 

-Failures in, 173 
- Noises from, 140 

-Torque, transmission by. I ^7 
Hammer between gears, 141 

— internal. Tip interference, 142 
•— Pitting of, in gears, 173 
— Splines, Involute, 177, 183 

—  -Allowable compressive bearing stress,! 77 
__ — . torsional shear stress, 177 
-Diametral tolerances for, 183 
-Length of, 177 
-Main advantages, 177 
— — “ Number of teeth in contact, 177' 
— - Pressure angle of, 177 
-Shear stress in, 177 
— — — Tolerances for teeth, 183 
-- ... Types of fit, 183 
— Undercutting of, 140 ' 
Temperature, Brake drum, 210 
— — lining, 71 
— Clutch lining, 122 
Terrain, Efl'ect upon vehicle flotation, 22 
— Intensity of loading, 23 
Tests, Wheel, road impact. 93 
The Stabilus, Description, 95 
Theory of curved bar, 79 
-hoop stress. Lames, 158 
Threads, Design of, for bolts, 82 
— Rolled, Ground, Cut, 82 
Three-quarter floating axle. Stresses in, 163 
Thrust, Propeller shaft. End, 116 
— slip angle, 48 
— due to wheel camber, 48 
— Worm gear, 173 
Tilting Test, 21 
-Legal, 194 
Time/Intensity curve. Shot peening, 92 
— Lag. Steering. Control of, 54 
-Power, 54 
—/Speed curves, synchromfesh gears, 156 
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Tip interference of internal gear teeth, 142 
Toledo-Woodhcad road springs, 90 
Tooth curvature, Internal gear, 142 
— corrected profile, 140 
— friction between gears, 144 

leverage ratio, 180 
— loading, recommended for hypoid, 176 

„ Profile, Bevel gear, 180 
— - — Hypoid gear, 176 
— Setting, planetary gears, 149 
— width. Internal, dog type, 14 
Torque, Application to engine, 12 
— Brake drum, 65 
— Braking, front axle, 44 
— Capacity, gear teeth, 137 
— Clutch, 121 
— Economical working point on power curve, 16 
— Effect of uneven balance of, 29 

- Equality in transmission, 153 
— in front wheels, 58 
— Hunting, in multi-wheel drive, 31 
— Ratio, Cycle of, in differential gear, 181 
— Reaction on gear box casing, 146 
-longitudinal, 28 
— Required for gear synchronism, 155 
—- in rubber springs, 98 
— on synchromesh drum in gear box, 154 
— Transmission of gear teeth, 137 
— Transverse reaction, 29 
— Variation of engine, 26 
Torsion bar. Anti-roll, 95 
-Elastic limit of, 112 
—- — length of spline, 111 
— - Presetting, effect of, 109 
-Proportions for end of, 111 

-Relation of spline diameter to body size, 
111 

-Shear angle, 110 
-Shot peening of. 111 
— -calculations for, 110 
-Spring, angular rate, 110 
— — Stress distribution in, 109 
— ... ___ fatigue effect of spline, 111 
--processing of 112 
—  -splines for, 111 
— loads on rear axle shaft, 163 
— Moment, Gear shaft, 145 
— in rubber. Performance, 97 
— — . - Examples, 106 
- Volume, in rubber springs, 106 

Torsional deflection Propeller shaft, 118 
— Moment, gear shaft, 
— - in track rod, 41 
— Resilience, axle shaft, 164 
-propeller shaft, 118 

Rubber disc spring, 104 
— stiffness of frame, 86 
Tow load, effect on axle loading, 28 
Track, effect of springs upon, 29 
-on tyre radius, 29 
— Relation to wheelbase, 26 
— Rod, angle of, 216 

- — bending stress, 41 
-design of, 40 
-Dimensions, Formula, 40 
-End loads on, 40 
-- twisting moment, 41 
Traction, Vehicle in sand, 25 
-— snow, 25 
Tractive ability of vehicle, 25 
— adhesion, 27 
— Effort, excess to axles, 17 
-Ideal, 16 
-Required, 29 
-Variation of, 19 
— Resistance, 12, 23 
Tramp wheel, Causes of, 50 
Transfer, Periodic, torque ratio in, differential 

gear, 181 
— Weight when braking. 60 
Transmission, Action and reaction, 153 

Transmission efficiency, 11 
— line of propeller shaft, 198, 199 
— losses, 11 
— Planetary gear, Basic types, 146 
— Torque, equality in, 153 

” of torque by gear teeth, 137 
— Variable, 14 
Transverse, vibration of axle, 39 
Travel of Brake cylinder, 211 
-pedal, 70 
-Clutch pedal, 204 
-Hand brake lever, 210 
Tread design (tyre), 23, 25, 73 
Treatment of brake drum materials, 76 
-leaf spring materials, 91 
Triple Servo brake system, 207 
Tube block, Radiat(»r, relation to fan, 202 
— Solid drawn for rear axle, 160 
Tubes, Axle, freezing process, 157 
--Hoop stress in, 158 
-interference fit between, 157 
-- shrinkage in, 158 
Turning circle regulations, 195 
— radius formula, 48 
Twin anchor pin brake shoe, 208 
Twinning of rear wheels, 185 
Twisting of gear shaft, 145 
— moment, track rod, 41 
Two leading shoe brake. 72 
-- shoe brake, simple, 65 
Typical arrangement, change speed gear, 219 
-gear box, 138 
-propeller shaft. 200 
— Pinion mountings. 174 
Tyre, Centre of ground contact, 23, 45 
— Coefficient of road adhesion, 60 
— Defleclion/pressurc ratio, 23 
— Deformation, 25 
— Diameter, 25 
— Equipment, Choice of. 24 
— Penetration of ground, 23 
— Power ct nsiimed. Formula, 46 
— Pressure, Effect on performance, 23, 25 
' Radius, Running 29 

— Rating, 23 
-Reduction in, 25 
— Regulations relating to, 188 
— Resistance, Cord, Fabric, 11 
— Sinkage, ground angle, 28 

Si/e, operatit n in sand and snow, 23 25 
— Slip angle, 48 

-- Tread, 23, 73 
— Wedge action, 23 

U 
UNDERCUTTINCi of gear teeth, 140 
Understcer, 49 
- Effect of slip angle on, 49 
Unit pressure/slipping speed ratio, clutch, 123 
Universal Joints, gyroscopic movement of, 119 
-stresses in, 120 
Unluader valve setting. Air brakes, 213 
Unsprung mass, Effect of vertical acceleration, 

vehicle, 37 
--Ratio to sprung mass, 32 
Upward acceleration of vehicle, during motion, 

38 

V 
Vacuum control of clutch, 136 
— Reservoir, Relation to servo, 205 
— Servo, Connecting pipes, 205 
Valve control of clutch, 136 
Vehicle, Acceleration of, 15 
— Critical speed of, 37 
— Deceleration, average rate, 209 

237 



AUTOMOBILE CHASSIS DESIGN 

Vehicle Deceleration, maximum rate, 60 
— Displacement, 33 
— Flotation, 22 
— Mechanics of motion, 10 
- motion, bounce, 32 
- — centres of, 33 
-ef ict of brakes upon, 20 

frequency of, 33 
— ~ harmonic, 33 
-pitch, 33 
—“ Performance, Road holding, 38 
— — with synchromesh gears, 156 
— Retardation, 73 
— Selection of type, 22, 26 
— Side overhang, legal, 188 
— Sinkage, 22 
— Skid, causes of, 180 
- Speed formula, 16 

— Stabilising, 95 
— Stability, 19 
— Suspension. 34 
— — rubber, 97 

Weight, legal total, 188 
Velocity, Air, II 
— Angular, engine, 12 
— — irregularity in gear teeth, 141 
— Propeller shafts, 115 

of sliding. Internal gear teeth, 142 
Vertical acceleration from road obstruction. 38 
-- thrust from ollset wheels, 46 
Vibrations in clutch, damping of, J33 
— Eflect of spring, track, upon, 39 

— of complete vehicle, 37 
-leaf springs, 91 

- Phenomena, propeller shaft. Graphical 
example, 120 

-- Propeller shaft, 1 16 
Vickers’ hydraulic power steering, 56 
Virtual centre of road spring oscillation, 216 
Viscosity of gear hex lubricant, 144 
Volume of air consumed in brake cylinder, 212 

-flow through radiator, 201 
Vulcanising, rubber, lOl 

W 

WEAR, Clutch hner, 122 
- load factor, brake liner, 71 

— Rate of, brake liner, 209 
Weight, assessment of chassis, 188 

- on axle, legal, 188 
— effect upon centrifugal force, 20 
— of clutch driven member, 121 
--spring 124 
— distribution upon axles, 26 

- - when braking, 64 
— -skidding limiting conditions, 64 
— effect on propeller shafts, 117 

Weight of road springs, formula, 89 
— transfer when braking, 60, 63 
— of vehicle, 19 
Wheel, action due to castor, 46 
— Beanng.s, disposition of, 163 
-Radial loads, 163 
— — Skid reaction, 164 
—  -Total loads, semi-floating axle, 164 

- Camber thrust, 48 
— Cavitation, 27 
— Frequency of bounce, 29, 34 
— Lock angle, 48, 52 
— Spin, 26, 28 
-Cause of, 180 
— Steering, number of turns, 215 
Wheelbase, Ratio to track, 26, 29 
— Selection of, 189 
Wheels, Braking percentages on, 63, 64 
— driving force, 19 

four wheel drive, 24 
— Front, Relative angles, 216 

- with locked brakes, 20, 63 
— Number of driven, 24 

Path of travel, 48 
Patter, cause of, 30 
Skidding, cause of, 63 
Tramp, 50 

— Twinning of, 185 
Whine, in gear teeth. Ml 
Whirling speed. Definition of, 1 18 
-Propeller shaft. 1 18 
Width of gear tooth face. 137 
— — Frame, chassis lav out, 185 
Wiring. Flectrical, description of, 223 
Wobble, High speed, 50 
— Low speed, 50 
Woodhead. spring leaf lubrication, 96 
Worm drive. Rear axle, 170 
- Gear, Bearing loads, 172 

— Contact v_onditions, 171 
Efficiency of. 1 70 

-Lead angle, 171 
•- Lubrication of, 172 

-Strength of, I 70 
— Tangential force, 173 
-Teeth, pitting t>f, 173 

Thrust, 173 
— Tooth face bearing, 171 
-Radius of curvature, 170 

- Wheel, axial load position, 171 

Z 

/F differential, construction of, 182 
- — Efficiency of, 181 

-Friction in, 181 
-- Principle of, 181 
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AUTOMOBILE ELECTRICAL 
EQUIPMENT 

A. P. YOUNG, M.I.Mcch.K., & 

L. CjRIFFITUS, A.M.I.E.E., M.I.Mcch.K. 

Jhird Rdition. Ciivcs a complete survey of electric inti,, 
starting and Unition, as applied to the internal combustion 
engine and the modern motor vehicle, vviih practical information 
on dynamos, starting motors, batteries and the process of ignition. 
^529 illustrations, curves and diagrams : index. 

(d'own 8/y>. 352 pp. i8.f. od. mi. By post iH.c. (yd. 

THE MOTOR VEHICLE 
K. NEWTON, M.C., ILSC., A.C.G.I., A.M.Inst.C.E., 

M.T.Mech.E., & W. STEEDS, O.B.E., B.SC., A.C.G.T., 

M.EMech.E. 

I bird lidiiion. A descriptive textbook of chassis construction 
for engineering students, draughtsmen and all owner-drivers who 
take an inlelligent interest in their cars, 'J’he volume deals 
separately with each part of the engine and chassis, and contains 
numerous illustrations from photographs and drawings. 

C^rotrn '^vo. 492 />/) 15/. od. mi. By p'>si 150 jd. 

THE MODERN DIESEL 
A Review of High Speed Compression Ignition Engines 

Edited by G. Cieoffrey SMITH, m.b.e. Revised by 
Donald H. SMITH, M.I.Mech.E., Assoc.inst.r. 

Idevvnth luhiion. Now firmly established as the standard hand¬ 
book on the coiTipression ignition engine, this book includes 
every new development in fuel pump and engine design, and the 
use of diesel power units for railcar work is dealt with in detail. 

I’olio 8/'6». /// Pnparaiiott. 

DIESEL MAINTENANCE 
By T. PARKINSON, M.i.Mech.E. Edited by 

Donald H. SMITH, M.I.Mech.E:., Assoc.Inst.T. 

Second hdiiion. Deals thoroughly with the scr\ icing of the 
Modern Transport Diesel Engine, in particular giving a lengthy 
explanation of the Fuel Injection Equipment and instructions for 
its maintenance and adjustment. 

Folio 8w. 199 pp, Gs. od. mi. By po.fi 6.f. 4(/. 

Obtainable from all booksellers or direct from the Publishing Dept., 

DORSET HOUSE, STAMFORD ST., LONDON, S.E.l 
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in association with the 31 Technical, Trade and Specialised Journals of 
Associated Iliffe Press. 

Gas Turbines and Jet Propulsion for Aircraft 4/// Ediuoji. 
(d. Geoffrey Smith- M.B.K. 13/6 vet. By post 13/- 

“ The Autocar ” Handbook zoth Edition in preparation. 51- vet. By post 5 4 

Look After Your Car : everyday maintenance simply explained 
zvd Edition. 3/6 vet. By post 3 10 

Know Your Car :srd Edition. 2 6 net. By post 2 S 

Motor Driving Made Easy loth Edition. 3 6 net. By post 3/10 

The Endless Quest for Speed 

T/ie Autocar ” Portfolios of Historic Motor Racing Scenes, 
Series J : 12 colour-plates depicting outstanding events during iSqg-igiz. 

5 -- net. By post 5 3 
Series II : 12 colour-plates covering IQ13—igay. 5/- net. By post 5 3 

Motor Cycles and How to Manage Them 31st Edition. 

4/6 net By post 4 10 

Motor Cyclist’s Workshop sth Edition, 
By “ Torrens "of"' The Motor Cycle ". 3 net. By post 3 3 

Two-Stroke Motor Cycles lothEditwn. 3 - net. By post 3 3 

Speed From Your Motor Cycle 6th Edition. 3,6 net. By post 3 10 

Bus Operation : principles and practice for the transport student 
By L. 1). Kitchin. A.M.Inst.T. lo 6 net. By post ion 

Handbook of Industrial Electroplating 
By E. A. Ollard. A.R.C.S.. E.R.I.C., F.I.M., and E. B. Smith. 

15/- net. By post i s 6 

Yacht Racing : a textbook of the sport 3rd Edition. 
By B. flei kstall-Smith. Revised and enlarged by G. Samhrooke Sturgess. 

25/- net. By post 25'7 

Brighter Photography 4th Edition. 

Dictionary of Photography \ith Edition. 
Revised and largely rewritten by A. L. M. 

Photograms of the Year ^3rd year oj p 
A revieiv of the world's outstanding photogi 

Photographic Enlarging 2nd Edition. 

Photographic Skies 
By David Charles. E.R.P.S. 

Television Receiving Equipment 2nd Edition. 
Bv W. T. Cocking. M.I.E.E. 

By David Charles. E.R.P.S. 

In preparation. 

Guide to Broadcasting Stations 
Compiled by “ Wireless World " 

3rd Edition. 

Obtainable from all booksellers or direct from the Publishing Department 

DORSET HOUSE, STAMFORD STREET, LONDON, S.E.i. 

.A.. M.Sc. A.R.P.S. 
15/- net. By post ISh 

-64 plates. 

10 6 net. By post 11 /1 

4 6 net. By post 4 'g 

5 - net. By post 5 3 

12, 6 net. By post 12 ii 

I - net. By post i/i 
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