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PREFACE

The basis of the art of oil hydraulics is the science of fluid mechanics.

This book is intended to present a history of this art, a textbook and
design guide, and a picture of its present state of development. It is
hoped that it will be found useful not only for students, and engineers
now engaged in design and manufacture of oil hydraulic equipment, but
especially for present and potential users of this means of power trans-
mission. To this end, much material has been incorporated dealing with
available components and their use and application.

Like all mechanical arts and sciences, oil hydraulics had its forerunners
and pioneers, such as H. 8. Hele-Shaw, Conrad M. Conradson, Reynold
Janney, W. E. Magie, Walter Ferris, to mention only a few. But
astonishing as it may sound to many, oil hydraulics as an industry dates
back only about twenty-five years. The author has had the unique and
outstanding opportunity of having this period coincide approximately
with his own activity in this field. Few engineers have been given the
chance to assist in the birth of a new industry, contribute to its growth,
and help in its development, finally to see it mature into a full-fledged
branch of arts and sciences.

The desirability, or rather the necessity, of having a text of this kind
available became increasingly apparent during the author’s connection
with the Commonwealth Engineering Company of Ohio immediately
after the close of the Second World War. The Commonwealth Engineer-
ing Company was then in the process of building up a rapidly increasing
staff of hydraulic design, development and research engineers.

It is a pleasure for the author to acknowledge his indebtedness to the
many persons and firms who have assisted, directly and indirectly, in the
preparation of this book with their encouragement, cooperation, and the
permission to utilize published material. Particularly valuable assistance
has been received from R. B. Dow, Bureau of Ordnance, Washington,
and the American Institute of Physics; Lewis F. Moody, Princeton, N. J.;
R. J. S. Piggott, Pittsburgh, Pa., and the Gulf Research and Develop-
ment Company; G. F. Nordenholt and Product Engineering; Geo. A.
Stetson and the American Society of Mechanical Engineers; John W.
Greve and Machine Design; S. H. Monroe and the Socony-Vacuum Oil
Company, Inc.; M. E. Engebretson of The Oilgear Company; L. R. Twy-
man and J. B. Brown of Vickers Inc.; C. M. Reesey and Hans Ernst of

v



vi PREFACE

The Cincinnati Milling Machine Company; Gus F. Koehler of Hydro-
Power Inc.; D. V. Smyth of Waterbury Tool Division of Vickers Inc.;
F. A. Lewis of Linear Inc.; H. A. Toulmin, President and Chairman
of the Board of The Commonwealth Engineering Company; J. M. Hush,
Staff Physicist of The Commonwealth Engineering Company, for his val-
uable assistance in some of the more complex mathematical analyses.
All the drawings were made from the author’s sketches by Leo T. Krus-
kamp of Dayton. The author wishes to honor the memory of an old
friend, D. R. Francis, formerly Chief Engineer of the Waterbury Tool
Company, who contributed material for Chap. VII on Axial Plunger Pumps.

The first six chapters of the book are devoted to a recapitulation of the
fundamentals of fluid mechanics, to which much material has been added
pertaining in particular to its application to oil hydraulics. In the
preparation of these chapters, in particular, Chaps. II, III, IV, and V, the
text by Dodge and Thomson, ‘Fluid Mechanics,” has been drawn
upon, both as reference for arrangement of much of the material and also
for some of the analysis from which many of the fundamental concepts
of fluid mechanics were derived. The author is indebted to both authors
for their kind permission to make use of this material. To those of the
readers who wish to make a more profound study of this fascinating sub-
ject, this text is cordially recommended.

The author is indebted to Henry Holt and Company, Inc., and Prof.
Geo. E. Russell for their permission to use material from Professor Rus-
sell’s book, “Hydraulics,” in compiling the data given in the first chapter
on Fundamental Units of Measurcment.

The entire manuscript was typed and prepared for printing by the
author’s wife, without whose assistance the work would not have heen
possible.

WALTER ERNST
Dayron, Onio
June, 1949
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CHAPTER 1
FUNDAMENTAL UNITS OF MEASUREMENT

1. Mass and Weight. For a full understanding of the theory and
practice of the hydraulic art, a thorough acquaintance with the funda-
mental units of measurement as used in the analysis of hydraulic problems
is absolutely essential.

Four systems of measurement are currently in use, two English and two
metric, varying from each other basically in the selection of the primary
units of mass and force. Data in handbooks and tables may be given in
units of any of these systems, and a knowledge of their basic units and
conversion factors is indispensable.

Any sysiem of measurcment must contain three fundamental units
of time, length, and mass or force. All other units in the same system
may be derived from the fundamental units by combination with one or
more of the same or other fundamental units. For instance, cubie
measurement is merely a function of the original unit of length, L, being
measured in L3

Much confusion has been caused by the fact that the names of some
of the units of mass and weight have been used interchangeably, and to
avoid these difficulties, a careful definition of the terms of mass and
weight is given.

Mass. Mass may be defined as the amount of matter in a given body.
The amount of mass is an unvarying quantity, independent of location
on the earth or any other planet. Masses may be compared with each
other by weighing them on a lever balance.

Weight. Weight may be defined as the amount of pull exerted by the
earth on a given body. Since the gravitational pull varies with the
location on earth, and more so on any other planet, weight is not a con-
stant quantity for any given body. '

2. Systems of Measurement. Newton's second law of motion states
that a force acting on a body will produce an acceleration, so that the
product of its mass times its acceleration will equal the force.

F =aM (1)

According to whether we consider force or mass as basic unit and derive
the other from it by a suitably chosen factor of acceleration, we arrive at

the two basic systems in either the English or metric measurement.
1



2 OIL HYDRAULIC POWER

In the English absolute system, the mass is used as basic unit. One
pound mass by definition is the mass of a cube of platinum carefully
preserved in London.

The force that will produce an acceleration of one foot per second per
second upon this pound mass is called a ‘poundal.” Therefore the basic
units used in the English absolute system are

Unitof mass........... ..ot 11lb

Unitof force...... ... .. ... . i 1 poundal
Unitof length...... ... .. ... ... ... ... . .......... 1 ft

Unitof time... ... ... ... .. ... . .. i, 1 sec

Unit of acceleration.................................. 1 ft per sec?

The English absolute system is used by physicists in English-speaking
countries.

In the English gravitational system the force is used as a basis. One
pound force is defined as the force that imparts an acceleration of 32.174
ft per sec? to the standard of mass in the English system, or, in other
words, it is the weight of the unit of mass at sea level at 45° latitude.
(32.174 is acceleration of gravity at sea level and 45°.)

Since the pound force imparts 32.174 feet per sec? to the pound mass,
it must impart 1 ft per sec? acceleration to 32.174 lb mass. This amount
of mass is called ‘“one slug.”” Therefore, in the English gravitational
system, we have

Unitof mass. ... ... it 1 slug
Unitof foree.......... ... ... ... . i 11lb

Unitof length...... ... ... ... ... . ... ... ... ..., 1ft

Unitof time. ... ... ... ... . . i, 1 sec

Unit of acceleration. ............ ... ... ... ... ... ...... 1 ft per sec?

3. Conversion of Units in Both Systems. We have seen that 32.174 1b
mass equals 1 slug. By definition 1 poundal produces an acceleration of
1 ft per sec? upon 1 Ib mass. Also 1 b force produces an acceleration of
32.174 ft per sec? upon 1 1b mass. Therefore

1 1b force = 32.174 poundals

We have seen that 1 Ib force is the weight of 1 1b mass at sea level and
45°; therefore 1 Ib weight at sea level is numerically (not dimensionally)
equal to 1 1b mass.

If Wy = weight at sea level,
then
Wo

M = mass in slugs = o 17d (2)
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If W = weight at any other locality,
Wog

V=% @)
u=Y
g
where g = gravitational acceleration at that location. 4)

4. Density, Specific Weight, Specific Gravity. The density is the
mass of a substance per unit volume.

_ slugs
cu ft

Specific weight is the weight per unit volume.

b
cu ft
w

b= (5)
Specific gravity is the ratio of the specific weight of a substance to that of
an equal amount of water. Water weighs 62.4 1b/cu ft.

The English gravitational system is used almost exclusively in engi-
neering practice in English-speaking countries. Unless otherwise noted,
calculations in this book will be based on the English gravitational
system.

6. Length, Area, and Volume. Since all measurements of length in
both Englich systems are given in feet, all measurements of area and
volume must be given in square feet and cubic feet. For the sake of
convenience, distances, areas, and volumes are often given in inches,
square inches, and cubic inches and must be converted where necessary.

1ft = 12 in.
1 sq ft = 144 sq in.
1 cu ft = 1,728 cu in.
1 U.S. gal = 231 cu in.

6. Energy and Power. In the gravitational system energy or work is
expressed in foot-pounds; power or duty is expressed in foot-pounds per
second. '

550 ft-1b per sec = 33,000 ft-lb per min = 1 hp

7. The Mechanical Heat Equivalent. One British thermal unit is
the heat required to raise the temperature of one pound of water one
degree Fahrenheit.
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1 Btu = 778.57 ft-lb
1 hp = 42.385 Btu per min
1 atmosphere (English) = 14.69 psi

8. Hydraulic Horsepower. To pump Q gal of water against a pressure
of p psi, work must be done in the amount of

OxBIxp ft-1b (6)

If this work must be done in 1 min, the power required will be

QX231 Xp
12 X 33,000 hp @)

or
0.0005833Qp hp (8)

9. The Metric Absolute System (Cgs System). The mass is used as
basic unit. One gram mass is the 1{¢0¢ part of a platinum cube pre-
served in Sévres, France, near Paris. One gram mass also equals the
mass of 1 cc of distilled water at 4°C.

The unit of length is the centimeter or 1{¢o part of the length of a
platinum bar measured at 0°C, which is kept near Paris. This unit was
originally intended to represent one ten-millionth of the earth meridian
quadrant, but was subsequently found slightly smaller.

The unit of time is one second or the 1/864,000 part of a mean solar day.

A force that imparts an acceleration of one centimeter per second per
second to the mass of one gram is called a “dyne.”

1,000,000 dynes = 1 megadyne
In the cgs system, energy is expressed in ergs.

1 dyne-cm = 1 erg
107 ergs = 1 joule

Power or duty is expressed in watts.

107 ergs per sec = 1 watt
1 kw = 1,000 watts

The cgs system is used in physics and electrical engineering the world over.

10. The Metric Gravitational System. The unit of force is the kilo-
gram. One kilogram is defined as the force that produces an acceleration
of 9.807 m per sec? on the mass of one kilogram, or, in other words, it is
the weight of one kilogram mass at sea level and 45°C.
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The unit of length is the meter.

The unit of mass in the metric gravitational system has not been
defined by name.

Energy is expressed in meter-kilograms.
horsepower (metric).

Power or duty is expressed in

1 hp = 75 m-kg per sec

The Mechanical Heat Equivalent. One calorie is the heat required to
raise the temperature of one kilogram of water one degree centigrade.

1 cal = 427 m-kg
1 hp = 10.534 cal per min
1 atmosphere (metric) = 1 kg per sq ecm

The metric gravitational system is used in engineering calculation in
those countries which have adopted the metric system of weights and
measures.

11. Conversion of Units in the Metric Systems. One kilogram force
imparts an acceleration of 9.80665 m per sec? to 1-kg mass. One dyne
imparts an acceleration of 1 cm per sec? to 1 g mass. One kilogram force,
therefore, equals 980,665 dynes or almost 1 megadyne.

Since 1 kg weight represents the weight of 1 kg mass at sea level and
45°, 1 kg weight must equal numerically 1 kg mass.

TaBrLe I. ConversioN BETWEEN EKNGLISH AND METRIC SYSTEMS
. English English . Metric
Quantity absolute gravitational Cgs gravitational

Mass. ....... '32.17 b 1 slug 14,594 g
Force........ 32.17 poundals | 11b 444 822 dynes 0.4536 kg
Length....... 1ft 1ft 30.48 cm 0.3048 m
Energy.......| ... ... ..... 1 ft-1b . 13,558, 200 ergs [0.1383 m-kg
Duty........| ............. 1 hp 745,7 watt |1.0139 hp
Heat.........| ............. 1 Btu 252 cal 0.252 cal
Pressure.... .| ............. 1 atmosphere| ............ .. 1.033 atmosphere

12. Density, Specific Weight, and Specific Gravity. Density in the
metric system is measured in

g (mass) -

cC

Specific weight is measured in

g (weight) _ w

ccC
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Specific gravity is the ratio of specific weight of a substance to that of
water.

— 8

(9)

il
[

In the metric system the three units of density, specific weight, and
. specific gravity are numerically equal.



CHAPTER 11
PROPERTIES OF HYDRAULIC FLUIDS

1. Compressibility. All fluids are compressible, even though liquids
for many ordinary problems have been considered incompressible. For
high-pressure hydraulic work, the compressibility of the operating oil is
of greatest importance and must be taken into consideration in the design
of hydraulic machinery.

The compressibility of oil may be defined as the specific change in
density per unit of pressure. The compressibility decreases with increas-
ing pressure and must therefore be expressed as a differential quotient.

dp .
C = o dp (1)
Dow and Fink! have shown that

p = po(l + Ap — Bp?), (2)

where p = density, g per cc at pressure p and temperature ¢
po = density at atmospheric pressure and temperature ¢
p = pressure, psi
A and B are parameters depending upon temperature t. Curves are
given in the reference article showing A and B as functions of t. 1t may
be seen that within the operating temperature encountered in hydraulic
work, there is relatively little variation in these factors, so that values
at 100°F may be used without introducing an appreciable error. At
100°F, A becomes 4.38 X 10~% and B = 5.65 X 1071,
Then
A —-2Bp
=1+ 4p - Bp? -G

C

Substitution of values for p in Eq. (3) shows that C varies from
4.25 X 10-¢ at 1,000 psi to 3.13 X 10~¢ at 10,000 psi. At the most
frequently used pressure range, from 1,000 to 3,000 psi, C' varies from
4.25 X 107% to 3.98 X 10¢. An average value of 4 X 10~¢ for the
ordinarily used range of hydraulic pressures seems indicated. The factor
C represents the specific change in density per unit of pressure, or the

'R. B. Dow and C. E. Fink, Some Properties of Lubricating Oils at High Pressure
Density, J. Applied Phys. 11, 353, May, 1940,
7
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change in specific volume, which is proportional to the reciprocal of
density. At 3,000 psi, for instance, the total compression is 1.2 per cent
of the entire volume under pressure.

How important this property of hydraulic fluid is may readily be seen
in the design of hydraulic-pressure machinery for extremely high speed.
At every stroke of the unit, the pump must make up the compression
volume. If the pump is of constant-delivery type and its discharge is
Q in cubic inches per second, then with a given cylinder volume V in
cubic inches, the time ¢ required to generate the pressure p in pounds per
square inch is
Vo

= 350.0000 (4)

If the discharge of the pump is not constant, but variable, as in many
variable-delivery pump applications, a considerably longer time is
required for the generation of the pressure.
In most variable-delivery controls, the dis-
charge of the pump will decrease with increas-
ing pressure. In the majority of cases, @ is a
linear function of pressure p. The pump
delivers its full volume up to a given pressure
N p1. From there on, the delivery decreases
p p max with increasing pressure p until it reaches
Fia. 1. Pressure-volume re- zero, or better, an infinitely small volume Q...
lationship. . .
at the maximum operating pressure p,.,. In
the following we assume that p, is zero. If it is not zero, of course, Eq.
(4) may be used up to p,, and the variable discharge formula will apply
from p; t0 Poex. Referring to the diagram (Fig. 1), we have

an - Qmin — an - Q

Qmax

Q min

. > (5)
or
Q@ = Quue = 27 (Quar — Qo) (6)
If @ = f(p), we substitute for Eq. (4)
_ __Vadp
U = 550,00077) o
Substituting Eq. (6) for f(p), we have )

V dp

dt = 250,000[an - (P/ me) (an - Qmin)] (8)
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This may be written

_ _Vdp { 1
dt 250’000Q’”" 1 - (p/pmn)[l - (Qmin/an)] (9)
or
- V Pmax dp ,
o 250,000Q:m. ,/;) 1—1»p [1 - (Qmin/me)] (10)
Pmax

Integrating Eq. (10) and substituting limits,

Sy Pous Quee
= (250,000Qm.,> [1 = (Quin /Qm..)] logem (11)

Time ¢, therefore, is still proportional to the maximum pressure pp.., but
also to a function of the ratio between the capacities Q,,., and Q..

We may compare Eq. (11) with Eq. (4) for time ¢ with constant
delivery Q. In this case, Qu., Would equal Q... If we substitute Q... for
Q. in uq. (11), we obtain the indeterminate form 0/0.

The actual value of ¢ may be obtained by forming the quotient of
derivatives. We write Eq. (11) as follows:

—_— Vp'““ lOg" (me/Qmin)
t = 25O,OOOQ"‘AX [1 - (Qmin/Qmsx)] (12)
Then

f ’Qmin _ anx

}b;Qmin B Qmin (13)

By substituting Q... for Q... we obtain Kq. (4), which is the constant-
delivery formula for the time ¢. |

If we make Q,.., = zeroin Eq. (11), time ¢ will become infinity. Actually
this condition will not be realized, as the pump pressure control lags
behind the pressure build-up, and as the maximum pressure is built up,
the pump is still on a finite discharge stroke Q.

Eq. (11) will enable us to compute the time required to build up
pressure for any given final discharge rate; practical experience seems to
indicate a ratio of Q... t0 Q.. of about 10:1. With this figure we arrive

at the time
. _ I/’ o pmax 3
t= (‘25‘6,‘066@...,) <1”_—— 0.1> log, 10

v
= 250:0000 2P~ (14)

or 214 times the time required to build up pressure with constant
discharge.
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In actual practice, the pressure p, at which the pump discharge will
begin to diminish will not be zero, but a fraction of the maximum pressure,
generally from 50 to 75 per cent. In this case, Eq. (4) may be used from
zero to p;, and Eq. (11) from p; t0 pm..- The total time, therefore, for a
variable-delivery pump with constant delivery up to p, and decreasing
delivery from p; t0 pn.. Would be:

_ V Pmax — D1 Qmsx
¢ = 350,0000m [”‘ T Qo Qo) 08 Q...;..] (16)

Contrasted with the low compressibility of liquids, gaseous fluids are
highly compressible. Owing to the increasing importance played by
gas- and air-loaded accumulators and other auxiliary devices, a full
understanding of the behavior of gaseous fluids under pressure is desir-
able, and in the following the fundamental laws governing them will be
discussed briefly.

2. Boyle’s Law. A quantity of fluid placed in a container will exert a
pressure on the walls of the container. This pressure in the case of a
liquid is generally produced by the liquid’s own weight but may, of
course, be increased by the action of additional forces, as by the action of
a hydraulic pump or similar means. Gases exert pressure, which is due
both to their weight and to molecular action. Fluid pressures are
measured in units of force per unit area, such as pounds per square inch
or pounds per square foot.

Boyle’s law states that the volume of a gas is inversely proportional to
the pressure of the gas. Expressed algebraically

— = — or pw, =pv =C (16)

p and p, are absolute pressures and v and v, are specific volumes. The
law, of course, also applies to absolute volumes.

3. Gay-Lussac’s Law. Gay-Lussac’s law states that gases under con-
stant pressure expand in proportion to an increase in temperature, All
gases have the same coefficient of expansion. Expressed algebraically

Vg = 00(1 + at) (17)

where vy = volume of gas at zero temperature
a = coefficient of expansion

If the volume of the gas is kept constant, the pressure increases in propor-
tion to the increase in temperature.

Pe = po(l + af) (18)
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For t = —1/a, p: becomes zero, and this temperature is known as
‘“gbsolute zero.” 1/a is 459.4°F, or 273°C. If temperatures are
measured from absolute zero as starting point, they are called ‘‘absolute
temperatures.”’

4. Equation of State; The Gas Constant. According to Boyle’s law,

pwi = pv = C at constant temperature
At zero temperature,

Povo = pv (19)
At temperature ¢,

DoV = PV (20)
or, according to Gay-Lussac’s law,
Povo(l + at) = pv (21)
Introducing the absolute temperature T' = (1/a) + ¢,
pv = peoaT

Since v and v, are specific volumes, pooc is a constant for a given gas,
the so-called ‘“gas constant,’”’” which will be denoted by the symbol R.
Then

p» = RT (22)

The dimension of the gas constant is

R=P_ Ib cuft 1 ft

T = sqft 1b degree  degree (23)

b. Viscosity. One of the properties of fluid most vital in the operation
of hydraulic devices is the viscosity. Viscosity may be defined as the
stickiness or resistance to fluid flow of a substance. More accurately,
it is the property by virtue of which a fluid
offers resistance to a shearing displacement.

From this characteristic of fluids a mathe-
matical conception for this property of fluids vt du

has been derived. This conception is based '
on the following fundamental hypothesis, / ;

N

first proposed by Newton: that the shearing
§tres§ bf;etween .adjacer}t layers .of fluid of Fio. 2. Displ“acemem of ﬂ;i;
infinitesimal thickness is proportional to the particle.

rate of shear in the direction perpendicular

to the motion. If displacement takes place in a particle of fluid owing
to fluid flow at a velocity u on its lower surface and u + du on its upper,

it will be distorted, and the rate of distortion in the direction perpen-
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dicular to the flow may be expressed as du/dy, the partial derivative of
u with respect to y. Newton’s law may then be written

d
r= #55 (24)

p is a coefficient of proportionality and is called ‘“absolute viscosity.”
In the case of two parallel plates separated by a distance b, one of which
is stationary, while the other moves at a velocity V, the fluid is assumed
to adhere at the boundary to each one of the plates, so that its velocity is

__.V

> MOVING" PLATE

A

/ y

1

STATIONARY PLATE

o U —o~

Fia. 3. Parallel plates,

assumed to be zero at the stationary plate and V at the moving plate.
Then, at any point y above the lower plate the velocity is

The rate of shear is

ou V

Wb (26)
The shearing stress is

V

T =M D (27)
or

- -

Therefore, the absolute viscosity is a force acting on the unit of area of a
plane surface moving at unit velocity relative to another plane area
separated from it by a unit distance.

Kinematic Viscosity. Dividing the absolute viscosity u by the density
of the fluid p, results in a quantity », known as ‘‘kinematic viscosity.”

A
I
°I®

(29)
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6. Units of Viscosity. The absolute viscosity expressed in units of
the English gravitational system is

_ b _ force length (F) L\ FT

~ V  area velocity \L?/\L/T) 12
Therefore the absolute viscosity may be measured in pound-seconds per
square foot in English gravitational units, or dyne-seconds per square
centimeter in metric units.

One dyne second per square centimeter is called ‘‘one poise,” in
honor of Poiseuille. One-hundredth of a poise is called ‘‘ one centipoise.”
The viscosity of water at 20°C is approximately 1 centipoise.

The kinematic viscosity has the dimension L?/T or square feet per
second in the Knglish and square centimeters per second in the metric
system. One square centimeter per second is called ‘“‘one stoke” in
honor of Sir George Stokes. The hundredth part of a stoke is called a
“centistoke.”’

Conversion of English and Metric Unaits

1 Ib-sec _ 453.6 X 980.665 _ 478.8 dyne-sec or poises
sq ft 30.482 " sq em ‘
= 47,880 centipoises
sq ft 8q cm

1 e = 30.48% = 929.03 or stokes = 92,903 centistokes

sec

7. Viscosimetry. In practice, the determination of the coefficients of
absolute and kinematic viscosity is not possible by any direct means.
Devices have been developed to measure the speed of flow of viscous
fluids through tubular orifices, or the time required for a given quantity
of fluid to escape through such an orifice. The measurements thus made
bear a definite quantitative relationship to the viscosity as expressed in
units of mass, time, and length.

The most widely used method of determining viscosity is the transpira-
tion method. In these instruments the time required for a given quantity
of fluid to flow through a capillary tube at a given pressure is determined.
The Saybolt viscosimeter is commonly used in the United States for this
purpose. It has been adopted by the American Society for Testing
Materials as standard. For lubricating and hydraulic oils, the Saybolt
universal viscosimeter is employed.

The viscosity is measured in seconds required for 60 cc of liquid to flow
vertically through the capillary tube.

8. Conversion of Saybolt Units into Metric Units of Kinematic Viscos-
ity. The relationship between the transpiration time ¢ in Saybolt
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seconds and the kinematic viscosity v in centistokes may be expressed by
the following empirical formula:

v = 0.226t — 1—?§ centistokes  for ¢ < 100 sec  (30)

and

v = 0.220¢ — }73§ centistokes  for ¢t > 100 sec  (31)

9. Conversion of Saybolt Units into Metric Units of Absolute Viscosity.
a. Given Saybolt viscosity = {.

Density = p g per cc
Then
195 .
v = 0.226¢t — -5 centistokes for t < 100 sec
or

v = 0.220¢ — 1—?—@ centistokes  for ¢ > 100 sec
= tipoises = —X poises
g = vp centipoi —IOOP

b. Given Saybolt viscosity = t.

Sp. wt. = w g per cc, numerically equal to p
Then v as above in centistokes
po= yw centipoises

c. Given Saybolt viscosity = t.

Sp. gr. = s, numerically equal to p
v as above in centistokes
uo= s centipoises

10. Conversion of Saybolt Units into English Gravitational Units.
a. Given Saybolt viscosity = t.

Density = p slugs per cu ft

Then
_0.226t — (195/¢)
B 92 903
_0.220¢ - (135/¢)
- 92,903
b= vp lb-sec per sq ft

sq ft per sec for ¢t < 100 sec

sq ft per sec for ¢ > 100 sec
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b. Given Saybolt viscosity = .

Sp. wt. = w Ib per cu ft
yw
k= ap1n Ib-sec per sq ft
¢. Given Saybolt viscosity = ¢.
Sp. gr. = s
p = 1.94vs Ib-sec per sq ft

11. Viscosity and the Operation of Hydraulic Machinery. The vis-
cosity of the operating oil is of the utmost importance in the design and
operation of oil hydraulic machinery. As will be shown later, hydraulic
pumps, valves, and controls for oil-pressure operation are made without
internal packings, relying entirely on close fits for creating and maintain-
ing oil pressure. Leakage occurs through the clearances, resulting in loss
of capacity and power and increase in temperature. The leakage losses
are inversely proportional to the viscosity of the oil. The use of a heavy-
bodied oil therefore seems indicated where it is desirable to minimize leak-
age losses. On the other hand, viscosity produces torque resistance in
closely fitted parts, and this resistance is directly proportional to the
viscosity, so that for maximum mechanical efficiency lighter oils should be
used. Viscosity also influences the flow resistance of oil through valves,
pipes, and passages. It increases the difficulties of maintaining proper
suction and causes sluggishness in response of control equipment. Oil
recommendations of the manufacturers are based on the attempt to
reconcile these seemingly incompatible requirements. These recom-
mendations are largely based on experience and tests under actual operat-
ing conditions, but attempts have been made at analytical treatment of
the problem, which will be dealt with in Chap. V.

The question what viscosity of oil to select cannot be answered unequiv-
ocally, as a great many factors influence this decision. Generally
speaking, heavy-bodied oils should be used in high-pressure systems,
where it is desired to minimize leakage losses caused by high pressure and
to prevent excessive thinning out of oil due to high temperature. In a
high-pressure system greater torque losses may be tolerated in over-
coming viscous shear, and higher pressures may be allowed to drive oil
through pipe lines and valves, as the percentage loss in power is not as
great as in a low-pressure system. On the other hand, a low-pressure
system, say up to 1,000 psi, can be operated to greater advantage with a
less viscous oil, as leakage losses tend to be smaller, and loss of power due
to viscous shear and pipe-line resistance must be held down.

The author’s experience has been that oils from 500 to 950 SSU
viscosity at 100°T" give good results in radial plunger pumps at pressures
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of 2,500 psi and over, while for low-pressure applications at about 1,000
psi, oils of 150 to 300 SSU seem indicated. Several- manufacturers of
high-pressure pumps recommend oils of 300 SSU viscosity, and the general
tendency seems to be toward lighter bodied oils.

12. Temperature and Viscosity. Mineral oils used in hydraulic work
are highly sensitive to changes in temperature. Relatively slight changes
in temperature produce great changes in viscosity. The relative change
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F1a. 4. Viscosity-temperature curves of typical hydraulic oils.

in viscosity per degree Fahrenheit is known as the ‘ temperature coeffi-
cient of viscosity’’ and may be expressed as follows:

v du

T, = L di (32)
The relationship between viscosity and temperature may be expressed
by the following empirical equation, upon which the ASTM charts are
based.!

loglog (v + 0.8) =nlog T + C (33)

! Standard Viscosity-temperature Charts for Liquid Petroleum Products, ASTM
Designation D 341-43.
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where » = kinematic viscosity, centistokes
T = absolute temperature
C and n are constant for any given oil.
Figure 4 shows the viscosity-temperature curves of typical hydraulic oils,
drawn on an ASTM chart. ,

A simpler though less rigorous expression, which serves well for
analytical purposes, is the Herschel relationship, which expresses the
viscosity-temperature function between two viscosities p and o
existing at the temperatures ¢ and {,, as follows:

b= Mo (%2) (34)

This relationship holds for only a relatively restricted range of tempera-
tures and should not be extrapolated beyond its range of validity. In
the Table I, exponents are given for the oils shown in Fig. 4, covering a
temperature range of 70 to 130°F. As a fair approximation, viscosity of
oils most commonly used in hydraulic work changes with the third power
of the temperature gradient within the normal operating range. With
a commonly encountered temperature gradient of about 2:1 between cold
start and maximum operating temperature, viscosities vary as 8:1.

TasLE |
l Exponent K
2.53
2.81

RN RO
W w0 W
NHNMS

BRI I

13. Pressure and Viscosity. Pressure applied to oil will increase its
viscosity. At moderate pressures, this increase is relatively slight, but
the viscosity increases rapidly with higher pressures. Viscosity varies
with pressure in an exponential function that may be expressed as
follows:

Bo= pocf? (35)

where 8 = pressure coefficient of viscosity
ko = viscosity at atmospheric pressure
p = viscosity at pressure p ’
The pressure coefficient depends upon the type of oil, temperature, and
pressure range.
Table II, showing viscosities at different pressures, has been compiled
from data supplied by the Socony Vacuum Oil Co. It may be seen that
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the pressure coefficient is not constant, but depends upon the pressure.
The changes within the range of pressures used for practical applications
are small enough to be neglected, and an average pressure coefficient,
assumed to be constant for the entire pressure range, may be used.

TaBLE II. ErreEcT oF PRESSURE oN THE ViscosITy oF TypricaL HyprauvrLic Omns
(Temperature = 100°F, viscosities in centipoises, pressures in pounds per square inch)

p =147 p = 1,000 p = 5,000 p = 10,000
Ko B g X 104 B g X 10¢ I g X 10¢
28 .3 33.4 1.65 60.0 1.49 121 1.45
46 .4 56.6 1.99 119 1.89 293 1.84
83.1 101 1.99 215 1.90 522 1.84
122 151 2.15 345 2.08 933 2.03
288 351 1.99 714 1.80 1,560 1.69
422 515 1.99 1,050 1.80 2,290 1.69
579 730 2.30 1,630 2.16 4,070 1.96

Second-order Effects. Experiments conducted by Dow! indicate
second-order effects of pressure on the average temperature coefficient of
viscosity and of temperature on the average pressure coefficient. These
effects may be neglected within the temperature and pressure range of
operating hydraulic equipment, and both coefficients will be assumed to he
constant and independent of each other.

14. Requirements for Hydraulic Fluids.?

Chemical Stability. In a hydraulic system oil is in constant circulation
and is used over and over. Often the oil is churned and agitated and
tends to pick up oxygen. Oils that cannot resist this tendency thicken
and become sluggish. This slows down the action of the machine and
eventually causes it to break down altogether.

Oxidation is accelerated by high temperature. Owing both to this
fact and to the rapid loss in viscosity, it is essential to hold down the
temperature of the hydraulic fluid, if necessary, by water cooling.

Overheating of an operating oil causes a vicious cycle. Excessive
temperatures lower the viscosity; the lowered viscosity in turn increases
leakage losses, and the increased leakage losses produce still higher tem-
peratures. This goes on until the excessive temperatures cause a break-
down of the machine, due to seizing and galling caused by destruction

! The Effects of Pressure and Temperature on the Viscosity of Lubricating Qils,
J. Applied Phys. 8, (No. 5), May, 1937.

2 Quoted by permission of Socony Vacuum Oil Co., New York, N.Y., from their
booklet on hydraulic systems.
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of the oil film. The establishment of a proper heat balance is of great
importance in a hydraulic system. This heat balance must be based on
equal income and outgo of heat under stabilized conditions, and not on
any consideration of heat storage in a large reservoir.

Demulsibility. In the operation of hydraulic systems, entrance of
moisture into the operating oil cannot always be avoided. Condensation
of atmospheric moisture on oil cooler and water pipes, leaky cooler, or
leakage of coolant into oil reservoir may be responsible. When water
mixes with oil, an emulsion is formed. The oil will turn a yellowish
color, become slimy in consistency, or thin out. This emulsion will prove
detrimental to the operating parts of the system, cause rusting and rapid
wear and deterioration.

Lubricity and Film Strength. 1t must be kept in mind that hydraulic
onils not only serve as power-transmitting mediums, but must also lubri-
cate the moving parts of the pumps, valves, and other parts of the
hydraulic equipment. Heavy pressures are developed in the pumps
operating at high speeds, and hydraulic oils must provide the lubricating
films to resist pressures and prevent metal-to-metal contact.
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CHAPTER III
HYDROSTATICS

1. Pascal’'s Law. The pressure at any point in a static fluid is the
same in all directions. The entire art of hydraulics is built upon this
simple and fundamental doctrine.

Pressure and Elevation. Let us consider the equilibrium of forces on a
body of fluid in static condition. Figure 5 shows a column of fluid of
height h and area A. The forces acting on this column of fluid are the

pA pressures p; and p; and its weight whA. To satisfy
a condition of equilibrium, we must have

T p:A + whA = p.A (1)

whA

P2 + wh = p, (2)
Py — p2 = wh 3)

!
h
K_’/ If p. is assumed to be atmospheric pressure on the
pA

surface of the fluid, then pressure p at depth 4 is
Fie. 5. F s on
ﬂu?d columrfrce P = Pa + wh (4)
In this equation p is called ‘‘absolute pressure,’’ that is, pressure due to
the weight of the fluid column plus the weight of the atmosphere above it.
If the atmospheric pressure p, is assumed to be zero, then we have

p = wh or gauge pressure (5)

This is the pressure that would be shown by a gauge connected at depth
h, owing to the fact that the pressure-sensitive element of the gauge is
subjected to an atmospheric pressure equal and opposed to that acting
on the fluid column, and thus the atmospheric pressure is balanced out.

Pa, the atmospheric pressure, is 14.7 psi at sea level or 2,116 psf.
(English atmosphere = 29.9 in. of mercury, or 760 mm. A metric
atmosphere is arbitrarily assumed to be 1 kg per sq cm or 736 mm.)

To make Eqgs. (4) and (5) dimensionally equal, we must convert units
as follows:

w for water = 62.4 Ib per cu ft
Therefore

p = 2,116 + 62.4h psfa (6)

p = 62.4h psfg (7

20
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or, converting to pounds per square inch,

p = 147 + 91%;3 h = 14.7 + 0.433h psia  (8)

p = 0.433h A psig (9)
The depth of liquid & to produce a given pressure p from Eq. (5) is

=P
h » (10)

and is called the “head’’ in feet.
For water, if p is in pounds per square foot,

.
h = ft (11)

or if p is in pounds per square inch,
h = 2.32p ft (12)

For any other fluid with specific gravity s, if p is in pounds per square inch,
h = 2327 ft (13)

2. Manometers. The basic principle of Pascal's law has been utilized
in devices to indicate the pressure existing in a container filled with
liquid under pressure.

If we connect a tube with an open end to a container as shown in Fig.
6, the height of fluid column, A, indicates the pressure prevailing at point
A in the container. According to Eq. (4)

P = pa + wh on the absolute scale
or

p = wh on the gauge scale

The pressure may, of course, be directly read in feet or in inches of head.
A tube as shown in Fig. 6 is called a ‘‘ piezometer tube.”’
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A manometer is a U-shaped tube connected to a vessel under pressure
and may indicate gas or liquid pressures. Figure 7 shows a manometer
connected to a vessel containing a fluid of a specific weight w,. The
indicating fluid in the tube has the weight w.. Then

P = Pa + wihs — wihy absolute pressure (14)

or

P = why — wih, gauge pressure (15)
Manometers are generally used to measure very low pressures. It may
readily be seen that even if an indicating fluid of high specific gravity is
used, the amount of pressure that may be measured by this device is
subject to practical limitations as to height of manometer tubes. There-
fore this type of measuring instrument is not in general use for hydraulic

Fi1a. 7. Manometer.

work except where relatively low pressures must be measured with great
aceuracy.

3. Pressure Gauges. For the measurement of higher pressures, it is
necessary to use another form of pressure gauge. These gauges consist
essentially of an elastic pressure-responsive element operating a pointer
or dial by means of a mechanism that magnifies the elastic deformation.
Most commonly used are Bourdon-type pressure gauges. The pressure-
responsive element in this gauge is a curved tube with thin walls that
tends to straighten out when subjected to hydraulic pressure (Fig. 8).
This movement is transmitted by levers and gear segment to the pointer
of the gauge. Dials are graduated in pounds per square inch and may be
supplied with an additional graduation showing tons on a ram of given
size.

Plunger- and spring-type gauges avoid the complications caused by the
transmitting mechanism and have been adopted by many hydraulic
manufacturers for their ruggedness and ability to take overload and
shock. They are not designed for ‘‘pin-point’’ accuracy of readings,
but serve as excellent indicating mediums.

The gauge made by Schrader and Sons in Brooklyn has found con-
siderable use in hydraulic work and is shown in Fig. 9. The gauge
consists of a plunger operating against a coil spring, and as the pressure
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Fia. 8. Bourdon-type pressure gauge. (U.S. Gauge Co., Sellersville, Pa.)

increases, the plunger rises, compressing the spring. A pointer is
attached to the plunger, indicating the pressure on a calibrated scale.

A gauge has recently been put on the market by the Cameron Iron
Works that operates on a novel principle. Originally developed for oil
field work, the gauge possesses great ruggedness and appears well adapted
to withstand the rigorous service imposed upon it by high-speed
hydraulic-press work and similar applications.
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CHAPTER 1V
HYDRODYNAMICS

1. Continuity. If fluid flows in a pipe or conduit of variable cross
section, and assuming that there are no cavities, then the mass of ﬁuld
passing any one cross section must be constant.

If the velocities and areas of the conduit on two given cross sections are
Vi, Ay, and V,, A, respectively, then

P1V1A1 = 02V2A2 (1)

In case of an incompressible fluid, there is no change in density between
any two points, and Eq. (1) may be written

VlAl = VzA 2 (2)
or, generally,
AV = constant 3)

Equation (3) expresses mathematically the law of continuity of flow.
2. Energy of Fluids. Of the different forms of energy existing, three
are of particular importance in dealing with fluid power. They are
kinetic, potential, and pressure energy. Energy is measured in foot-
pounds in the English gravitational system. When referred to the unit
of weight of a fluid, the specific energy is measured in foot-pounds per
pound or in feet. Thus liquid stored at a level of 10 ft has a potential
energy of 10 ft-lb per 1b or 10 ft.
Kinetic energy is similarly measured. The kinetic energy of a mass M
at a velocity V equals
MVy: Wy

Expressed in energy per unit weight, the energy is

V2

1«,:2;.

ft-1b per Ib or feet (5)
This energy is commonly called the ‘‘velocity head.”

If a quantity of fluid is subjected to a pressure p, then this condition
represents an ability of the fluid to do work. If the total weight of the
fluid is W, then the energy at the height h is

25
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E = Wh (6)
Since
h o= % [Kq. (10), Chap. 111]
= wk
E=W_ (7)

Again energy per unit weight, p/w, is measured in feet and called
‘‘pressure head.”

3. Bernoulli’s Theorem. If we apply the principle of conservation of
energy to the different forms of energy that may occur in a fluid, we have

Total energy = potential + kinetic + pressure (8)
Wh + WV + KIZ = constant 9)
29 w

If expressed in terms of energy per unit weight,
2
h + ¥ + P _ constant = H (10)
29  w

H is the total head in feet.
Equation (10) is known as ‘‘Bernoulli’s theorem” and is named after
the mathematician Daniel Bernoulli, who stated this theorem in 1738.
4. Toricelli’s Theorem. Assuming that
the tank shown in Fig. 11 is filled with
fluid to the height h above the outlet open-
— = —\ ing, then we may apply Bernoulli’s law as
follows:

At the surface we have a pressure head
pa/w and a potential head of h. The velocity head at this point may
be neglected, provided the vessel is of sufficient area to cause a relatively
slow movement of fluid.

At the outlet nozzle we have a velocity head V?/2g and a pressure

FREE SURFACE ]

>

F1a. 11. Toricelli’s theorem.

head p./w.
Then
Po y py_Pa V2
o + h = ” + 2% an
or
V2
h = % or V = \/2gh (12)

This corresponds to the velocity of a body falling in a vacuum a distance h.
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Equation (12) is known as “Toricelli's theorem” and was demon-
strated by Toricelli in 1644.

6. The Siphon. Bernoulli’s theorem may be used to analyze the action
of a siphon. Figure 12 shows a single
diagram of the action of a siphon. Fluid
in the tank flows through the U-shaped
tube and out at the bottom, after the
siphon has been ‘‘primed,” that is, after
the air has been removed from the tube.

Applying Bernoulli’s law to the level of
fluid in the tank and the outlet opening,
we have

Fia. 12. The siphon.

2
Bﬂ+h=?ﬂ+y_
w w 2
or
V = \/2¢h

the same as in the case of outflow from a container with head h.
Applying Bernoulli’s law to the summit of the siphon tube and the
fluid level, we have

Da _r p
—7;+h—'2—g+h+hl+w (13)

To maintain continuity, ¥V must remain constant, assuming the siphon
tube is of constant cross section throughout.

Then
V = \2gh or V= 2gh
Pa | - 200 P
w—}-)—zg—}—h—}-h1+w (14)
or
P_Pa_
w - Gt h1) (15)

when h + h; equals p./w, then the absolute pressure p becomes zero and
the siphon ceases to function. The
atmospheric pressure p, is unable to
maintain the flow by the combination
of heads h and h,.

6. The Pitot Tube. Another well-
known application of Bernoulli’s
theorem is the Pitot tube, named after
the French scientist who was the first to use it. Pitot tubes are used to
measure the velocity of fluid flow.

|wlBABBIRT

S

FLUID _ g
T
FLOW e ""'--.,,,,,,,,,-,.1//

F1a. 13. The Pitot tube.
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The Pitot tube is a tube inserted into the fluid stream with one leg
pointing up. The end submerged in the stream is open, while the
vertical leg is connected to a manometer. The fluid in the tube is
stationary; therefore V at the mouth must be zero.

Applying Bernoulli’s theorem to the mouth of the tube, we have

9T a
where p,, = pressure at mouth
p = static pressure in fluid
w = pg
Pm = % +p
V= \/2(pmp— P) (17

The determination of the static pressure p in the stream of fluid
requires special devices. Pressure immediately adjacent to the wall may
be measured by means of a piezometer.
Pressures in the path of flowing fluid are
measured by means of so-called ‘“static tubes”’
(Fig. 14). A static tube consists of a hori-
.  _ _________ rontal section of tube closed at the end and

Fro. 14, Static tube. fitted with a tapered nose, so as to minimize

the disturbance of fluid flow. A number of

small holes are drilled a suitable distance away from the nose of the

horizontal section. The vertical leg is connected to a manometer. Since

fluid flow passes at right angles to the axes of the small holes, only
static pressure is transmitted to the manometer.
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F1s. 15. Pitot-static tube.

Pitot and static tubes may be combined conveniently into Pitot-static
tubes as shown in Fig. 15. The two passages in a Pitot-static tube may
be connected to opposite ends of a differential manometer, which will then
indicate the velocity head.

Equation (17) in actual practice must be corrected by a calibration
coefficient to care for interference effects due to the presence of the tube
in the stream.
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Pitot-static tubes, while primarily intended to measure velocity of flow,
may, of course, be used to measure quantity of fluid flowing. If A is the
area of pipe or conduit in which the Pitot-static tube is placed, in square
feet,

Q =AV cu ft per sec (18)

Calibration coefficients are again necessary to care for variation in velocity
in the cross section of the conduit.

7. Venturi Meter. Venturi meters are widely used for measuring
quantity of flow in pipes. The
device consists of a large section, Z |>’_—3::3
generally equal to the diameter of _
the pipe, which tapers down to a F16. 16. The Venturi meter.
neck of smaller diameter, and then a gradually diverging section bringing
the area back to that of the pipe (Fig. 16).

Establishing Bernoulli’s equation for section 1 and 2, we have

Ve _pe V2
w2 Tw Ty (19)
Since
44|V1 = .42‘,2
A
V2 = A: V]

Substituting this value of V; in Eq. (19), we have

_ i P _ P2
V= 2 g (e - ) @0

B
Vo1~
V1=K\/2;(%—%) 1)

The discharge @ flowing through the meter in cubic feet per minute is

or, if

Q = A\V\ = AiK ([2g (%1 - %’) (22)
The figures of Eq. (22) must be modified by a calibration coefficient to
allow for the loss of energy and variation in velocity throughout the
cross section.
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Pressures p; and p, may be measured by suitably attached gauges or
manometers at the entrance and throat sections. These gauges may be
graduated to read in terms of discharge or velocity directly.

8. Orifice Meters. The theory of the orifice meter may be developed
in a manner similar to that of a Venturi meter.
AV P A2V2p2  An orifice meter is formed by inserting an

T orifice in the line where it is desired to measure

Fia. 17. Orifice meter.  the flow of fluid and installing manometers

or gauges slightly ahead of and behind the orifice. Figure 17 shows the
principle of an orifice meter.

Applying Bernoulli’s law, we have

Py V_;] - ‘;; (23)

v :1. v
Ve = \/2"[(1” . w() A:/,ff:jﬁw)] (24)
Q= 4, \/29 [(11)]—/“‘()142—/1(41:;?10)] (25)

Again a suitable calibration coefficient must be applied in Eq. (25) to
allow for the losses of energy and contraction in the orifice.

9. The Variable-opening Flowmeter. The Venturi meter has a con-
stant area of flow, and changes in rate of flow cause velocity changes
through this area. These velocity changes cause changes in pressure
drop, which are proportional to the square of the velocity change.
Instead of maintaining the area of flow constant and changing velocities
and pressure heads, it is, of course, possible to vary the opening and
maintain a constant head of pressure and constant velocity of low. An
instrument of this type is shown in Fig. 18.

The device, made by Fischer & Porter Co., Hatboro, Pa., consists in
principle of a tapered glass tube in which a float of constant cross section
is 80 arranged that it may travel in vertical direction, thus varying the
annular area between the float and the inside area of the tube. The
upward- and downward-acting forces on the float are in equilibrium, so
that the float assumes a definite elevation at a given flow rate.

The downward force is the weight of the float less the weight of the
displaced fluid. This must be counterbalanced by a fluid pressure below
the float that is greater than the pressure above. Since the weight of the
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float is constant at all points, the pressure drop across and the velocity
through the annular opening must also be constant. Increased flow
rates, therefore, will cause the float to assume a position in the tapered
tube corresponding to a larger flow area.

Fi1c. 18. Flowrator. (Fischer & Porter Co.)

Briefly, the theory of the Fischer & Porter flowrator is as follows:
The downward-acting force may be expressed as
Vi(wy — we)

where V; = volume of float
w; and w, = specific weights of float and fluid, respectively
The upward-acting force is

(pr — p2)As

where A; = cross section of float at its widest part
p1and p; = pressures below and above the float
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Equating both expressions, we have

As(pr — p2) = Vi(wr — wy) (26)
or, if expressed as difference in head;

p = PP V(w0 — wy)

Wy Aswg (27)
Applying Toricelli’s theorem, we have
V = c/2gh
in which ¢ is a suitable calibration coefficient. Substituting h from Eq.
(27), we have
_Q _  [2gV,(w — w,)
V = 1=¢ A0, (28)
ror
_ 29V, (w; — wy) )
Q = Ac A, (29)

From Eq. (29) it becomes obvious that flow rates are proportional to
areas A and to a function of float and fluid densities, instead of to the
square root of a head differential. Extensive tests by the manufacturers
of the device have shown that this statement is correct indeed, and that
no coefficients other than orifice coefficient ¢ are necessary to cover full
range of fluid and float densities. Moreover, by a special design of float
developed by considerable research, the influence of viscosity has been
largely eliminated, making the coefficient ¢ constant for a wide range of
viscosities and densities. Compensation for variation in fluid densities
may be made by suitably chosen float densities. For a more complete
discussion of the theory of this instrument, the reader is referred to the
publications of the maker.

10. Positive-displacement Meters. While positive-displacement me-
ters do not form an application of hydrodynamics in the sense that
orifice meters do, a discussion of their basic principle in this chapter is
desirable, nonetheless, to familiarize the reader with all the means used to
measure and record fluid flow.

It should be kept well in mind that the instruments discussed in
Secs. 7 and 8 indicate rates of flow, that is, quantity per unit time, in
cubic feet per second, gallons per minute, etc. Contrasted with this, a
positive-displacement meter measures total flow in cubic feet or gallons,
and to determine rates of flow, time measurements must be taken to
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compute the total flow for a given time interval and thus determine rates
of flow.

Figure 19 shows a positive-displacement meter of the nutating-plate
type. It consists basically of a circular plate mounted in a spherical
housing, which is separated into two sections by a radial wall. The plate
is slotted to pass this wall. The plate is carried in a spherical bearing
and carries an actuating pin, which operates a rotating cam. The plate
nutates under the influence of the fluid passing through the meter, and
this nutating movement causes rotation of the cam. The rotation is
transmitted through a set of gears to the indicating and recording
mechanism contained in the housing on top of the meter.

Fia. 19. Positive-displacement meter. (Buffalo Meter Co.)

11. Cavitation. When a condition arises in fluid low where the fluid is
not entirely filling out the space provided for it, cavities will form, and
this phenomenon is called ““cavitation.”

Cavitation will occur when the velocity at some point reaches a value
s0 high as to cause the absolute pressure to approach zero. If the suction
lines of pumps are of insufficient size, or if obstructions are present that
tend to reduce the available pressure head, the pressure may drop so low
as to be unable to maintain the required flow, and cavitation will result.

Cavitation will set in when the pressure has dropped to the vapor
tension of the fluid at the given temperature, causing the fluid to boil and
fill the cavities with vapor. Vapor tension of a fluid is that pressure at
which, at a given temperature, free evaporation of the fluid will take
place, filling an enclosed space to the saturation point. The vapor
tension of hydraulic oils at ordinary operating temperatures is so low
that in most cases severe air infiltration will occur, unless the system is
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absolutely airtight. As the pressure in the fluid is lowered, any air
dissolved in it will tend to liberate, increasing the tendency to cavitate.
Entrained air will expand and increase the percentage of cavitation.

Cavitation in hydraulic equipment causes excessive noise in pumps,
vibration in pipe lines, and erratic operation of motor and control equip-
ment. It must be avoided by proper design of pumps and passages;
suction lines must be of ample size and without restrictions, sharp turns,
and sudden changes in cross section.

12. Energy Losses in Fluids. The discussions in the preceding
sections of this chapter all referred to ideal fluids, that is to fluids incom-
pressible and without friction. Actually, fluid flow is accompanied by
friction due to viscosity and losses due to bends, valves, and obstructions.
These energy losses are converted into heat and cannot be recovered.
Losses are incurred both in flow in pipes and conduits and in discharge
from nozzles and orifices. A detailed study of the losses in fluid flow will
be given in the following chapter.



CHAPTER V
VISCOUS FLOW

1. Laminar and Turbulent Flow. The classical experiments conducted
by Osborne Reynolds showed that there are two types of flow, which
Reynolds called ‘“streamline’” and ‘‘sinuous” flow.

Reynolds’ apparatus consisted of a glass tube inserted into a reservoir
filled with water. A valve was placed in the inlet of the tube to control
the rate of flow. An auxiliary reservoir containing a colored liquid was
arranged above the water tank and fitted with a tube and nozzle dis-
charging the dye into the glass tube at the same velocity as the water
flowing in it.

As long as the velocity in the tube was maintained at a sufficiently low
value, the jet of dye traveled down the pipe as a straight line. This is
what Reynolds called ““direct”’ or ‘‘streamline’” flow.

Increasing the speed in the tube finally led to the break-up of the jet of
colored liquid, which mixed with the surrounding water, indicating what
Reynolds called ‘““sinuous’ flow.

Streamline flow is also known as ‘“laminar” or “viscous” flow, as
contrasted with ‘““sinuous” or ‘““turbulent’ flow. It will be shown later
that there is a definite criterion that determines whether flow is laminar
or turbulent. In the following, we shall deal with the phenomena
encountered in viscous or laminar flow.

2. Viscous Flow. In Sec. 5, Chap. II, a fundamental definition of
viscosity has been given, and the basic units of absolute and kinematic
viscosity have been established.

We have seen that the absolute viscosity u in the metric absolute
system is measured in dyne-seconds per square centimeter or poises, and
in the English gravitational system in pound-seconds per square foot.
The kinematic viscosity

A
Il
® IR

is measured in square centimeters per second or stokes, or in square feet
per second.
Viscous flow is characterized by the movement of fluid in streamlines or
laminae without appreciable turbulence.
35
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3. Viscous Flow in Circular Pipes; Hagen-Poiseuille Law. The law
governing viscous flow in circular pipes was based on experiments per-
formed independently by Hagen, a German engineer, and Poiseuille, a
French scientist. The law states that the quantity of fluid that flows
through a small tube in a given time, is proportional to the pressure
difference, to the fourth power of the diameter of the tube, and inversely
to its length. A theoretical derivation of this law will be given in the
following.

Figure 20 shows a horizontal and vertical cross section of a cylindrical
pipe of internal diameter D. If we consider a cylindrical section of
length L and diameter 2y, and assume the fluid moving from left to right

U

W4

7 .

o Y

F1G6. 20. Viscous flow in circular pipe.

RN

under an average pressure p; on the left and p, on the right, then the
force produced on this cylinder by the pressure difference is

(p1 — po)wy?

We assume that the flow is steady and that no accelerating force acts on
any of the fluid particles. There is, however, a force acting on the outside
surface of the cylinder of fluid, due to the shearing stress set up by the
viscosity of the fluid. This shearing stress 7 = u du/dy is independent of
z, since there is no change in velocity in the z axis. The shearing force,
therefore, is

du
—p g
m &y wyL
The minus sign indicates that « decreases with increasing y.
To maintain equilibrium of forces, we must have
du
(P — po)wy? = —p @%Ly (1)

or

du _ _ (p1— p2y
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Integration furnishes

_ _ (p1—= pa)y?
u = dul, + C 3)

At the wall of the pipe the fluid is at rest; therefore, for y = D/2, u
must equal zero, and

C = (pl - p?)D2/4
4ul

__(p_x—'p_:{} D,
W= \v Y )

The maximum velocity at the center of the pipe for y = 0 is

and

_(pr = p2)D? :
Umax = TGulL (5)

The average velocity may be computed by determining the volume of
the paraboloid formed by the velocity distribution in the pipe. The
average velocity is
volume of paraboloid

area of base

Umax
Volume = /; wy? du

— (,'I,),' - P2) 1)2 2
S\ Y

V =

From Eq. (4)

If we make

Py =P oo
4[1.]1 C
then
.o DT
max D?  TUmes®
2 = ar e
/;) Y2 du = TlUmas 1 S0
Division of this expression by wD?/4 furnishes
2Umax®
V = Umax — C,D2
or with
D2
u"\nx = C’ T [from Eq. (5)]
CD* _pr = p

AN Y )} (6)
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The total quantity of fluid passing any cross section in unit time is the
product of the average velocity and the area, or

Q= g
M

Equation (7) is the mathematical expression of the Hagen-Poiseuille law
given at the beginning of this section. This law has been well established
by both experimentation and analysis. It serves as a verification of
Nelvton’s theory that the shearing stress in a viscous fluid is directly
proportional to the velocity gradient in the direction perpendicular to
the motion.

Equation (7) is expressed in fundamental units of the English gravita-
tional system. Ior convenience of calculation, the conversion to more
commonly used units will be given in the following.

Given p; — p: in pounds per square inch.

w v X 62.4s

= prv = n = T with s = 0.92 for oil

With v in centistokes, L in feet, D in inches, @ in cubic inches per minute,

0 - 1,728 X 60 X 7 X 12* X 92,903 | (p1 — p»)D?
- 124 X 128 X 1.78 ul,

_921,850(p, — po) D! . .
= oL cu In. per min (8)

From this we may compute loss of pressure in a pipe of length L in feet

Oyl
P1 = Pr = 5o1 850D ®)

4. Viscous Flow between Parallel Plates. Figure 21 shows the cross
section of flow between two parallel plates taken in the direction of

U max re—

—= 7=

P -rrp-d; 3_[% —~ X

AN AN TN

- dx f= -y =
Fi6. 21. Viscous flow between parallel plates.

motion. The plates are assumed to be so large that the flow may be
considered two-dimensional.

The velocity distribution is assumed to be parabolic; that is, the
velocity increases beginning from the walls toward the center, but the
rate of velocity increase or the velocity gradient decreases toward center.
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The fluid flow is produced by a pressure differential dp and opposed by
the shear stress r acting on the lower surface dxz. On the upper surface
a shear stress acts in the opposite direction, owing to the fact that the
layer of fluid adjacent to the upper surface travels at a faster rate than the
fluid particle. This shear stress is smaller than the shear stress on
the lower surface, owing to the decrease in the velocity gradient, by the
infinitesimal dr.

To establish equilibrium of forces, we have

dpdy + (r — dr)dx = 7 dx
or
dpdy — drdx =0

Therefore
dp dr
dz ~ dy
With
_ du
= s
we have
dp d*u
dx ~ M ap (10)
Integrating twice, we obtain
2
u=%%%+Aly+A2 (11)

The constants of integration, A, and A4,, are determined by the condi-
tion that the velocity is zero at the boundaries; that is, for y = +(b/2),
-y becomes zero and

_ _ldpd?
Ade=— %38
Then
- Ldp(b* .,
v -v) a2
Ume: Occurs in the middle of the space between the surfaces for y = 0.
1 dpb?
Unax = — '2‘;‘%'&" (13)

The velocity distribution is parabolic. The average velocity is

uUumax y ([’u 1

0
L~/ [, vidy __ ladph (14)
b/2 3udr 4
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The pressure gradient (dp/dz) = —(p1 — pe/L), since the pressurce
decreases in a linear function. Therefore
_ 1pi—pb?
3# IJ 4

The quantity of fluid passing through a unit thickness normal to the ay
plane, therefore, is

1 — Do b3 — b3
Q = — Pr— P26 (pr — po)

=% L 4 %L (15)

For a total thickness w the amount of fluid is
_ (p1 — pa)b*w :
Q = 12,1, (16)

If we again express Q in Eq. (16) in more convenient dimensional units,
we have

‘ » — 3
Q = 3,131,5()1(‘,1[)3_w p2)bw cu in. per min  (17)

where v = kinematic viscosity, centistokes

= length, ft

width, in.

= thickness, in.

= quantity, cu in. per min

p1 — p2 = pressure gradient, psi

6. Viscous Flow through Annular Spaces. For the flow of fluid

through a narrow annular space as shown in Fig. 22,
w = wD. Therefore we have

9,833,102(p; — p2)b*D

o8 I~

Equation (18) is of great importance in permitting
us to calculate the leakage loss in closely fitted pis-
Fre.  22. Viscous tons of hydraulic devices. It indicates that the
flow through annular  Jeakage losses increase with the third power of the
space: clearance, which illustrates the necessity of main-
taining close clearances and accurate tolerances in hydraulic work.
Clearances can be reduced to very close limits by lapping mating parts
together. For interchangeable work, where reasonable manufacturing
tolerances must be maintained, inevitably larger clearances will result, so
that a moderate slippage or leakage loss will occur in commercially made
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hydraulic devices. The clearances and tolerances in Table I have been
found satisfactory for commercial work from the author’s experience.

TaBLE I
Diam. up | Bore tolerance, | Piston toler- Min. clear- Max. clear-
to, in. in. X 10~¢ ance, in. X 1074 |ance, in. X 10~4|ance, in. X 1074
71 + 215 — 0 +0 — 113 1 5
19 +3-0 +0 - 2 2 7
3 +4-0 +0 — 215 3 91
1 +5-0 +0 - 3 5 13
2 + 6 —0 +0 — 4 8 18
3 + 8-0 +0 - 5 10 23
4 + 8 -0 +0—- 5 1219 2514
6 +10 — 0 +0—- 6 17 33
8 +12 -0 +0 - 8 20 40

The minimum clearances are recommended for satisfactory operation of
reciprocating or rotating parts. The maximum clearances result from
the addition of both tolerances to the minimum clearances. Minimum
clearances may be either added to the nominal bore sizes or subtracted
from the nominal shaft sizes, whichever is more convenient.
Ezample: For 3 j-in. size
Bore = 0.750 + 0.0003 + 0.0004 = 0.7507 in.
— 0.0000 = 0.7503 in.
Piston = 0.750 — 0.00025 = 0.74975 in.
+ 0.00000 = 0.75000 in.
or, alternately,
Bore = 0.750 4+ 0.0004 = 0.7504 in.
— 0.0000 = 0.7500 in.
Piston = 0.750 — 0.00C3 — 0.00025 = 0.74945 in.
+ 0.00000 = 0.74970 in.

With the maximum clearance of 0.00095 (diametral) and assuming that the 34-in.
piston is fitted with a length of 14 in., we may expect a leakage of about 1 cu in. per
min with an oil of 40 centistokes viscosity at a pressure of 2,000 psi and atmospheric
terminal pressure. :

6. Viscous Flow with Variable Viscosity. Equations for viscous flow
given in preceding sections are based on the assumption that the viscosity
in the flow path is constant. Actually, this is far from being the case.
We have seen in Chap. IT that viscosity of oils is highly sensitive to
changes in temperature and also susceptible to pressure changes. There-
fore, pressure drop through capillary seals and other viscous flow paths
Is not constant and must be expressed as a differential equation with
variable viscosity. The kinematic viscosity used in these flow equations
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is also influenced by the compressibility due to changes in density.

These changes, however, are too slight to be considered in this analysis.
Any of Egs. (8), (17), or (18) may be expressed in the following simpli-

fied form:

— C 1 Ap

Q v AL

(19)

The coefficient C; covers the particular physical configuration of the flow
path with which we are dealing.
From Eq. (34), Chap. I1, we have

Sl
Also from Eq. (35), Chap. II,

B = woef?

We may combine Egs. (34) and (35) by stipulating that uo is viscosity at
atmospheric pressure (zero gauge pressure) and existing operating tem-
perature f,, while u is the viscosity in the capillary seal at the pressure p
and temperature ¢ due to absorption of the pressure energy by the fluid.
The temperature rise must be proportional to the pressure energy
absorbed. We may write, therefore,

t — to = Ca(py — D) (20)

where p; is the pressure at the seal entrance.

Coefficient C; may be computed in the following manner. When a
quantity of oil @ is forced through the opening, energy is imparted to it,
which results in the absorption of an equal amount of heat energy. If
q is the specific heat, we have

144Q Ap = Quwq(t — t,)778 (21)
If we take
w = 57.4 1b per cu ft
q = 0.45 Btu per 1b per °F

then from Eq. (21)
t — ty = (7.2 X 10-3)Ap
or, from Eq. (20),
(", = 7.2 X 1073(°F)(8q in.) per b
From Eq. (20) we obtain

o —p) +1 (22

Stl=
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then

Ko
P C/t) (pr = p) F 115 (23)
Before proceeding with the analysis a somewhat simplified, if less
rigorous expression for p as temperature function of pressure p will be
developed. We have seen that the exponent K can be approximated by
the integer 3 for average operating conditions. Moreover, within the
pressure and temperature range of practical hydraulic application, the
expression (C'2/t)(p1 — p) is small compared with 1, and the expression
[(Co/to)(p1 — p) + 1]* may be written 3(Cy/to)(p1 — p) + 1 with an error
not exceeding 814 per cent for {, = 100° and p; = 3,000 psi. Then we
have

Ho
3(Ca/to)(pr — p) + 1

B = (24)

Combining Fq. (24) and Eq. (35), Chap. II, as stipulated above, we have

“ Ueﬁl’

= s 25
k= 30— p) F 1 29)

We write Eq. (19) in differential form as follows:
QdL = Q dp (26)

Using u and v interchangeably owing to the slight change in density
within the flow path, we have

QdL = Cr [ 3Cs (pr — p) + 1] (27)

Vo

This differential equation may be solved by the use of fundamental
integrals, as follows:

QL _ /Pl 301022)—1 g‘ﬁp dp . /Pl 3("(721) _ﬂ,, {p + /Pl . dp
14 P

3 volo volo

/pl 30102111 - I (3( 1021)1 ﬂp]
P2 VOtO L B yOtO D

/,,l 3C\Cap 4, dp = [3C.1C» (3 o 4 Bl‘ e_ap)]pl

P2 Vl)t() L l’oto p:
[ Gy = [ 1Cen]”
p Vo [ B v P
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To simplify the result, we substitute p; = 0 (atmospheri¢c terminal
pressure) and obtain

C 1 o 3021)1_1 A
Q=105 [(1— oy 2 B(To>(' «ﬁ)] (28)

Dimensional units stipulated for Eqgs. (8), (17), and (18) are used in
Eq. (28). The coefficient (" is given in the following:
For circular pipes;

) = 922,000D*
For parallel plates;
("1 = 3,132,000b%*w
For annular spaces:

(' = 9,833,00003D

Equation (28) will permit computation of flow through ecapillary open-
ings under specified conditions of pressure and temperature. Caution is
indicated in the use of this formula so as not to extend it beyond the
range of pressures and temperatures for which it was developed. Tt
should be remembered that it is based on an average temperature
coefficient of viscosity, valid for a limited temperature range only and
independent of pressure, and is also based on the stipulation that the
expression (('s/t))(p1 — p) is so small, compared with unity, that all its
powers greater than the first may be neglected. It has also been stipu-
lated that the pressure coefficient 8 and the density p are constant and
independent of temperature and pressure, which is correct only in a limited
sense. Equation (28) will fairly describe conditions in capillary passages
for oils as shown in the chart of Fig. 4 over temperature ranges from 70
to 130°F and pressures up to 5,000 psi.

An analysis of Eq. (28) within these limits shows that the effects of
pressure and temperature on viscosity largely compensate for each other;
as a matter of fact, when 3C, = Bty, Eq. (28) will revert to Eq. (19),
which means that the initial increase in viscosity at any pressure within
the valid range will be compensated for entirely by the decrease due to
temperature rise in the flow path.

Results obtained by the use of this analysis will be modified by heat
transfer from the oil to the parts of the mechanism. This will result in
some reduction of temperature rise and flow capacity.

7. Viscous Flow through Eccentric Annular Spaces. In Iiq. (18) we
have given an expression for viscous flow through the annular space as
shown in Fig. 22. This formula is based on the assumption that b is
constant, or in other words, that the two circles formed by piston and
cylinder are concentric. In the following, we shall develop the expression
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for the assumption that the circles are not concentric; which may be the
case in a good many applications.

Referring to Fig. 23, let y denote the width of the annulus at any
specified angle 9 of the radius K of the outer circle. The radius of the
inner circle is 7, and its center is displaced by an amount e.  Then we have

y =R — (rcosy + ecosd) (29)

since angle v 1s extremely small throughout the entire range, we may write

y =R — (r 4+ ecosd) (30)
From Eq. (17) 3
dQ = Cy*R dd (31) R
where
o = H13L561(pL — pa) i
VI/ -
or
dQ = ([R — (r + ¢ cos PR dd (32) N Py
. Fic. 23. Vise fl
We St'lpum‘te thI;Jough ecoelliir(')izs am(l)::
R—r=1» lar space.
Then
Q=0 ﬁf' (b — e cos 3)*R d9 (33)

If we establish the term ¢/b = ¢ = relative eccentricity, we have

Q=0 [}”" D1 — € cos 8)*R dd (34)

or
Q = CRH? ﬁ;w [l — 3ecos d 4 3e? cos?d — € cos® 3] do (35)
Integration and substitution of limits furnishes

Q = 2rRLYC(1 + 1135 (36)
or

_ 9,833,102(py — p2)0°D

Q 3 (1 + 1156 (37)

If ¢ = 0, both circles are concentrie, and LKq. (37) reverts to Eq. (18).
At maximum value of ¢ = b, € becomes 1; in this case the leakage is 214
times that of the concentric configuration.

8. Flow through Capillary Spaces with Moving Boundary. In preced-
ing sections of this chapter we assumed that the oil at the boundaries of
the capillary flow path was at rest. This is not always the case. As a
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matter of fact, in reciprocating pistons, rotating shafts, and rotors there
is a movement of at least one of the boundaries of the flow path. When
this condition exists, equations previously developed must be modified to
care for the additional transportation of fluid by the shear forces and
heating by viscous shear, or the reduction in the flow through the passage,
as the case may be.

We shall proceed with the flow between parallel plates and develop
equations for this configuration. Flow through annular spaces may then
be readily adapted by replacing the quantity w with =D.

Returning to the differential Eq. (10), we have obtained by integration

_ ldpy’
u—;dx~2—+A1?/+A2 (11)
We now stipulate that u is zero fory = —b/2and +Sfory =b/2. Sis

the speed of the boundary and is positive or negative according to its
direction with or against the flow of fluid.
We then have

1dp b? b _
;35’8“-A12+Az—0
1 dp b? b _
de8+A12+A2— +S
From this we obtain
_ S 1dpb? _ S
A.z ié ;6—1'5'8— and Al—ig
Then
o Ladp (b o) Sy 8 A
v= 27"5(’4 >i‘13"i2 (38)
The total flow is
= w/+b/2 udy (39)

Integration, substitution of limits, and simplification furnishes

_ b3 dp , Sb
Q‘( 19nds T 2)“’ (40)
With

dp _ _ P1— P2

d;v L

(p1 — pa)b®  SbY
Q= [ 12uL * 2] (41)
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Again expressing Q in dimensional units corresponding to those in Eq.
(17), we have, with S in feet per second

—_ 3
Q = [3’131’561521 p2)b + 3608!)] w cu in. per min (42)

Equation (42) indicates that there may be a great increase or decrease in
flow through the leakage path, when high boundary speeds are present.
Loss of power will occur due to both leakage and shear resistance. We
may compute this loss as follows.

Power loss due to shear resistance is the product of shear resistance at
the moving boundary and the boundary speed. We determine the value
of the shear stress at the moving boundary:

L
=k
From Eq. (38) we have
d S .
=Yy d_la): tu b (43)
and for y = 6/2,
_b(/p S S _(pr—p2)b
TZodr TERTERFT LT3 (44)
. S b
Shear force =+ u b wL — (py — p2w 3
Power loss due to shear resistance is
S v
P1 = + [+ M -U’L - (]71 - pz)’ll’——] (45)
Added to this is the power loss due to capillary leakage:
- oy = (P = po)Pbtw b .
Py = Q(pr — p2) = 13l * (p Pz)wzs (46)
NE ( pO) b‘u’ —
) — PP — . A
P+ P, =1 =ny wl + 15, (47)

The power loss is the same, regardless of the direction of boundary speed.
Expressing P in the same units as Q in Eq. (42), we have

P - vS2wL | 3,131,561 (p, — p2)h*w .

= %33 + T in.-lb per min (48)

9. Flow with Moving Boundary and Variable Viscosity. In the preced-
ing section, as in Sec. 4, equations for viscous flow were developed with
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the assumption that the viscosity in the flow path is constant. To arrive
at practically useful results, it will again be necessary to consider the
changes in viscosity due to both pressure and temperature changes.

In Sec. 6 a simple relationship was found to exist between the pressure
drop and temperature increase in the flow path, which made it possible
to set up a differential equation and integrate it to establish the flow as
function of pressure with variable viscosity.

With energy imparted to the fluid by both pressure flow and viscous
shear, the temperature rise cannot be expressed as function of the pressure
drop only, and a complex relationship exists, which defies attempts at
analytical solution. To arrive at an approximate solution, the suggestion
has been made to compute @ by using an average value of the viscosity
between entrance and exit of the flow path,! u,,, being (u; + w2)/2. A
simple analysis will show that this method will not produce even approxi-
mately correct results, except in cases of very slight variations in viscosity.

We have seen that in the pressure and temperature range under con-
sideration u or » may be expressed as follows:

K
v = pef? (tt—o) (49)

This indicates a nonlinear drop of » in the flow path, even if pressure drop
and temperature rise were linear. As a matter of fact, referring to Eq.
(42), and remembering the continuity law, one concludes that the pressure
gradient cannot be constant, but must be proportional to ». The
temperature increase may be assumed to be proportional to the power
absorbed, as expressed in Eq. (47), which, in turn, is proportional to
viscosity and pressure drop. These factors contribute to o rapid initial
drop in viscosity in the flow path.

Any average value for the viscosity in the flow path should therefore be
weighed heavily in favor of the lower values. To this end, it is suggested
that the average viscosity be defined as that existing at a mean value of
pressure and temperature in the flow path, or

t :
A = eBPl/2 e e+ -
Vavg Vo [to T (At/2)] (50)
P2 or terminal pressure is again assumed to be zero. The temperature

rise At may be computed from Eqgs. (42) and (48) as follows:

P r _
Al = ‘—2—02 or At = ‘J‘ X 72 X 10 3 (51)

! See bibliography at end of chapter.
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Rather than to attempt computation of »,, by algebraic manipulation,
it will be found easier to do this by a process of trial and error. Sub-
stitution of likely values of v,,, in Egs. (42) and (48) will permit computa-
tion of At, which may then be used to obtain more accurate values of v,,,.
Generally, after a few trials, corrected values, sufficiently accurate for the
purpose intended, may be obtained. The following example will illus-
trate this procedure.

Ezample 1: We assume that the 34-in. piston discussed at the end of Sec. 5 is travel-
ing at a speed of 3 ft per see.  Operating temperature tois 120°F.  If the velocity is in
direction of the pressure flow, both pressure flow and shear transport add, and the
temperature increase is relatively small, and its influence on the viscosity will be
partly offset by the initial increase due to the pressure coefficient. By making
vavg = vo = 40 centistokes, we obtain as first approximation from Eqs. (42) and (48)

Q =095+ 1.2 = 2.15 cu in. per min
P = 1,015 + 1,900 = 2.915 in.-1b per min
P
Al = EJ X 7.2 X 1073 = 9.75°I
Vavg = 44 \Vith Btll'l"’“l = 2 X ]0‘
Qeorr = 2.06 cu in. per min
. Poorr = 2,860 in.- 1b per min

Alcorr = 100F

If the velocity is against the direction of pressure flow, the resultant flow is the
difference between pressure and shear transport flow and will assume a very small
value, in consequence of which there is a great increase in temperature, causing
corresponding variation in viscosity in the flow path.

By trying a few values of vavg, it will be found that Iigs. (42) (48), and (50) are
satisfied by the following values:

() = 0.41 cu in. per min

P = 3,810 in.-Ib per min
vave = 23.5 centistokes

At = 67°F

Determination of leakage and power losses with the aid of the analysis
developed in this chapter may be used to advantage in the design of
hydraulic machinery to obtain operation at maximum efficiency. The
following example will illustrate this.

Example 2: Assuming that the *{-in. piston discussed above serves as operating
plunger in a rotary pump, what viscosity of oil would result in minimum power loss?
The plunger reciprocates, discharging oil from the cylinder during the pressure stroke
and taking in oil during the suction stroke. During the former, pressure leakage
takes place, which is opposed by shear transport of oil due to the piston traveling
against the direction of pressure. On the suction stroke, there is shear transport of
oil from the cylinder toward the outside. Power loss occurs owing both to leakage
and viscous drag on the pressure stroke and to viscous drag on suction. Power loss
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on the pressure stroke predominates, and we shall establish that average viscosity at
which this loss becomes a minimum.
We form the derivative of P in Kq. (48):

aP _ S*wL _ 3,131,561 (p:1 — p2)tbiw -0
dv 72.3b v, IR

whence

— 2.)b?
) = (ﬂﬁ?”_)_ X 15,000 (52)

Substituting » from Eq. (52) in Eq..(48), we obtain

P = 416(p; — p2)Swb (53)
Similarly
Q = —1528wb (54)
With
P1 — p2 = 2,000
b =475 X 10"¢
S = 3 ft per sec
L = 144 ft
we have

vavg = 54 centistokes

We may compute At from Eq. (51), but must remember that the negative sign of @
indicates flow against the pressure gradient, and part of the power loss is recovered
and, therefore, not converted into heat. We have

{’_:__!_QI('PI — p2)

Al =
Q|

X 7.2 X 1073 (6d)

By substituting expressions for P and @ from FEqs. (63) and (54), we obtain

264
Al = 152 (py — p») X 7.2 X 1073 (He))

At = 25° F
v = 60 centistokes at 120° F

Referring to Fig. 4, this indicates an oil of 500 SSU at 100°F,

P = 2,800 in.-Ib per min
() = —0.515 cu in. per min

Added to this is the power loss on the suction stroke. This equals

Vlg 1?..0L

P =g

(67)

Here » is the average viscosity on the suction stroke. Also

Q = 360Sbhw (58)
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Average viscosity on suction stroke is approximately 55 centistokes. Hence

I’ = 1,410 in.-Ib per min
(Q = 1.2 cu in. per min
At = 8.5°F

Total power loss = 4,210 in.-1b per min
At a pressure py — p» = 1,000 psi, vuvg becomes 27 centistokes, and

= 1215°F
= 28 centistokes (about 250 SSU at 100°F)

These figures agree well with the manufacturers’ recommendations for oils to be used
in this type of pump.
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CHAPTER V1
VISCOUS AND TURBULENT FLOW

1. Turbulent Flow; Darcy’s Formula. We have shown in the preced-
ing chapter that there are two distinct and entirely different types of flow:
viscous or laminar flow and turbulent flow. The laws governing viscous
flow were derived, and the expressions for velocities and pressure drop
for this type of flow were developed.

We have shown in Eq. (6), Chap. V, that the average velocity V in a
circular pipe is

= P1 = P2 gy
4 32ul. b
From this we may compute
32uLlV
R (1)
If the friction head in the pipe is
—Pr 7 P2
h/ = Ww
and
w = pg
we have
_ 32uLV
;S = png' (2)

The friction head in a pipe for laminar flow, therefore, is proportional to
the velocity of flow.

For the computation of friction loss in turbulent flow, empirical
formulas must be resorted to, the most generally accepted of which is
Darcy’s formula:

L V?
hf:fl—)_ié 3)

It should be noted that in turbulent flow, the friction head is proportional
to the square of the velocity of flow.

The coefficient f is empirical, and many experimenters have collected
data from which this coefficient may be computed. Before dealing with
these data, consideration will be given to the development of the criterion

that determines whether flow is laminar or turbulent.
52
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2. The Reynolds Number. To develop this criterion, we will bring
Eqgs. (2) and (3), which describe the two forms of flow, into a form
common to both. Darcy’s formula is written as follows:

LV?
h.f=f5§§

We may obtain a similar expression of the Hagen-Poiseuille formula by
multiplying it by V/V. Then we have

_ 32uLV?

hy = VogD? 4)
or
64p L V2
oVD D 2g (5)

Equation (5) shows that the coefficient f in Darcy’s formula has its
counterpart in the expression 64u/pV D in the equation for viscous flow.
The expression pVD/u is a dimensionless figure, as may readily be
shown by substituting dimensions for the quantities involved, with p in
slugs per cu ft, V in ft per sec, D in ft, u in Ib-sec per sq ft.
This nondimensional combination of quantities is known as the
‘“Reynolds number,”” named after Osborne Reynolds. It will be desig-
nated by the symbol R, and we have

R=227<= 12 6)

The Reynolds number is the criterion whether flow is viscous or turbulent.
At the so-called “‘critical value” of the Reynolds number, flow changes
from laminar to turbulent. The early experiments of Osborne Reynolds
and later investigations by others proved the existence of this critical
value.

It has been found that there is no sudden transition from laminar to
turbulent flow, but a gradual change beginning with slight initial dis-
turbances and passing through a transitional range until complete
turbulence exists. The value of the critical Reynolds number below
which laminar flow is certain to exist, has been found as 2,000. Laminar
flow has been found to exist at much higher values of R, but the critical
value of the Reynolds number definitely establishes the point below which
turbulent flow may not exist.

The Hagen-Poiseuille law applies to flow of fluids for Reynolds numbers
below 2,000. Above the critical Reynolds number, Darcy’s formula
applies. The friction factor f in Darcy’s formula has been shown to
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be a function of the Reynolds number R and the roughness of the surface
of the pipe or conduit. This is true only for turbulent flow, as in laminar

[¢]
) SS3INHONOY 3AILVIY

© ©
009
00
oo

0002
0001
.000,05
000,01

.0004

1

5(0)

2(07)

—
1o’

\
5(10%)

\-
\
\
~
2(cP)

PIPES
[ ——
~
\

NA
b
> E
, i LI
/ Lo«
VR
; 3 R
g l / < e g
G //.3‘ 6‘5 z i
g /s / o N :,
| , : :
F . / D o N
|u ,,/ //// - >|? S
e — " -
: p Vi g e~
9 ,/’ & 5
7 2
. ' v 2
,// N 0
2 o
i / v 3
¥ - £
-~ // e
LN @
]
. &
a”” - -
< L 2 R S N S| )
//\\KU N
v
) ]
" Nl
588 & 38 8 3§ (9‘)3 8 3 3 I
A=} ¥OLOVS NOILOINS

flow, f is independent of the roughness of the surface to a large degree and
is equal to the coefficient: 64/R in the Hagen-Poiseuille equation.

8. The Stanton Diagram. The value of f may best be represented in a
graph and as a function of B. A diagram showing this relationship is
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known as the “Stanton diagram,” because Stanton was the first to employ
this representation of the friction factor.

A chart taking advantage of the functional relationships established in
recent years has been drawn up by Lewis F. Moody! and is reproduced
here, with the author’s permission, in a form convenient for the reader of
this text. In Fig. 24 friction factor f is shown as function of R and the
relative roughness ¢/D (e being a linear quantity in feet representing the
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Fia. 25. Relative roughness as function o. pipe diameter.

absolute roughness). An auxiliary chart is given in Fig. 25 from which
¢/D can be taken for any size and type of pipe.

In Fig. 24 all quantities given are in the fundamental units of the
English gravitational system. For convenience in using the charts, the
Reynolds number will be expressed in more commonly used units as
follows:

If V' = velocity, ft per sec

D = pipe diameter, in.
v = kinematic viscosity, centistokes
then

92,900 VD _ VD
B="pg- =710 ™

1 Lewis F. Moody, Friction Factors for Pipe Flow, T'rans. ASME, 68, p. 671, 1944.
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With friction factor f thus found from Fig. 24, the loss of head, h;, may be
computed from Darcy’s formula as follows:

LV?
hy = f2 2-
With p, = hyw, we have
L LV?w
=Jlpe 8
L V?62.4s
-I55 — )
= 0.9698/ 7 V% (10)

Expressed in convenient units, we have, with

Py in psi

L in ft

D in in.

V in ft per sec

09698 X 12 L ., L,

The use of the formulas and charts for the determination of friction loss
in pipes will be illustrated in the following explanation and example.

a. Determine the viscosity of the fluid in centistokes. For hydraulic oils of various
viscosities this may be done by referring to Fig. 4.

b. Determine the Reynolds number R from Eq. (7).

c. Determine relative roughness from Fig. 25.

d. Determine friction factor f from Fig. 24 by following the line corresponding to
¢/D to the value of the Reynolds number R.

e. Compute ps from Eq. (11).

Ezample 1: Determine friction loss for Vacuum oil DTEBB flowing through a 1-in.-
ID pipe, 50 ft long, at a velocity of 20 ft per sec at 120°F.

a. Viscosity of DTEBB oil at 120°F = 110 centistokes

b R = 7,74OQ _ 7,740 X 20 X 1
v 110

¢. Since Reynolds number is below 2,000, roughness of the pipe does not enter into
the calculation.

d. f = 0.045 = ¢ 410

e. pr = 0.0808 X 0.045 X 50 X 400 X 0.91 = 60 psi.

Ezample 2: Determine friction loss of Vacuum DTE oil “Light” at 100°F, flowing
through a 2-in.-ID commercial steel pipe, 100 ft long, at a speed of 30 ft per sec.

a. Viscosity of Vacuum DTE light oil at 100°F = 32 centistokes

b. Reynolds number R = 7,740 KVQ = 5,740 >;230 X2 _ 14,500

¢. Relative roughness ¢/D from Fig. 25 = 0.0009

= 1,410
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d. Friction factor f from Fig. 24 = 0.03

0.0808 X 0.03 X 100 X 900 X 0.91 .
e. pr = ) = 100 psi

4. Other Losses in Pressure. In addition to the losses of pressure due
to velocity and friction head in straight pipe, other losses occur in a
hydraulic circuit, which will be dealt with in the
following.

a. Sudden Enlargement. 1If the cross section of
a pipe is suddenly enlarged, as shown in Fig. 26,
the velocity will be suddenly reduced from V, to
V,, and loss of pressure will result from the turbu-
lence caused by the impact of the relatively fast c
moving stream in the small pipe upon the relatively Fic. 26. Sudden en-

. . . largement.
slow moving stream in the large pipe.

Bernoulli’s equation between points 1 and 2 furnishes

C

4} _*Il..l, = D2 ___|22 ;
+ % + % + loss (12)
whence
V 12_ Vot P2 P1
LOSS = 79 - '2g - (—‘ - — (13)

If the areas of the small and large pipes are denoted as A, and A ,, respec-
tively, we have

A1V1 = A2V2

Velocity V; may be presumed to exist at cross section BB, so that
pressure p; will exist at that cross section. Therefore the total pressure
at section BB will be A.p1, and at section CC, A.p,. p, must be larger
than p; owing to the loss in velocity head between sections BB and CC.

Therefore a force A.p. — A:p: exists, which causes deceleration of the
fluid between sections BB and CC, or

Vi—1TV,

— M (14)

Agp: — Aypy =

where M is the mass of fluid, in slugs, between points BB and CC. Since

% = A,V = 4.V, (15) (15)

we have

Pr_pi_Vaiy oy (16)
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Combining (16) and (13), we have

(V1 — Va)?

2 2 V
Lf)ss=—?——~—33(V1—Vz) =
If we substitute for V; its equivalent (A2/A4,)V,, we have

2N A
’l/ = <.‘11 l> -QE (18)

If discharge takes place into a reservoir of large area, V; becomes zero
and the loss is

_re

b= 5

(19)

This means that when discharge takes place into a large reservoir or
pressure vessel, the entire velocity head is lost in turbulence.

b. Sudden Contraction. In the case of a sudden contraction, a simple
mathematical analysis is not possible. Experimental investigation has
shown that the loss may be expressed in the form

V2

hy = K §'§ (20)

V being the velocity in the smaller pipe. The coefficient K depends on
the ratio of the pipe diameters. Table I has been compiled by George E.
Russell.?

TaBLE 1
& K

0.45
) 0.43
0.42
5 0.40
0 0.37
b 0.28
25 0.19
1 0.10
0 0

P N TSRS

A special case of sudden contraction is the entrance loss from a reservoir
into a pipe line. In this case the coefficient K becomes 0.5.

1 George E. Russell, “Hydraulics,” 5th ed., p. 203, Henry Holt and Company,
Inc., New York, 1942,
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c. Bends and Elbows. Losses in bends and elbows may again be
expressed in the form
h s
=K 5‘7

For pipe bends the coefficient K is approximately 0.3 for radii between
214 and 5 pipe diameters.

For screwed elbows, up to 2 in., K equals about 0.72. For right-angle
bends, K = 1.20; for 45° bends, K = 0.263. For T’s, K equals about
1.50.

d. Valves. The coefficients given in Table II apply to valves of
customary design.?2

TasLe II

Valve Dimension, in. Coefhficient K

Globe........... 1* 5.3 (flow against bottom of scat)
4.4 (flow against top of seat)

Globe........... 151 16.5 (flow against bottom of seat)
12.5 (flow against top of seat)

Angle........... 114 2.1 (flow against bottom)
2.6 (flow against top)

Gate. .......... 113 0.3

* Diameter.
+ Short end-to-end dimen:ion.

6. Expression of Losses in Equivalent Length of Pipe. Darcy’s
formula for flow in straight length of pipe is very similar in construction
to the mathematical expression for the losses in bends, valves, and fittings.

Rather than computing the loss in feet for each individual item in a
hydraulic circuit, it may be preferable to express individual losses in
fittings, etc., in equivalent length of straight piping, having the same loss
as the particular fitting. To do this, we equate Darcy’s formula and the
fitting-loss formula:

LV: _ KV?

fﬁ% 29

(21)

U A. IL. Gibson, ‘“Hydraulics and Its Application,” 4th ed., pp. 251-257, D. Van
Nostrand Company, Inc., New York, 1930.

? Hiitte, “Des Ingenieurs Taschenbuch,” 23d ed., p. 306. W. Ernst und Sohn,
Berlin, 1920.
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From this we obtain the equivalent length
if D in feet (22)
if D in inches (23)

From this formula we may see that the equivalent length may be com-
puted for a given size of fitting by first determining the friction coefficient
f in Darcy’s formula for the corresponding straight pipe.

The literature contains numerous references to equivalent length of
pipe based on arbitrary values of f. These figures should be used with
great caution, as the coefficient f is subject to great variations, especially
in laminar flow, which is common in oil-pressure work.

6. Divided Flow. When flow of fluid is diverted from a common main
to a number of branch lines, the resistance may be computed in the
following manner. Darcy’s formula [Eq. (11)] may be written

pr = ¢V? (24)

in which ¢ denotes a composite coefficient equaling 0.0808 (L/D)fs. If
V is the velocity in an imaginary pipe that produces the same effective
pressure loss as the actual branch conduits, we have, in the case of two
branches,

pr = $1ViE = ¢:V5? = ¢V? (25)

The continuity equation furnishes

Ps Pr_ 4 [Pt
Al\/‘l+Az\/;2 A\/; (26)

A, A _ A
Ve Ve Ve

or

(27)
From this we obtain

¢=

- 2
A \ ¢102 __:_) 28)
1

1\/¢2+A2\7

The effective pressure drop, therefore, will be

m=( AV V16 )’
AV + Ar Vs

In order to compute p;, the coefficients ¢, and ¢ must first be deter-
mined. To this end an approximate computation of the Reynolds num-

(29)
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ber must first be made to determine whether the flow is viscous or turbu-
lent. This may be done by estimating approximately the velocities V,
and V.. If the flow is viscous, the velocities V; and V, may be more
accurately determined as follows:

From Eq. (2) we have

32uL 1 V 1 32[.I,L2 Vz

ogD:* — pgD2? (30)
or
LlVl _ L2V2
A, A, 31)
From the continuity equation we obtain
Vl — A_V —4 A2V2 (32)
A
Hence
LI(AV - Az_‘{g_)_ _ ,Iﬁt_f_g
TAr T A, (33)
from which
LAV
N X 4
Ve (A2L2/Ag) + L1A, (34)
and similarly
_ L,AV
Vo= oL Ay T T (35)

With V), and V,; determined, we may compute the Reynolds numbers
R and R and friction coefficients fi and f;. Then

¢ = 0.0808%‘ fis (36)
1

and

$2 = 0.0808 %Z fs 37)

In case of turbulent flow, coefficients f1 and f, may be taken from Fig. 24.
Other losses may be cared for by substituting equivalent lengths L., and
L., in the expressions for ¢1 and ¢..

7. Computation of Losses in a Hydraulic Circuit. To facilitate under-
standing of the losses and substitution of equivalent length, an example

will be given in the following, covering a hydraulic circuit as shown in
Fig. 27.
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Ezample: The circuit is fed by a hydraulic pump having a capacity of 10gpm. Oil is
Vacuum DTEBB with a viscosity of 110 centistokes at 120°F. The inside diameters
of the pipes and their lengths are indicated in Fig. 27. To be strict, the length of
fittings or values in the straight lengths of pipe should be deducted, but the calculation
at best can be only approximate, and extreme accuracy in these computations is not
warranted.

GATE VALVE
i 20"
CHECK
PUMP VALVE
10 gpm
I"L.D. pipe
t(
K
©0
‘l-. 5'R ”
Q‘ Sl
J & l
e 22" -

Fre. 27. Hydraulic circuit.

Analysis of Losses. a. Suction Line.

Inside diameter = 1 in.
Pump capacity = 10 gpm

__ 10x231
12 X 60 X 0.785
R =770 Y0 L THOX AL XL _ oo

110
f = 63690 = 0.22

14

= 4.1 ft per sec

Losses:
Straight length of pipe = 3.50 ft
s =051 _

Entrance loss: K = 0.5 L, = 092 12 0.19 ft
Elbow: K =0.72 L, = 0.27 ft
Gate valve: K = 0.3 L, = 0.115 ft
4.075 ft

Total loss in suction line:
0.0808 X 0.22 X 4.075 X 16.8 X 0.91 .
pr = = 1.1 psi

1
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b. Discharge Line. The hydraulic operating valve is presumed to be in its return
position with pump discharge directed into the pullback line of the hydraulic cylinder.

Diameter of line = 34 in

10 X 231 _
V = 1360 %044 ~ /31t persec
7,740 X 7.3 X 0.75 _
R = 110 = 385
J = 83485 = 0.166
Losses:
Straight length of pipe up to T =28 ft
— » _ ___5_ 0.75
Check valve: K = 16.5 L, = 0166 12 6.25 ft
Bend: K =03 L, = 0.11 ft
Square elbow: K = 1.2 L, = 0.45ft
T: K =15 L. = 0.56 ft
35.37 ft

Total loss in discharge line exclusive of operating valve:

0.0808 X 0.166 X 35.37 X 53.5 X 0.91
ps = 075

= 30.0 psi

¢. ¥4-in. Branch Lines. Conditions obviously indicate the existence of viscous flow
in these lines. All areas are the same, thatis, A = A, = A,. Hence

L.V _4X173

vV, L4 L,- 7= 4.17 R, = 220 fi =029
and
v _ 3 X173 _ _ _

Vs i ey il Sl 3.14 R, = 165 f: = 0.388
L, = straight length =3 ft
Two 45° I's: K = 0263 L, = 2—23'9263 0—'17;5 —0.113 1t
Exit loss: K=1 L, = (_)’glﬁ_ft
L,l = 3.329 ft
L, = straight length =4 ft

} e _ 120 X 0.75 _
6quar( elbow: K = 1.20 Le = m = 0.193 ft
Exit loss: K =1 L, = (.160 ft
L. = 43531t

2

Corrected velocities and friction coefficients:

4353 X 7.3 ~ ~
v, =238 XT3y mi=28  fi=o0204
3.320 X 7.3 - ~
v, =33 XT3 _ 315 Ri=167  fi =032
Then
é1 = 0.0808 > 32;’ (0.294 X 0.91) = 0.096
62 = 0.0808 1393 0 382 % 0.91) = 0.162

0.75
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o = ( Vo1 )’ - ( 1/0.096 X 0.162 \’
Vér + Vs

——— - = 0.03
V/0.096 + +/0.162
psr = 7.3 X 0.03 = 1.6 psi
d. 1Y¢-in. Branch Lines. Velocity in the common 114-in. line is
10 X 231 X 283
V =12 x60 x 1.76 x 87 — 0 ft persce
Viscous flow is again indicated, and we have
L.V 4.5 _ _
V1=E;+L2 85><6 3.18 R, = 337 S = 0.19
Lwv 4 =
V. = I.+L. 85 X 6 2.82 Ry = 297 f: = 0.215
L, = straight length = 4 ft
0.3 1.5
One bend: K =03 L. = 0.19 X 1 = 0.197 ft
Entrance loss: K = 0.5 L, = 0.330 ft
L., = 4527 ft
L, = straight length =45 ft
: K - _ 12 15 _
Square elbow: K = 1.2 L, = 0215 12 = 0.695 ft
Entrance loss: K = 0.5 L, = 0. 23() ft

Corrected velocities and friction coeflicients:

5.485 X 6 ‘
Vl = TOIZ - = 3‘3 It] = 350 fl - ()-182

_ 4527 X 6 _ _ e
V2 - ——‘]T)'—()l—z—" - 2.7 R2 - 285 f2 - 0.225

Then

1 = 00808X4—1§—§—,7><0182><0‘)1=0.04

5.485

¢2 = 0.0808 X< 5 X 0.225 X 0.91 = 0.06

4/0.04 X 0.06 \?

= —— ) = 0.0120
¢ Vv0.04 4+ 0.06
pr = 62 X 0.0120 = 0.43 psi
e. Return Line
V = 6 ft per sec
R = 640
f =0.10
Straight length =38 ft
. - 1815
One T: K 1.5 L, =01 12 1.87 ft
Two bends: K =03 L, = 0.75ft
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Two square L’s: K = 1.2 L, = 3.00 ft
Exit loss: K=1 L. = 1.25f¢
Le = 44.87 ft
0.0808 X 0.10 X 44.87 X 36 X 0.91 .
y = i5 = 7.9 psi

F. Operating Valve. The operating valve is of such size as to accommodate the
114-in. return line. Standard valves are made with all connections the same size, so
that it is necessary to bush for the 34-in. pipes at the valve. This will result in a
case of sudden enlargement and sudden contracticn. Area of the valve is generally
made somewhat smaller than that of the corresponding pipe. In this case area is
assumed to be 1 sq in.

The resistance coefficient may be assumed to be about 16.5 for each flow through
the valve. The resistance through the valve then figures as follows:
34-in. connection:

Velocity at intake, 34-in. pipe = 7.3 ft per sec

. _ _10x231
Veloeity through valve = ITX12 X 60 — 3.2 ft per sec
Velocity at outlet = 7.3 ft per sec
Sudden enlargement p, = hys 091 h = 0.392 h
77232 " 232" ety
— 2
= 0.392 Q’—Lﬁﬁ)— — 0.103 psi
Turbulence loss = 0.392 X _126;55_1_@ = 1.03 psi
(
Sudden contraction p; = 0.392 X gfs X 50 _ 0.086 psi

Total loss p; = 1.219 psi
114-in. connection:

Velocity intake, 114-in. pipe = V = 6.0 ft per sec
Velocity through valve = V = 10.6 ft per sec
0.392 X 0.20 X 110

Sudden contraction py = %9 = 0.134 psi
{1
Turbulence loss = 0.392 X g{}é x 110 = 11.00 psi
Y — 2
Sudden enlargement p; = 0'392(10;; 6.00* _ 0.13 psi

Total loss p; = 11.264 psi
Total loss of pressure in the system, which must be supplied by the hydraulic pump:

Suction line = 1.10
Discharge = 30.00
Branch line = 1.60
28.3
Return branch = 0.43 X a = 1.40
Return line = 7.9 X %’8————7:2 = 25.60
Operating valve = 1,22
Operating valve return = 11.264 X 288——77?-’ = 36.50

Total loss of pressure to be supplied by the pump = 97.42 psi
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The total loss does ot include the loss in the pump itself, which is part of the pump’s
efficiency.

No mention has been made in the analysis of the velocity head of the fluid. The
velocity head is not a loss but energy imparted to the fluid and should be recoverable.
actually this energy is lost in turbulence when the fluid enters the hydraulic cylinders,
as previously explained.

8. Recommended Velocities. Velocities actually used in hydraulic
practice have been established by experience. Too high a velocity results
in excessive pressure drop in the system, while too low a velocity increases
the expense of piping and valves. The velocities given in Table III have
been found satisfactory for most practical applications.

TasLe 1II
Part of System Velocity, ft per sec
Suction lines, 24 to 1in............. .. .. ... . i 2-4
1 incand up...... oo e 5
Dischargelines, ¥ to2in............... ... ... ... ... ... ..... 10
OVer 2N, ... .. i i 12
Discharge through control valves and other short restrictions.. ... 20
Relief and safety valves............... ... ... .. ... .......... 100

9. Flow through Orifices. In Sec. 4, Chap. IV, we have shown that
according to Toricelli’s theorem the velocity of discharge from an opening
under a pressure head h equals the velocity of a body falling a distance A in
vacuo.

V = \/2gh (38)
The total quantity flowing would be
Q = A \/2h (39)

where A is the area of the orifice.

In actual practice, the full low Q corresponding to Eq. (25) cannot be
realized. First, in a sharp-edged orifice there is a contraction of the jet
taking place shortly after it leaves the opening. The section at which
this contraction is complete is called the ‘‘vena contracta.” The ratio
of the cross section at the vena contracta, A., to the area of the orifice is
the coefficient of contraction C.. Therefore

A.=C.A (40)

Values for the coefficient of contraction depend on the shape and arrange-
ment of the orifice.

For sharp-edged orifices in thin walls, C. is approximately 0.64 for
water or other nonviscous fluids. C. may be decreased by a cylindrical
section of pipe extending inward, a so-called ‘‘Borda’s mouthpiece”
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(Fig. 28). Coefficient C. of Borda's mouthpiece is C. = 0.5. C. may be
increased by outward-extending mouthpieces of cylindrical or conical
section.

In addition to the reduction of flow due to the contraction of the jet,
there is a reduction of the theoretical velocity obtainable caused by
friction and turbulence. The ratio between the actually obtainable and
the theoretical velocity is called the ‘‘velocity
coefficient Cy.”” Therefore

V = CV a4 2gh (41)

An average value for Cy is 0.97.
Both coefficients may be combined in an
orifice coefficient C, so that

and
Fic. 28. Borda's mouth-

Q = AC \/m (43)  piece.
For a sharp-edged orifice with C, = 0.64 and Cy = 0.97, we have
(" = 0.62. For a nozzle with a length of about 0.6 diameter, ¢ may be
as high as 0.99.

Cylindrical outlet mouthpieces about three to five diameters in length
have coefficients C from 0.82 to 0.97, depending on the radius of the inlet
edge. These coefficients apply to flow of water and other fluids at
Reynolds numbers above 40,000.

For flow of oil and other viscous fluids, C becomes a function of the
Reynolds number. Tests made by Tuve and Sprenkle! indicate orifice
coefficients for thin-plate sharp-edged orifices starting with 0.62 at a
Reynolds number of 40,000, and increasing with decreasing Reynolds
number to a maximum ranging from 0.95 to 0.68, depending upon the
ratio of orifice diameter to the diameter of pipe in which the orifice was
mounted. At a Reynolds number of about 40 and for all ratios, this
coefficient becomes 0.65. A sharp decline takes place from then on to
values as low as 0.25 to 0.30 at the extremely low Reynolds numbers.

Where the orifice diameter is small compared with the diameter of the
pipe, or in cases of flow from a tank or container, orifice coefficients may
be assumed to be approximately 0.65 for viscous fluids in the Reynolds
number range from 40 to 40,000 for sharp-edged orifices.

10. Turbulent Flow in Noncircular Cross Sections. In the preceding
chapter equations were derived for viscous flow in circular pipes and in

1 G. L. Tuve and R. E. Sprenkle, Orifice Discharge Coefficients for Viscous Liquids,
Instruments, November, 1933, 201.



68 OIL HYDRAULIC POWER

annular and rectangular cross sections. Darcy’s formula [Eq. (3)] for
turbulent flow was given, which permits calculation of pressure loss in
circular pipes.

In the following we shall deal with turbulent flow in noncircular
sections. For this purpose we replace the term D in Darcy’s formula with
a new one, which is termed ‘‘hydraulic radius.” The hydraulic radius
of a cross section is defined as

area of cross section

r = : - 44
wetted perimeter of cross section (44)

In the case of a circular pipe

. = »D?/4
~ «D

g or D = 4r (45)

Substituting this value for D, the Reynolds number becomes

r =14 (46)
14
and Darcy’s formula becomes
_JLV?
’l; = 47’29 (47)
Expressed in commonly used terms with
L inft
V  in {t per sec
r inin.
v in centistokes
p in psi
we have
1,000
R = _:‘)L..;’_ﬁ_l_, : (48)
2
p, = 002015 V5L (49)

r

In a rectangular cross section of width w and height b, the hydraulic
radius r would be
wb
"= 3w T ) (50)

and
0.0403fV2sL(w + b)
pr = wb

(51)
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If the cross section is extremely narrow, b becomes small compared with
w, and we may write

wb b
"= w2 (52)
Then
0.0403f VL
py = DUOITEL _ g, (53)

The quantity of fluid passing through a section of width w is

_ 73
Q = 3,600w , /(_?_“___fslpli)_b_ cu in. per min  (54)

For an annular section of diameter D and radial width b,
—_— 3
Q = 3,600rD \/gp-l--ﬁrpﬁ@— cu in. per min (55)

Coefficient f may be taken from Fig. 24 and corresponds to Darcy’s
coefficient for circular pipes.

It should be remembered that these formulas apply only to turbulent
flow with Reynolds numbers over 2,000.



CHAPTER VII
THE GENERATION OF OIL HYDRAULIC POWER

1. ROTARY PUMPS

For the generation of oil pressure for oil hydraulic devices, the rotary
type of pump is used almost exclusively. Of the different types that are
in practical use, the following are the principal representatives:

Gear pumps. Used up to pressures of 1,000 psi, higher in exceptional
cases. Spur, helical, or herringbone gears of the external type, and spur
or helical of the internal type.

Vane pumps. Unbalanced vane pumps for low pressures, balanced
vane pumps (Vickers) up to 1,000 psi, single stage.

Plunger pumps, radial and axial types.

2. GEAR PUMPS—OPERATION AND DESIGN

Since spur-gear pumps are the most generally used of the gear type of
rotary pumps, description of operation and
design will be based on them. Figure 29 shows
the principle of a spur-gear pump.

Essentially the pump consists of two gears

closely fitted in a housing. The oil is carried
around the periphery of the revolving gears
from the suction to the discharge side. The
teeth are meshing between the two gears and
thus prevent return of oil from the suction to
the discharge.
Fia. 29. Operating princi- The gear pump is of necessity a constant-dis-
ple of gear pump. placement pump. Pressures range from a few
hundred up to a thousand psi and higher. Oils of practically all viscosi-
ties encountered in hydraulic work may be used.

DisPLACEMENT AND CLEARANCE VOLUME

Figure 30, taken from an article by R. J. S. Pigott,! shows the two
gears of a pump at the instant of first contact. A volume is enclosed
between the meshing teeth that must be returned to the suction side.

! R. J. 8. Pigott, Some Characteristics of Rotary Pumps in Aviation Service, Trans.
ASME 88 (No. 7), 615, October, 1944.

70
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To do this, considerable excessive pressure is generated in the tooth
space, and additional loads are imposed on shafts and bearings. The
total displacement of the pump is the volume carried around the periphery
by both gears less the trapped volume at the point of contact.
Provisions may be made to relieve these excessive pressures and permit
the trapped volume to escape back into the discharge side of the pump.

/

\ / DRIVING GEAR

CLEARANCE VOLUME

\

Fig. 30, Tooth contact and clearance space.

THICKNESS OF
TOOTH AT
PITCH CIRCLE +,16—

A

OEPTH OF GROOVES

L
1~ APPROX. g

DEPTH OF TOOTH +|Jé

F1a. 31. Pressure-relief grooves.

This may be done by suitably arranged relief grooves, as shown in Fig. 31.
These grooves are milled in the side plates or end housings.

An accurate determination of the displacement of the pump may be
made by drawing the teeth in enlarged scale and planimetering the areas.
Approximate displacement values may be computed by the following
formula:

Q= [(md,*/4) —6(§1rd.'2/4)]wn cu in. per sec (1)
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where d, = outside diameter of gear

d; = working-depth diameter

n = speed, rpm
The formula applies to involute gears with customarily used pressure
angles. A pressure angle of 20° is recommended for pumping gears,
giving more teeth in contact and less undercutting than 1414° gears.
For the convenience of the reader a few of the ordinarily used formulas
applied to the design of pumping gears are given in the following:

Diametral pitch = number of teeth per inch of pitch diameter = p
Total number of teeth = dp = N
Center distance = pitch diameter = d

Addendum = 1
P

Working depth = z
Whole depth = 2‘1_p_7_
Thickness of tooth = l—%—j—o§

Base-circle diameter = d cos 8 = d,
Pressure angle = 8
Normal pitch = 7% = D»n
Vd,?:—d?—dsinf
pn
for \/d,2 — d? < 2d sin 8
= d sin 8 for \/d,2 — d,* > 2d sin 8

Maximum outside diameter without undercutting

= 2 \/<£i2—b> + (d sin B)?

SPEEDS AND CAPACITIES

Number of teeth in contact =

For capacities up to 20 gpm, rotative speeds of 1,800 to 1,200 rpm are
very satisfactory with 8- to 5-pitch spur gears. Larger capacities may be
accommodated with 3- to 4-pitch gears at 1,200 to 900 rpm.

MECHANICAL AND VOLUMETRIC EFFICIENCIES; HORSEPOWER

The volumetric efficiency of the pump is the ratio between net output,
as measured at a given pressure, and geometric displacement, as deter-
mined by planimetration or computation. At zero pressure, where there
are no leakage losses, the volumetric efficiency is 100 per cent.
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Q.
Q

The mechanical efficiency is the ratio between the theoretically required
hydraulic horsepower to pump the geometric dlsplacement and the actual
horsepower, as determined by test.

HP,
¢ = HP,

e, = X 100 in per cent (2)

X 100 in per cent (3)

The hydraulic horsepower as given in Sec. 8, Chap. 1, is
Hp, = 0.000583Q,p

where @ = displacement, gpm
p = pressure, psi
Actual horsepower may be determined by measuring the input kilo-
wattage of the driving motor and allowing for electric-motor efficiency,
which may be obtained from curves supplied by the motor manufacturer.
Then
_ kilowatts X motor efficiency
HP. = 0.745 )

The total over-all efficiency is the product of volumetric and mechanical
efficiency.

e = €,€,, (5)
or
_QHP, .
e = —Qﬁgffp—; (b)
and since

HP, = 0.000583Q,p
, X 0.000583
o = L X Pl (7)

or, in other words, total over-all efficiency is the ratio between the
hydraulic horsepower of the net displacement and the horsepower input.

Mechanical efficiencies of spur-gear pumps actually built ranged from
80 per cent for a pump of about 10 gpm capacity to 93 per cent for a 60
gpm pump, both at 1,000 psi. At the lower pressures, mechanical
efficiencies are considerably lower. Idling horsepower of spur-gear
pumps may be assumed to be about 20 per cent of peak horsepower.

Volumetric efficiencies actually measured ranged from 85 to 90 per cent
with oils of heavier viscosity used in hydraulic work.

The reason for the relatively low mechanical efficiency of gear pumps is
the fact that these pumps are basically hydraulically unbalanced.
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Referring to Fig. 28 we may see that the outlet pressure of the pump acts
upon the exposed surfaces of the gears, and even beyond these by escaping
through the clearances between gears and housings. This pressure has a
tendency to crowd the gears over against the intake side of the housing,
even where heavy shafts and bearings are used. For this reason, not all
gear pumps will operate efficiently as motors. A successful attempt has
been made to balance the gears hydraulically, which will be described
later.

Volumetric losses in the pumps are caused by leakage in the form of
viscous flow between the mating surfaces and by jet losses at the line
contact of the teeth. These losses may be computed with the formulas
given in preceding chapters, notably Eq. (17), Chap. V, and Eq. (43),
Chap. VI.

Clearances commercially used in pumps of this type vary from 0.002 to
0.005 in. in width and diameter. In high-pressure gear pumps, provisions
must be made to collect and drain off this leakage or slippage. For this
purpose, the end cover plate of the pump is tapped for the attachment of
a slippage drain pipe. Low-pressure gear pumps do not require this
provision.

MATERIALS

Pumps for high pressure should have hardened and ground gears.
SAE 2315 or equivalent is very well suited for this purpose by carburizing
and hardening. Cut gears are satisfactory for low-pressure service.
Shafts are made from heat-treated alloy steel, such as 4140 or equivalent.
~ Roller-bearing mounting is used for high-grade high-pressure pumps.
On low pressures ball or needle bearings are used, and sleeve bearings are
satisfactory for light service.

Wear plates on the faces of the gears are employed for high-pressure
service. These may be made from high-grade semisteel or equivalent
material. Meehanite has been found very satisfactory for gear housings
and end covers. Wear plates are not generally used for low-pressure
pumps.

DEsigN oF A Heavy-pury GEAR Pump

To illustrate the principles employed in the design of hydraulic gear
pumps, a complete sample calculation will be given for a high-pressure,
heavy-duty, spur-gear pump.

Ezample: Let us assume that a gear pump is to be designed having a capacity of
20 gpm at 1,000 psi.

We assume a mechanical efficiency of 85 per cent and a volumetric efficiency of
90 per cent. Then the gross capacity of the pump should be 20/0.9 = 22.2 gpm, and
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the input horsepower

_ Qo X 0.000583p _ 20 X 0.000583 X 1,000
e € - 0.76

HP = 15.3 hp

We select gears of 5-DP 20° involute system. Maintaining a proportion of pitch
diameter roughly twice the width, we establish the following proportion:

Q, = Lxde/4) =1 ((),rd,.z /W _ ge o in. per sec

Fia. 32. Gear housing.

Assuming a pitch diameter of 2.6 in., the outside diameter will be 3 in. and the
working-depth diameter, 2.2 in. With n = 1,200 rpm, @, will become

Q, = 65.0w or w =13 In.

With a capacity of 22.2 gpm, and a velocity in the suction line of 5 ft per sec (see
Sec. 8, Chap. VI), the area required for the suction passage becomes

222 X Bl o 14lsqin
60X 5 X 12 _ o sam-

To make the pump reversible, both passages should |
be identical. Since the gear housing in this pump
is only 13{¢ in. wide, the passages cannot be carried

in radial direction from the housing, but must be
run parallel to the axis of the gears into the rear end
housing where they terminate in the pipe connections.

Figure 32 shows the layout of the gear housing
with the passages. From this layout we may com-
pute the unbalanced load as follows:

A projected area corresponding to the distance a
is exposed to the full outlet pressure of 1,000 psi.
The pressure then extends around the periphery of
both gears to the intake passage. Owing to the
fact that we have a constant leakage path around

the periphery, the pressure drop must be constant.

IFORMLY
INCREASING
PRESSURE
CONSTANT
PRESSURE

Fi1g. 33. Pressure distribution
on gear pump.

The pressure distribution on

one gear would, therefore, be as shown in Fig. 33. The full pressure of 1,000 psi acts
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on an arc of 90°, while a gradually decreasing pressure of 1,000 to 0 psi acts on an arc

of 180°.
Referring now to Fig. 34, we have (with angles in radians)
[+3
p = pmax ;r (8)
dF = prw da
= Pnx - 1w der o)
= Ciada for0 <a<mn
= Cida forn < a < 1.5m
where
C, = WP nax
1 n
C; = rWpPmax
We form the components in the z and y direction:
dF, = Cha cos a dr
dr, ==(,'1asinada} 0 <a<w (10)
dF, = C; cos a da
d¥F, = C;sin a da } m<a<lér (n
* 1.57
F, =0 [) a cos ada + C; / cos a da (12)
L3
= () [cos a + asin aff + O [sin a]y®™ (13)
or
F, = —(@2C, + () (14)
2
= —7WPmax (; + 1) = 1.6357%Pmax (15)

A similar analysis carried out for the y component shows that the force in the direc-
tion of the y axis becomes zero. Therefore the total hydraulic load on cach gear of a
gear pump, designed as shown in Fig. 32, acts perpendicularly to the center line of the

gears and has the magnitude

Fy = 1.635rwpmax

where
, = b
2
In our case we have
r=15in.
w = 1.3in.
p = 1,000 psi
Fny =3,180 1b

To this force we must add the load produced by the tooth pressure, P.

computed from the torque supplied to the pump as follows:

2T
P=3
and
T = 63,000HP

n

(16)

P may be
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We have
HP = 15.3
n = 1,200 rpm
d =26 in.
P =6201b

The total load in the z direction, therefore, is
3,180 + 620 = 3,800 lb

In the y direction, we have the separating force P tan 8, or with g8 = 20°
620 X 0.342 = 212. This force may be neglected.

F1a. 34. Analysis of forces on gear.

We therefore have a total load of 3,800 Ib that must be carried by the bearings.

Loading and speed determine selection of bearings. High-grade roller bearings are
recommended for this service, although needle bearings, properly made and applied,
have given satisfactory service.

The drive shaft is subjected to both bending and torsional stresses. With a gear
width of 1.300 in. and faceplate thickness of 13 in., the center distance of the bearings
will be 3¢ in. With a 114-in. drive-shaft diameter in the center, the bending stress
will be

1,900 X (1.5625 — 0.325)
0.1 X 1.253

= 11,900

This stress will be approximately doubled owing to stress concentration caused by the
keyway.!

'R. E. Peterson, Fatigue of Shafts Having Keyways, ASTM, Proc., 32, 413-420,
1932.
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The torsional stress may be computed from the input horsepower of 15.3. The
input torque will be
_ 5,250 X 15.3 X 12

1 1200

in.-lb = 810 in.-lb

The torsional stress from this is

810

% =03 X 1.95°

= 2,050

The torsional stress in the center of the drive shaft may be neglected. The ports
will be carried to the rear housing through the rear wearing plate.

One-and-a quarter-inch suction-pipe connection of either flanged or screwed type is
to be provided. The entire assembly is held together with eighteen 14-in.-diameter
screws. Housings and wear plates are carefully surface ground or lapped so that no
gaskets are required. The stress in the screws may be computed as follcws: Some
sections of the pump are subjected to the full working pressure, while others are at
reduced pressure or suction. The strength of the bolts must be computed from the
loads imposed upon them by the most heavily loaded sections. This may best be
done by assuming that the entire area of the pump body is subjected to the maximum
pressure and that all bolts share in the load uniformly. The internal area of the
pump is approximately 15 sq in., while the land space surrounding it is approximately
1834 sq in. Assuming a pressure of 1,000 psi for the former and 1,500 psi for
the latter to prevent leakage of oil, we obtain a total force of 43,000 lb, or 2,400 Ib per
bolt, corresponding to a tensile stress of 16,000 psi at the root of the thread of the
14-in. bolts (NF thread).

The wear plates should be provided with relief grooves as shown in Fig. 31. With
5-DP gears, the thickness of the tooth at the pitch line is 0.315 in. The distance
between the grooves therefore should be about 3¢ in. The width should be about
14 in.

Provisions should be made for leakage drain-off. Connecting holes are drilled
between the bearing cup bores. The idler shaft should be drilled longitudinally to
permit leakage to escape from the front bearing chambers to the slippage connection
in the rear.

The shaft packing is subjected to leakage oil pressure only. Compression-type or
multiple-V packing may be used for this purpose. It is very difficult to keep any of
these packings from seeping. The most satisfactory results are obtained with mechan-
ical seals such as Crane bellow seal packings. Reference to this packing will be made

in Chap. VIIL.

ILLUSTRATIONS AND DESCRIPTION
oF COMMERCIALLY AVAILABLE GEAR Pumps

The Brown and Sharpe Gear Pump. The Brown and Sharpe Mfg. Co.,
Providence, R.1., manufactures a complete line of gear pumps for circulat-
ing fluids, supplying lubricants and coolants, and for hydraulic work.
The company’s hydraulic pumps are represented by a low-pressure line
for pressures up to 200 psi and high-pressure line up to 500 psi. Figures
35 and 36 show their low-pressure gear pump. These pumps are made
in three sizes. The smallest has a capacity of 4.6 gpm at zero pressure
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and 1,725 rpm, and the largest has a capacity of 16.4 gpm under the same
conditions.

Pumps have helical gears and renewable iron bearings. They are
provided with mechanical seals designed to prevent leakage and eliminate
gland adjustment. Pumps may be furnished with' or without integral

Fia. 35. Brown and Sharpe gear pump.

relief valves. Total suction lift should not extend 15 in. of mercury.
A typical performance chart of a No. 2s pump is shown in Fig. 37. This
chart applies to lubricating oil of 100 SSU, which the company
recommends for these pumps.

gx?.)36. Sectional view of helical-gear pump. (Brown and Sharpe Mfg. Co., Providence,

The company also manufactures a larger size of low-pressure pumps, Nos.
53 and 55, having a capacity of 23.3 and 34.1 gpm, respectively, at 1,725
rpm. These pumps have roller bearings and helical gears, are made with
extreme accuracy, and provide a smooth flow at high speeds. The
pumps have a mechanical seal to prevent oil leakage and eliminate gland
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Fi16. 40. Brown and Sharpe high-pressure gear pump.
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adjustments. Figure 38 shows a typical performance chart of a No. 55
pump.

Figures 39 and 40 show the high-pressure pump for 500 psi. The pump
is arranged for flange mounting and may be mounted on a stand as shown
in Fig. 40. The pump has heat-treated steel herringbone gears, hardened
shafts, and needle roller bearings. Pumps have surface-ground wear
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Fra. 41, Performance charts for Series 500 Brown and Sharpe high-pressure pumps.

o LG
Fra. 42. Aircraft-type gear pﬁmp. (Pesco Products Co.)

plates, and no gaskets are required. There are six sizes ranging from
5.1- to 37.6-gpm capacity at 1,725 rpm. Figure 41 shows performance
characteristics of these pumps.

The Pesco Products Co. Gear Pump. This company manufactures a
line of aircraft-type high-pressure gear pumps. Five sizes are available,
ranging in capacity from 0.114 to 0.555 cu in. per revolution. Speeds as
high as 4,300 rpm are permissible with this pump with suitable fluids.
Oil recommended is AN-VV-0-366 hydraulic fluid. Figure 42 shows
their model 1-P-582-K.
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Very high pressures are obtainable with this pump owing to its excellent
workmanship and to a new patented principle called ‘‘ pressure loading.”
The smallest pump operates at 1,500 psi continuously and 2,000 psi
intermittently. The largest one is good for 1,500 psi continuously and
1,600 psi intermittently.

Figure 43 shows a section of the Pesco gear pump showing its working
principle. Pressure loading is the patented principle used exclusively
in Pesco hydraulic pumps; it utilizes the pressure developed by the pump

beeasy,

———
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F1a. 43. Section of pressure-loaded gear pump. (Pesco Products Co.)

to maintain a minimum clearance between the bearings and the gears. A
channel drilled in the cover conducts fluid from the discharge port to the
underside of the flange on the gear-supporting-cover bearings, forcing
the bearings, which are loosely fitted in the cover, against the gear faces.
A similar channel carries to the pump inlet the fluid that has passed
through the bearing lubricating grooves and bearing seal rings. Without
increasing the size or weight of the unit, pressure loading a pump enables
it to maintain a higher capacity.

Construction. The units consist essentially of an aluminum body and
cover that incase two steel gears, the drive gear and the driven gear.
Torque is transmitted to the drive gear, which, in turn, meshes with and
drives the driven gear. The steel gears are supported on lead-bronze
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bearings within the closely fitted housing. The gear shafts are hollow.
Two small holes drilled in the cover connect the gear-shaft ends with the
intake port to relieve the pressure at the end of the shafts. Each bearing
has a flange that is held against the end of the gear it supports. The
bearing also employs a seal ring to retain the fluid pressure between the
bearing flange and the housing. Installation dimensions of the 1-P-582-K
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L

pump, shown in Fig. 44, give an idea of the compactness and small size
of this pump.

Hydro-Power Inc. Gear Pump. This company manufactures a line
of high-pressure spur-gear pumps, available in six sizes ranging from 1.55
to 17 cu in. per revolution. Operating speeds range from 900 to 1,200
rpm, according to size. The pump operates with a wide range of oils
with viscosities ranging from 300 to 1,000 SSU at 100°F. Figure 45
shows an exterior view of this pump. All pumps are capable of operating
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Fia. 46. Section through gear pump. (Hydro-Power Inc.)

at pressures as high as 1,000 psi. Both foot- and flange-mounted models
are available. A section through the pump is shown in Fig. 46.
Construction. The gears are hardened and ground chrome-nickel steel;
shafts are heat-treated molybdenum steel.
Faceplates are alloy cast iron. End housings are meehanite castings,
and the gear housing is a low-carbon steel forging, carburized and ground.
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Long life and accurate positioning of pump gears are provided for and
maintained by mounting gear shafts on precision Timken tapered roller
bearings. Shaft end play is eliminated, and extremely close tolerances
can be maintained between gears and housings. Wear is reduced to a
minimum. Internal adjustments are provided for compensation for
bearing wear.

All body joints are ground to an oiltight fit. Gaskets are eliminated,
and positive minimum clearance between gears and faceplates is guaran-
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Fia. 47. Mounting dimensions of Model G Hydro-Power Inc. pumps.

teed. The use of ground joints and closely spaced socket-head cap screws
assures a strong leakproof body. Chevron-type packing is used as shaft
seal. This packing is not subjected to hydraulic pressure.

Steel flanges are used to connect suction and discharge lines to pump.
These flanges simplify the removal of the pump without disturbing the
piping.

Operating characteristics of the Model G Hydro-Power pumps are
given in Table I. Mounting dimensions of the foot-mounted line of
pumps are given in Fig. 47.

The Schutte and Koerting Company’s Gear Pump. This company
manufactures a very complete line of gear pumps, both in spur- and
herringbone-gear design. Capacities range from 14 to 1,000 gpm.
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Standard units were originally designed for 300 psi pressure, but are
suitable for operation at 500 psi, according to the manufacturer.

Castings used are meehanite B with tensile strength of 45,000 psi.
Gears are heat-treated.

Fic. 48. Herringbone-gear pump. (Schutte and Koerting Co., Philadelphia, Pa.)

Spur-gear pumps are used for slow speeds of 300 to 600 rpm and have
sleeve bearings. A design similar to Fig. 31 provides for relief of trapped
fluid. For higher speeds up to 1,800 rpm, double helical-gear pumps are
recommended. These are furnished in both sleeve- and roller-bearing
design. Roller-bearing pumps are suitable for higher pressures up to 500

TaBLE I. OPERATING CHARACTERISTICS OF HYDRO-POWER GEAR-TYPE PRESSURE
GENERATORS, MobnEL GG Pumprs

Delivery, gpm Horsepower input Weight, 1b
Model
G sise | RPM
0 250 500 750 | 1,000 0 250 500 750 | 1,000 N
. . . . . . . . . | Foot | Flange
psi psi psi psi psi psi psi psi psi psi
] 900]| 6.0 5.6 5.25| 5.0 4.8 1.2 1.9 2.8| 3.5 4.5 | 100 100
1,200 80| 7.5 | 7.25) 6.75) 6.5 | 1.5 2.5 3.75| 4.75/ 6.0 | 100 100
10 900| 9.6 9.4 9.25| 8.9 8.7 1.4 2.9 4.2 5.7 7.0} 105 105
1,200/12.75| 12.5 | 12.25| 11.75| 11.6 | 1.75/ 3.75| 5.5 7.60] 9.25| 1056 105
20 900/13.8 | 13.4 | 13.25| 13.0 | 12.75/ 1.9 3.5 5.6 7.6 9.7 | 110 110
1,200{18.5 | 18.0 | 17.75{ 17.56 | 17.0 | 2.5 4.75| 7.5 | 10.25| 13.0 | 110 110
30 900(24.0 | 23.0 | 22.0 | 20.8 | 20.0 | 2.25| 5.1 8.5]12.0} 16.2 | 160 160
1,200/32.0 | 30.5 | 29.25| 27.75| 26.5 | 3.0 6.75| 11.25| 16.0 | 21.5 | 160 160
40 900|38.0 | 36.5 | 35.0 | 33.5 | 32.0 | 3.0 85| 14.0 | 19.5 | 25.0 | 175 175
60 90066 64.5 | 63 61 59 9.0 | 16.5 | 26 33.5 | 42 400 400
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psi. Oils of all viscosities encountered in hydraulic work are suitable for
use with these pumps.

A section of the herringbone pump is shown in Fig. 48. Both gears
and sleeve bearings, forming the faceplates for the gears, are mounted in
the housing bore, eliminating overhang of bearings and reducing shaft
deflection. Relief grooves of conventional design may be seen cut into
the faces of the bearings in Fig. 48 (see also Fig. 30).

The pumps are well adapted for prefill service at moderate pressure for
rapid advance of hydraulic rams. Pressures of from 250 to 300 psi are
generally used for this purpose, and large capacities are often required.

[ A

Fic. 49. Helical-gear pump. (Geo. D. Roper Corporation, Rockford, Ill.)

Over-all efficiencies at 300 to 500 psi range from 45 to 70 per cent depend-
ing on oil viscosity, type of bearings, and gears.

Gear Pumps of Geo. D. Roper Corporation. This company makes
several lines of gear pumps for both hydraulic and circulating-fluid
service. In the following we shall deal with their hydraulic pumps only.

For pressures up to 300 psi, they build a helical-gear pump with sleeve
bearings. The design of this pump is shown in Fig. 49. Pumps may be
equipped with packings and outboard bearing on drive shaft as shown in
Fig. 49, or with mechanical shaft seals. The driving gear is driven from
the drive shaft by an Oldham coupling so that misalignment stresses
cannot be transmitted to the gears, which are in axial hydraulic balance.
Flanges on the bearings form the wear plates for the gear faces in this
design. Oil used in performance test has 300 SSU viscosity. Rated
capacities run from 1 to 300 gpm. Pumps show about 70 per cent over-all
efficiencies at 300 psi. Idling horsepowers (50 psi pressure) range from
0.17 for a 1-gpm pump to 15 hp for a 300-gpm pump.



88 OIL HYDRAULIC POWER

The company also builds a high-pressure line of gear pumps ranging in
capacity from 5 to 75 gpm. The high-pressure pump is a spur-gear pump
with gears mounted on needle roller bearings and with brass wear plates.
The pump features a splined drive shaft entering a spline in the driving
gear. Thus gears are protected from misalignment and driving loads.
The company is one of the pioneers in the design and manufacture of
high-pressure gear pumps. The pump is shown in Fig. 50.

Pumps operate at speeds ranging from 1,200 rpm for the smaller sizes
to 900 rpm for the larger. Over-all efficiencies at 1,000 psi range from

F16. 50. Spur-gear pump. (Geo. D. Roper Corporation, Rockford, Ill.)

65 to 75 per cent, according to size. Oil of practically all viscosities used
in hydraulic work may be accommodated.

The Vickers Gear-type Fluid Motor. Vickers Inc., Detroit, features a
balanced gear pump that will operate as a motor. Ordinary gear pumps
will not operate satisfactorily as motors, as the pressure applied to them
will have a tendency to lock the gears against the housing. In the Vickers
gear motor, pressure is conducted by passages from the intake and
pressure ports to suitable pockets diametrically opposite, so that the
gears are in radial hydraulic balance. A section of the Vickers gear
motor is shown in Fig. 51.

Motors operate at 70 to 80 per cent over-all efficiency and develop up
to 90 per cent of their theoretical torque rating. Maximum pressures arc
1,000 psi, and the units are recommended for pressures of 600 to 800 psi.
Recommended oil viscosities are from 225 to 315 SSU at 100°F. Motors
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are furnished in both flanged and foot-mounted models. The motors are
rated in sizes from 15 to 90 in.-lb per 100 psi.

322
F1e. 51. Balanced gear motor. (Vickers Inc., Detroit, Mich.)

INTERNAL-GEAR Pumps

The operating principle of an internal-type-gear pump is very similar
to that of an external-gear pump. Several patented designs have made
their appearance on the market and
will be shown and described in the
following.

The Sundstrand Machine Tool Co.
This company manufactures a pump
under the trade name ‘“Rota Roll.”
As may be seen from Fig. 52, the
pump consists of a pinion gear, known
as the ‘“roller,” driving an internal
gear known as the “‘rotor.” Oil is
carried by both gears around their
periphery from suction to discharge,
and a rolling seal is provided at the Fia. 52. Principle of Rota Roll pump.
contact point between the two pump- }i’é"‘%’)‘md Machine Tool Co., Rock-
ing members. To prevent trapping,
the outlet port of the pump is carried up to the contact point so that all
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oil is forced into the outlet. A crescent-shaped spacer, typical for most
internal-type-gear pumps, serves as separator between intake and outlet
openings.
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Fia. 53. Section of Rota Roll pump. (Sundstrand Machine Tool Co., Rockford, Ill.)

The rotor is mounted on roller bearings, and the drive shaft carrying
the roller operates on ball bearings. A sectional view of the Sundstrand
pump is shown in Fig. 53.

Pumps are made in capacities ranging from 2 to 1314 gpm and operate
at maximum speeds of 1,500 rpm. Efficiencies at 1,000 psi are 70 to
77 per cent, according to size. Oil recommended is 150 SSU at 100°F.
An exterior view of the pump is shown in Fig. 54.

Ve B 0RAY

Fie. 54. Sundstrand Rota Roll pump. (Sundstrand Machine Tool Co.)

Gulf Research and Development Co. External-internal-gear pumps
with teeth of standard involute design are restricted to combinations where
the pinion has two or more less teeth than the ring gear. Pinion and ring
gear are separated by a crescent-shaped divider. An interesting design
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employing logarithmic spirals as tooth curves developed by R. J. S. Pigott
of the Gulf Research and Development Co. is shown in Fig. 55.

Y/

-d

Fia. 5. Pigott internal-gear pump. (Gulf Research and Development Co., Pittsburgh, Pa.)

The pinion in this pump has one less tooth than the ring gear. The
curves of the teeth in both gears are logarithmic spirals represented by
the equation, in polar coordinates,

r = Ce¥4 amn

where r = radius vector
A = angle of radius vector
C = factor equal to one-fifth the tooth height
Y = constant, which equals approximately 0.7 for the teeth and
0.8 for the tooth spaces of the rack from which the external
gear and the cutter for the internal gear are made.

The radius vector of the logarithmic G
spiral has a constant angle with the tangent
on the curve. From Eq. (17) we have b \(
rdA\gr
log.r = YA + log. C (18)
dA
or
4 = log. r ; log, C A¥
From Fig. 56 z‘;!c:t i?{gle?eterlnixlation of tal'l-
rdA
tan G = —(21‘_- (19)
dA 1
@ Y (20)
rdA 1
‘—d‘;' = "Y- = tan @ (21)

Pitch diameters and pitch of gears must be so chosen that the difference
in pitch diameters is equal to the tooth height and that the number of
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teeth in the ring gear equals the number of teeth in the pinion plus one.
For this relationship Pigott! gives the values shown in Table II.

TasLe 11

Pinion Ring gear

Pitch diam. | No. of teeth | Tooth height| Pitch diam. | No. of teeth | Tooth height

3.00 6 0.50 3.50 7 0.50
3.50 7 0.50 4.00 8 0.50
4.00 8 0.50 4.50 9 0.50
4.50 9 0.50 5.00 10 0.50

4

Pinion and gear operate together with smooth continuous action and
at uniform angular velocity. The conventional crescent is eliminated.
Pinion and ring gear are mounted on ball bearings. Intake and outlet of
oil to and from the tooth spaces is accomplished by slots in the ring gear,

AR .,...uj

Fi1a. 67. Gerotor rotary pump. (Gerotor May Corp., Baltimore, Md.)

as shown in Fig. 55. The pump is designed for a working pressure of
600 psi.

Gerotor May Corporation. This company manufactures a very com-
plete line of rotary hydraulic pumps of the internal-gear type. Three
models are offered, known as Type B, Type H, and Type 0. Three to
four capacities are available in each type, covering a wide range to fill
almost any requirement.

Figure 57 shows the Gerotor pump in a foot-mounted model. Flange
mounting is also available. The pump has two rotors, the pinion or

1U.8. Patent 2,225,515.



THE GENERATION OF OIL HYDRAULIC POWER 93

inner rotor having one tooth less than the ring gear or outer rotor. The
conventional crescent is again eliminated. The pump operates in the
same manner as the Pigott pump, each tooth of the pinion being in con-
tinuous sliding contact with a tooth on the ring gear, providing fluidtight
engagement. The pump is valved by crescent-shaped slots extending

F1a. 68. Gerotor pump. (Gerotor May Corp., Baltimore, Md.)
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Fia. 59. Pérformance curves for B.4 Gerotor pump. (Gerotor May Corp., Baltimore, Md.)

axially. Holes are drilled in the tooth spaces of the outer rotor, per-
mitting pressure to escape to the outside area and balance the outer rotor.
The inner rotor is mounted on the drive shaft and carried in plain bear-
ings. Maximum pressure recommended for these pumps is 1,000 psi.
Oil with viscosities of from 140 to 200 SSU at 120°F are recommended.
A phantom view cf the Gerotor pump is shown in Fig. 58.
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Sizes and Capacities. Type B Gerotor pumps vary in capacity from
about 14 to 14 gpm. Efficiency of these small-capacity pumps is
naturally low. Figure 59 shows typical performance curves for a B.4
unit.

Type H pumps run from 3 to 12 gpm, Type 0 from 17 to 30 gpm.
Performance curves for an 0-25 unit are shown in Fig. 60.
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F1a. 60. Performance curves for 0-25 Gerotor pump. (Gerotor May Corp., Baltimore, Md.)

Fis. 61. Gerotor double-unit hydraulic pump. (Qerotor May Corp., Baltimore, Md.)

Any of the sizes may be combined into double pump units. This
offers a simple and compact means of supplying two circuits with different

and independent pressure and volume requirements. A double pump
unit is shown in Fig. 61.

8. VANE PUMPS—OPERATION AND DESIGN

The operating principle of a vane pump is shown in Fig. 62. The pump
consists of a rotor mounted in a housing, generally between closely fitted
end plates. The rotor is provided with slots in which vanes or blades are
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mounted. The rotor revolves on a shaft mounted eccentrically in respect
to the housing, and the vanes slide on a hardened track inside the housing.
As the vanes proceed from the point of closest contact between rotor and
housing, increased space will be created between rotor and housing.
This space fills with oil supplied through a peripheral valve slot from the

Fi16. 62. Vane pump.

suction of the pump. After the point of maximum distance between
rotor and housing has been passed, the spaces between the vanes again
decrease, and oil is discharged through the opposite valve port into the
exhaust of the pump.

Pumps of a design as shown in Fig. 62 are subject to heavy unbalanced
loads. A successful design of a balanced vane pump is the well-known
Vickers vane pump. This pump has two intakes and two outlets
diametrically opposite each other; thus the hydraulic loads on the rotor
balance each other. A more detailed

o___, — | c

description of this pump will be given 2 - G
later. '

Vane pumps are being made in both L —
constant- and variable-delivery design. ﬁ \

VANE-PUMP DISPLACEMENT - T

The vane pumps are, by nature of \ /
their design, well adapted to displace ™~~~
large volumes of oil in comparatively
small space. The displacement of a |
vane pump may be computed in the -l e
following manner: F1a. 63. Rotor and housing.

Figure 63 shows the arrangement of rotor and housing. D represents
the diameter of the housing and d the diameter of the rotor. e is eccen-
tricity between rotor and housing. If we neglect the thickness of the
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vanes, then the volume carried by them from suction to discharge in one
revolution must be

2 2 2 2
Vperin.ofwidth=(—§+e> w—(%) T — [(—g— )r—(%)w]

V = 2WD§
Therefore
Q= 21rlg(e)mw cu in. per sec (22)

where w is the width of the vanes or rotor. 4
Similarly in a balanced vane pump with a cam with a major axis of
D + 2e and a minor axis of D — 2e, the total capacity will be

47 Denw
Q= 60

Efficiencies of vane pumps may be computed by the use of Egs. (2) to (7)
given in Sec. 2.

Excellent efficiencies are obtainable with properly designed vane
pumps, but first-class workmanship and a high degree of accuracy are
necessary. Vickers balanced vane pumps show volumetric efficiencies of
over 90 per cent and total efficiencies well above 80 per cent over a wide
range of pressures.

(23)

MATERIALS AND DESIGN

Rotors should be made of alloy steel carburized and hardened, such as
SAE 2315, 3120, or 4615. Drive shafts, if not integral with rotor, may be
made of medium-carbon chrome-nickel or molybdenum steel. Vanes
should be made of a steel containing tungsten, as at the high rubbing
speed considerable heat is generated, which will soon draw the temper on
any ordinary alloy steel. High-speed tool steel properly hardened has
been found excellent for this purpose. The vane track or pressure
chamber may be made from a carburizing grade of alloy steel and hard-
ened. End plates are made from manganese or silicon bronze.
Meehanite or high-test cast iron will serve well for housings or end covers.
Unbalanced vane pumps require heavy shafts and sturdy roller bearings
to take the hydraulic loads. In a balanced pump plain bearings suffice.
Regular models of vane pumps are made with splined shafts, engaging
splined bores in rotor to prevent transmission of misalignment stresses
to the rotor.

It is important to keep in mind that pressure must be supplied to the
bottom of the vane slots when vanes pass the pressure area and cross the
lap spaces, as the centrifugal force of the vanes is insufficient to permit
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generation of pressure. This may be done in a number of ways. The
Vickers pump employs side plates, counterbored at the bottom of the
vane slots, and passages leading from the pressure side to this counterbore
to supply a permanent and continuous pressure against the bottoms of
the vanes, forcing them out against the track to maintain a seal.

On the Racine pump, slots are milled into the side plates connected to
the pressure side and extend past the lap spaces on both sides to maintain
pressure against the vanes when they are traveling on the pressure side.
On the suction are, a corresponding slot connects the bottom of the vanes
to the suction side. Thus the vanes are balanced at practically every
point of their travel and the vane displacement is utilized in the dis-
placement of the pump. Balance has been accomplished in the  Dudco”
pump (Detroit Universal Duplicator) by the provision of two vanes in
one vane slot, mounted back to back with beveled edges. This permits
the pressure at the bottom of two vanes to reach the space at the top and
practically balance the vanes.

To illustrate the principles employed in the design of vane pumps, a
sample calculation will be given in the following for a vane pump of
unbalanced design and constant delivery.

Ezxample: Let us assume that a vane pump is to be designed for a capacity of 20 gpm
at 1,000 psi.

With an estimated volumetrie efliciency of 90 per cent and a mechanical efficiency of
90 per cent, we have

_ Qo _ _ 222 X 231 _ .
Q = 090 ~ 22.2 gpm = 0 = 85 cu in. per sec
Hp, = QX 0;;000533!3 _20X 0.00(())5:3_; 1000 _ 1y 5o
t .

With n = 1,200, Q = 85. We select an eccentricity e = 842in. Then

_ 85 X 60 X32 _
Dw = 1200 X 2r X 5 4.34 [from Eq. (22)]
D = 3.3 (assumed)
w = 131
g=9 —(e+¢) (see Fig. 63)

Assuming ¢ = 0.015, and since e = 0.15625,

g = 1.65 — 0.17125 = 1.479
d = 2.958
Total pressure on rotor = 1,000Dw = 43401b -
Bending moment on shaft = 2.170(1.625 — 0.327) = 2.800
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With a 134-in. shaft we have a stress of

2.800 .
For the design of the pump, we assume the following:

Number of vanes = 16
Thickness of vanes = 344

The vane slots are slanted to accommodate longer vanes.
We next compute the bending moment on the vanes:

M=

P X 0.33 X 0.33 i.n.-lb per in. = 54 in.-lb per in. of width

PRy }
Section modulus = (?:252) cu in. per in. = 0.00146 cu in. per in.

Bending stress = = 37,000 psi

54
0.00146

It may be seen readily that the eccentricity of a vane pump is limited by the bending
strength of the vanes. At the same time the thickness of the vanes must be held
down to avoid excessive pressures on the contact line between vane and pressure ring
when hydraulic pressure is applied to hold the vane out against the pressure ring.

The lap space between the ports should be somewhat wider than the pitch of the
vanes to prevent short circuiting between suction and discharge ports. The pitch
distance between vanes is

Lap space should be about 37 in., port slot width 3{ ¢ in.

The design results in the dimensions shown in Fig. 64. A collector groove is shown
connecting the bottoms of the vane slots. Pressure is supplied to this collector groove
from the pressure side of the pump to hold the vanes out against the pressure ring
on pressure arc and lap spaces. A similar groove connects the bottoms to the
suction port on the suction arc. Care must be taken to make the passages to the
collector rings of ample capacity to ensure ample oil supply on suction stroke and
prevent the pressure under the vanes from leaking out faster than it is supplied,
which would make the pump inoperative. Milled slots serve the purpose in this
design.

Shaft Bearings. The bearings must support the hydraulic load of 4,340 or 2,170 1b
each. At the drive-shaft end, a double-row ball bearing, medium-type SKF No. 5,306,
is provided. This bearing carries radial load and provides axial location. This bear-
ing at a load of 2,170 1b and a speed of 1,150 rpm will have a minimum life expectancy
of 650 hr. A Hyatt No. A-5206 TS Hyload roller bearing supports the radial load at

! Neglecting the strengthening effect of the splines. For a more accurate computa-
tion, see R. L. Benford, Bending Stiffness of Beams with Ribs or Slots, Machine Design,
February, 1947, 158.
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the rear end of the shaft. This bearing is of ample capacity to carry this load at the
rated speed.

A shaft seal either of mechanical type or packing may be provided. Provisions
must be made to relieve leakage escaping into the bearing housings at both ends. This
may be done by slippage taps on the housings or by drilling connections between the
suction chamber of the pump and the bearing housings. In the latter case, care must
be taken to have the shaft packing absolutely airtight.

The manufacture of the pump requires great accuracy and close tolerances. The
vanes must fit in the slots within a few ten-thousandths of an inch. Not more than
0.001 to 0.002 in. total clearance should be allowed between rotor and end housings.

F1a. 64. Vane pump.

ILLUSTRA’I‘ION AND DESCRIPTION
oF COMMERCIALLY AVAILABLE VANE Pumps

Vickers Vane Pump. The classical example of vane-pump design is
the well-known Vickers pump. By skillful design, superior manufactur-
ing methods, and excellent promotional work, Vickers Incorporated has
become the outstanding leader in the field of applied hydraulics. Their
vane pump is the nucleus about whlch the entire line of over 5,000
standardized units is built.

The pump, as illustrated in Fig. 65, features a fully balanced rotor
design with two intakes and two outlets diametrically opposite each
other. The side plates are brass castings with extensions fitting closely
in pump body and end cover. These extensions serve as bearings for the
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rotor. Being in full hydraulic balance, the rotor does not require anti-
friction bearing mounting. The drive shaft runs in separate ball bearings
and is splined in the rotor so that it may not transmit misalignment to
the rotor. The pressure chamber is elliptoid with sections at the lap
spaces forming true arcs so that there is no movement of the vanes when
they are subjected to the hydraulic load.

The pumps are recommended for maximum pressure of 1,000 psi for
standard models and 2,000 psi for high-pressure models consisting of two
pumps in series. Recommended oil viscosity is from 150 to 225 SSU at

Fi1a. 65. Balanced vane pump. (Vickers Inc., Detroit.)

100°F. Maximum recommended oil temperature is 155°F. Speeds are
from 1,800 to 1,200 rpm, according to size. Excellent efficiencies, both
volumetric and mechanical, are obtained. Medium-size pumps show
85 per cent over-all efficiency through almost the entire working range.
Volumetric efficiency of the very small pumps is lower.

A great variety of sizes and styles is available. There are three series:
small, from 1 to 11 gpm; medium, from 14 to 36 gpm; and large, from 40
to 60 gpm. Intermediate capacities within each series fill any desired
requirement. Pumps may be supplied with flanged or threaded pipe
connections and with flange or foot mounting. Mounting dimensions of
the medium-series pump with threaded connections are shown in Fig. 66,
which conveys an impression of the small and compact size of this pump.

In addition to the single units a great number of combinations of
pumps are available. These combinations consist of two pumping units
mounted in one body casting. These units may be connected in a num-
ber of ways and provided with automatic controls to obtain different
operating characteristics as follows:
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1. Two units in parallel with either independent or combined discharge.
Large units of combined discharge of as much as 120 gpm are available.

2. Two units in parallel with unequal capacity, by which arrangement
the larger volume pump is unloaded at an intermediate pressure, and the
small-volume pump carries on to the maximum pressure. Two series of
combinations are available with numerous variations of pressure and
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Fra. 66. Mounting dimensions of medium-series vane pumps. (Vickers Inc.. Detroit.)

delivery of both components. These pump combinations are especially
suitable where it is desired to advance a hydraulic ram or piston rapidly
at moderate pressure and follow at a slow-speed squeeze at high pressure.

3. Two units in series with substantially equal capacity to obtain
double the operating pressure of a single unit. These combinations also
are available in three series: small, from 2 to 7 gpm; intermediate, from
14 to 18 gpm; and large, from 37 to 57 gpm.

4. Series-parallel connected units. At pressures up to 1,000 psi,
both units operate in parallel. At a preselected pressure of 1,000 psi or
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less, the pumps are automatically shifted into series operation at one-half
the output and will deliver up to 2,000 psi. Combined deliveries up to
120 gpm are available. .

To effect automatically the delivery characteristics enumerated above,
ingenious valves and controls have been developed, which will be fully
described in Chap. X. These are combinations of Vickers Hydrocone
relief valves, Hydrocushion unloading valves, sequence and load dis-
tribution, and check valves. Figure 67 shows a two-stage pump com-
plete with integral unloading and relief valves.

N ) 4
Fic. 87. Two-stage vane pump and valve combination. (Vickers Inc., Delroit.)

Racine Tool and Machine Co. A very unique type of variable-delivery
vane pump is manufactured by the Racine Tool and Machine Co. The
pump features a shiftable pressure chamber to vary the displacement.
The pressure chamber is carried on thrust blocks operating on roller
bearings to permit shifting at high pressure. The rotor is splined on the
drive shaft. The pump is unbalanced, and the full hydraulic load must
be carried by the shaft bearings, which are ample and sturdy. A section
of the pump is shown in Fig. 68. Vane slots are slanted to permit use of
longer, better supported vanes. The rotor is alloy steel, hardened and
ground. Assembly of shaft, bearings, and rotor together with vanes is
shown in Fig. 69.

The Racine pump uses bronze surface-ground port plates. Figure 70
shows the porting. The lower slots connect to the bottoms of the vanes,
and ducts lead from the ports to the lower slots, whereby the vanes are
balanced. The pump is available in three capacities: 12, 20, and 30
gpm at 1,200 rpm. Maximum recommended pressure is 1,000 psi. Oil
of 200 SSU viscosity at 100°F is recommended.
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Ire. 68. Variable-delivery vane pump. (Racine Tool and Machine Co., Racine, Wis.)

o .

N y I D AR WV S~

-delivery vane pump. (Racine Tool and

F1ec. 69. Shaft and rotor assembly of variable
Machine Co., Racine, W1s.)
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The pump may be equipped with an automatic volume control as
shown in Fig. 68. A small spring shown at the bottom tends to force the
pressure chamber toward the neutral
or no-delivery position. This action
is opposed by a heavy dual spring
acting against a differential plunger.
The stroke of the heavy spring is
limited by engagement of the bottom
washer on the housing face. Hy-
draulic pressure is piped from the
discharge port of the pump to the
differential area and opposes the ac-
tion of the spring. When the hy-
draulic pressure in the pump has
. reached the value that corresponds
_; to the setting of the spring, the
Fig. 70. Port plate for variable-delivery ~ differential plunger will move and
‘é?f.‘fzz‘il‘iilf; Wgﬁ;‘c"ne Tool and Machine  Larmit the pressure chamber to as-

sume an approximately neutral posi-
tion, with just enough delivery of the pump to maintain leakage loss at
the set pressure. Thus the pump is capable of maintaining a “‘deadhead”

& . o
w L
;42‘:4.”% X< G

Fia. 71. Variable-delivery vane pump with adjustable volume control. (Racine Tool
and Machine Co., Racine, W1s.)
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of pressure at a minimum of discharge, greatly reducing power consump-
tion and heating.

Other control options are available, such as an adjustable volume con-
trol for preset output of any desired capacity. An exterior view of the
pump equipped with this control is shown in Fig. 71. Dual-pressure
controls for two selective pressures, either by manual or by remote
electric control, are also available.

4. RADIAL AND AXIAL PLUNGER PUMPS

Rapiarl PLUNGER Pumps

Most radial plunger pumps now commercially available are of the
variable-delivery type. This is due to the fact that radial-plunger-pump
design lends itself readily to adoption of the variable-delivery principle
without substantial increase in cost. The pumps are of the positive-
displacement type and are capable of generating high pressures in the
neighborhood of 2,500 to 3,000 psi. The variable-delivery principle has
many advantages, such as change in pump output with constant motor
speed and without loss due to throttling of oil and by-passing. Most of
the pumps are reversible, so that flow of oil may be reversed without
reversing valves in the hydraulic system and without reversing the driving
motor. With suitable controls the pump is well adapted for the require-
ments of heavy-duty hydraulic service, such as with presses, steel-mill
machinery, and the like. Accurate control of delivery has led to its
adoption for machine-tool drives, broaching machines, etc. Combina-
tions of pumps and hydraulic motors are used for transmissions, which
will be discussed in Chap. VIII.

The operating principle of a radial, variable-delivery, reversible-
discharge pump is shown in Fig. 72. The pump consists essentially of a
cylinder rotor revolving about a central valve spindle. The cylinderrotor
is revolved by means of a drive shaft connected to it. Oil is supplied
through passages consisting of bored holes in the valve spindle terminating
in a circumferential valve slot extending over an arc of 180° less the lap
space. Similarly, discharge takes place through another set of passages
opposite the suction port having a similar valve slot. Pistons are
mounted in cylinder bores in the cylinder rotor and arranged to recipro-
cate, traveling outward while passing the suction slot to draw in pressing
fluid and inward during the discharge stroke to discharge pressing fluid.
On their outer ends, the pistons have suitable thrust shoes or other
similar means, whereby their reaction is transmitted to an outer rotor or
reaction ring that revolves in suitable bearings in a retaining ring or
sliding block. The means used to transmit the reaction of the pistons to
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the outer rotor is the most important distinguishing feature between the
different makes of pumps, which are otherwise very similar in principle
and operation.

If the outer reaction rotor is shifted so that its center coincides with the
center of the cylinder rotor, no movement of the pistons will take place.
This condition is shown under B in Fig. 72.

////,/’ -~

(1]

7 »
(7,

L

F1a. 72. Operating principle of variable-delivery pump. (Hydro-Power Inc.)

If the outer ring is shifted off center, as shown in 4 in Fig. 72, reciproca-
tion of the plungers will take place. Beginning at dead center in a hori-
zontal position, the plungers will travel outward over a 180° are, taking in
fluid from the corresponding passages; then they will travel inward over
the remaining arc of 180°, expelling fluid through the discharge passages.
The amount by which the outer ring is shifted off center determines the
stroke of the pistons, which is double the eccentricity. By shifting the
outer ring off center in the opposite direction, as shown at C (Fig. 72),
suction and discharge will be reversed, provided that direction of rotation
is maintained.
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With the design of crosshead shown in Fig. 72, the pistons will have a
pure harmonic motion, as will be shown in the following. Figure 73
shows a piston in one of its intermediate positions. The piston revolves
with the cylinder rotor with a constant angular velocity w. Eccentricity
between cylinder and reaction rotor is denoted as e (in inches). Then we
have

r=e—ecoSwt (24)

where z is the stroke of the piston at the angle wt.

The instantaneous piston speed, and with it the rate of flow, may be
computed as follows:
-(T': = we sin wl in./sec (25)

With the area of one piston A in square inches, we have instantaneous
output of one piston

Q; = Awe sin wt cu in. per sec  (26)

In a multiple-plunger pump, the total instantaneous output is the sum of
the instantaneous capacities of the
pistons, expressed in cubic inches
per second. This figure may be
plotted in a graph as function of
the crank angle wt.

If this is done, it will be found
that surges in the rate of flow are
more severe and less frequent in a
pump with an even number of
cylinders. Pumps having an odd
number of cylinders give peaks in
the rate of flow equal to twice the ROTOR Lam-nm
number of cylinders per 180°, while . ~ ROTOR
in the case of even numbers, there Fig. 73. Piston movement in radial pump.
are as many peaks in 180° as there are cylinders. For instance, in a
six-cylinder pump there are six peaks in 180° (counting both positive
and negative variations from the average), while in a five-cylinder pump
there are ten. The peaks in the six-cylinder pump occur at multiples of
30°, while the peaks in a five-cylinder pump occur at multiples of 18°.

The instantaneous output of all cylinders in a multiple-plunger pump
is

g =

Q: = Awe z sin (wt + 27?) @27

i=1
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Where N denotes the total number of plungers. This is true only for
positive values of sin |wt + (2xi/N)].
The mean output of a multiple-plunger pump is

Qv = A‘:reN cu in per sec (28)
. 1=N .
Output variation = %{ = {—, sin (L.;( + 27\7’5’) (29)
i=1

For a six-plunger pump at 30°, for instance, Q,/Qx = 1.045 or a 414 per
cent variation in output. At 60°, Q;/Qsx = 0.906, which is a 9.4 per cent
variation from the mean. Contrasted with this, a five-plunger pump

t
VPZ(P cos w2 : R

?Jf
/anToR ¢ REACTION
ROTOR

e @ ]

—=Pcos GWtr—
Fi1a. 74. Piston movement in radial pump.

shows at 18° Q;/Qi = 1.015 or 114 per cent variation, and at 36°
Q:/Qx = 0.965 or 314 per cent variation from the mean.

This demonstrates the obvious advantage of an odd number of cylinders
over an even number, and all commercial radial plunger pumps have an
odd number of pistons.

We have shown that the type of crosshead construction illustrated in
Fig. 72 gives a pure harmonic motion. This is not true for all designs of
radial pumps. The Hele-Shaw variable-delivery pump employs a
design of piston and crosshead in which the piston is carried on a gudgeon
pin at its outer end, which in turn is mounted in two sliding segments in
the reaction rotor. This is illustrated diagrammatically in Fig. 74.

We have

R? = P2 — (P cos wt)?2 + (e + P cos wt)? (30)
or '
R?2 = P2 4 e2 4+ 2¢P cos wt
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From this,
P? 4 2¢P cos wt + €2 — R2 = 0
and
P = —ecos wt + \Ve?cos? wt — e? + R? (31)
or
P = —ecos wt + \V/R? — e?sin? wt (32)

To investigate the influence of the sine function wt, we shall express the
radical as an infinite converging series as follows:

P = —€COSwt+R\/1——~Sln2wt | (33)
Py
= —ecoswt+ R (1 3R? sin? wt — 8@ sint wt - ) (34)

Retaining only the first two members in the series, we obtain

2
R [1 — %(é—) sin? wt] — e cos wt , (35)

2
e+R[1—%({%)sin?wt]—R-ecOSwt (36)

for x increasing with wt, that is, for suction stroke. For x decreasing with
wt (pressure stroke), r becomes

P

z

2
x=e—R[1—%<—I%) Sin2wt]+R—eCOSwt 37)
For 14 (e/R)? sin? wt = 0, Eqgs. (36) and (37) revert to Eq. (24), that is,
in case of an infinitely long connecting rod. With B = 10e the correction
amounts to 0.5 per cent for the maximum value of sin? wi.

The instantaneous output of one piston may be computed again as
follows:

o2
Q:=Ag? A( I—csmwtcoswt+wesmwt)

Q= Awe (E sin wt cos wt + sin wt) (38)

The output variation follows from this again:

i=N

%:%z}%mQ‘,t-}- )COS(&)(‘F—— +Sn(wt+2’]§l':) (39)
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Equations (26) and (38) may be employed to analyze the instantaneous
output of any of the commercially available pumps operating either with
a pure harmonic motion or the equivalent of a connecting rod of finite
length.

Speeds and Capacities. Operating speeds of radial pumps range from
1,800 to 600 rpm, according to size. Pumps from 1- to 15-gpm capacity
may be operated at from 1,800 to 1,200 rpm. Capacity ranges from 15
to 30 gpm require speeds of 1,200 to 900 rpm; 30 to 100 gpm, 900 to 720
rpm; 100 to 200 gpm, 720 to 600 rpm; over 200 gpm, 600 rpm or less.

Piston Diameters and Strokes. Practical experience on pumps
actually designed indicates that good proportions are obtained with
piston-stroke lengths from 60 to 65 per cent of piston diameters.
Ordinarily from five to nine pistons are employed in pumps of this kind,
although a much greater number is used in the Oilgear pump. The
combinations shown in Table III should prove satisfactory.

TasLe 111
Diam. | No. of pistons | Stroke (2¢)
be] 5 e
% | 5 1
1 5 3%
114 7 74
134 7 1
2 7 134
21 7or9 154

Capacity of pumps may be computed from Eq. (28), or, introducing n
rpm and expressing Q in gallons per minute, we have

2AneN
Q=537 gpm (40)

Volumetric and mechanical efficiencies may be derived as shown in
Sec. 2. Again we have

e, = g“ X 100 in per cent  (2)
g
g?h X 100 in per cent  (3)

HP, = 0.000583Q,p
Qo X 0.000583p
t = HPa (7)
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Efficiencies of these pumps vary greatly with pressures, capacities, type
of design and make of pumps, and oils used. Volumetric efficiencies
range from 85 to 95 per cent at maximum rated pressure, increasing with
decreasing pressure. Mechanical efficiencies in the normal rating range
vary from 90 to 95 per cent. '

Oils used in these pumps are generally of a heavier body than those
employed in the gear or vane type of rotary pumps. Radial plunger
pumps are often subjected to severe service and depend upon the main-
tenance of oil films for continued performance. Oils from 500 to 1,000
SSU at 100°F are recommended by most manufacturers for their product,
with occasional recommendations as low as 150 and as high as 1,500 SSU
for unusual conditions of pressure or temperature at either extreme of the
scale.

Materials and Design. A radial pump is a precision piece of machinery
and must be designed and manufactured as such. Tolerances and clear-
ances given in Table I, Chap. V, are recommended for fits of pistons and
pintle or valve spindle. For antifriction bearing mountings, the bearing
manufacturer’s recommendation should be followed. All other moving
parts must be closely fitted with minimum running clearances and care-
fully machined for proper line-up so that the mechanism may function
without binding and excessive friction.

The central valve spindle is a chromium-nickel forging, carburized and
hardened. The portholes should allow for an oil velocity of from 5 to 10
ft per sec depending on size. Pintles may be fitted in the pintle cover by
press fit or sliding fit, with nut for adjustment as in the Hydro-Power
pump. Pintle end covers may be made from cast steel or alloy iron.
Rotors are made from brass or bronze, manganese bronze being used
where antifriction bearings are interposed between pintle and rotor and
where bearing qualities are less important than hardness and tensile
strength. Nickel-steel forgings are used for the pistons. These are also
carburized and hardened.

An 80-10-10 bearing bronze serves well as material for piston-cross-head
shoes or slippers in Hele-Shaw-type pumps. Reaction rotors may be
made from steel castings or forgings, and one make of pump employs
alloy iron for this purpose. A good grade of cast iron will suffice for
housings and drive-shaft end covers. Revolving parts are mounted on
antifriction bearings of the ball or roller type.

Ezample of Design Calculation: In the following a calculation will be carried out for a
pump of 20 gpm capacity. Maximum discharge pressure is 2,500 psi. Assuming a
total efficiency of 85 per cent, we have

- @0 X 0.000583p _ 20 X 0.000583 X 2,500

HP (] 0.85

= 341 hp
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The geometric capacity of the pump at 9214 per cent volumetric efficiency is
20/0.925 = 2114 gpm. With Q, = 21}4 gpm, n = 1,200 rpm, and N = 5, we have
from Eq. (40)

Ae = 21.5 X 231
2 X 5 X 1,200

With e = 3§, A = 0.415/0.375 = 1.1, and piston diameter = 13{¢

21.5 X 231
60 X 5 X 12

Since the pump is reversible and either one of the lines may be subjected to the full
working pressure, Schedule 160 pipe should be used. One-and-a half-inch pipe will be
required to provide the suction area.

Pintle ports are to be calculated for a velocity of 8 ft per sec.

= 0.415

Suction pipe area at 5 ft per sec = = 1.38 8q in.

4 X 21.5 X 231

. - s/
Diameter of holes T 480 X 12 X 2 34 in.

With the four holes properly spaced, we obtain a pintle cross section as shown in Fig.

75. The pintle diameter becomes 2%§. Figure 75 shows the five pistons spaced

around the circumference of the pintle.

At the bottom of the cylinder bores the

J%' diameter is reduced about 30 per cent,

- forming the intake holes from the valve

slots into the cylinders. The valve slots

are approximately the same width as the

reduced diameter of the holes and are

r milled on opposite sides of the pintle with

7 " a lap space between them as indicated.

LAP Lap may be positive, zero, or negative,

depending on whether it is wider than,

equal to, or narrower than the reduced

diameter of the ecylinder bore. In this

case, for instance, a lap 7§ in. wide would

be zero lap. Zero and negative laps result

. . ) . in a quieter running pump, owing te elimi-

folg)'r_%' Section of pintle and cylinder nation of cavitation, but have slightly more

slippage loss. Positive laps tend to make

the pumps noisy, but are frequently used. One-inch wide lap is suggested as the
limit for a positive lap on this pump.

The rotor revolves about the pintle, which serves as distributing valve and may be
mounted in a different number of ways. Direct mounting upon the pintle without
intervening bearings is used in one make of pump, described later, while others
employ antifriction bearing mounting of the rotor, either on the pintle or in the end
housings.

The pintle is subjected to an unbalanced load, the pressure half being subjected to
the full hydraulic pressure across the port width and to a pressure gradient extending
axially on both sides of the port. This load must be carried by the oil film under the
opposite end or suction side of the pintle, when the rotor is directly mounted on the
pintle. Where antifriction bearing mounting is resorted to, these bearings are called
upon to support this load. In that case, the total amount of pressure may be limited

~

r
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by balancing grooves cut into the rotor circumferentially, permitting the pressure to
equalize after reaching the grooves. The area of unbalanced pressure is therefore
bounded by the relief grooves in axial direction. The unbalanced load on the pintle
may be approximated by assuming that one-half the total pressure is applied on an
area equaling the diameter of the pintle times the distance between the balancing
grooves. In this case, for instance, the balancing grooves are about 2 in. apart. The
unbalanced load, therefore, is approximately

2,500 X 2 X 25§
’ 2

= 6,500 Ib

or 3,250 1b for each bearing. Bearing selection is based upon this load and speed.

Clearance between rotor and pintle should be from 0.001 to 0.0023 in. (see Table I,
Chap. V). With these close clearances, obviously run-out on bearings must be held
to a minimum, and precision-type bearings should be selected. Allowing for a suitable
wall thickness of cylinder rotor, we determine the inside diameter of the reacticn
rotor by adding the stroke length plus clearance, to allow for shifting the reaction
rotor an amount = ¢ = 3¢ in. Antifriction bearings are used for mounting reaction
rotors on all makes of pumps. Referring to Fig. 75, these bearings may be subjected
to the load of three pistons as follows:

L = Ap(1 4 2sin 18°) = Ap X 1.618 = 1.1 X 2,500 X 1.618 = 4,450 1b

The pistons are fitted with a clearance of 0.0006 to 0.0015 in. They should be guided
in the cylinder rotor with a guide length of at least twice their diameter in neutral
position of pump. The meansby which .
the thrust of the pistons is transmitted . ‘3‘1 *"DRILL—4 HOLES
to the reaction rotor vary in the differ- -ﬁ%r’-r i
ent designs of pumps. Common to all I
of them is the necessity of providing
for relative movement between piston
crosshead and reaction rotor, so that -
the pistons may adjust themselves to . 4
. . . .13
the change in peripheral velocity as Y
they revolve about the cylinder-rotor
center at varying distances frcm the
center.

T-shaped pistons may be employed,
bearing against flat reaction ways, as
shown in Fig. 73, or pistons may be fitted with gudgeon pins mounted in segmental
slippers guided in peripheral grooves in the reaction-rotor halves. Bearing pressure
on cross-heads is about 500 psi. To permit establishment of a load-carrying oil film
on these surfaces, they may be divided into a series of tapered and straight land
spaces, as shown in Fig. 76. The tapered surfaces cause formation of a wedge-shaped
oil film, which will satisfactorily support a load of 500 psi. Pistons are provided with
balancing grooves, as shown in Fig. 76.

In order to permit the piston crossheads to operate in a bath of oil, the space around
the crossheads must be made oiltight. This may be done by clamping the rotor
halves together so as to form a casing, as shown in Fig. 77, or by providing a shell or
casing between them. Slippage oil from the pistons will accumulate in this space and
provide lubrication. The shift ring for the reaction rotor is mounted in suitable ways,
whereby it may be shifted off certer to produce eccentricity and pump stroke. Lubri-

o-1s’
-+

Fia. 76. Piston design for radial pump.
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cation of bearings and other operating parts is provided by the slippage oil escaping
from the pistons and pintlJe. Ordinarily this amount of lubrication will suffice, but
for extreme cases and heavy service, auxiliary lubrication is recommended. Slippage
and lubricating oil are permitted to drain out of an opening in the bottom of the
pump into a slippage tank, whence it is removed by the slippage or scavenging pump
and returned to the oil-supply tank. Where pumps are mounted on oil-supply tanks,
the slippage may drain directly into these tanks. Slippage pumps should be of
sufficjent capacity to take care of 15 to 25 per cent of the radial-pump capacity to
prevent flooding after wear has taken place in the radial pump. ¢

Description and Specifications of Commercially Available Units. The
Hele-Shaw Pump. This pump, manufactured by the American Engineer-

Fia. 77. The Hele-Shaw variable-delivery pump. (American Engineering Co., Phila-
delphia, Pa.)

ing Co., Philadelphia, Pa., is perhaps the oldest commercially used unit
on the market. Designed by Dr. H. S. Hele-Shaw in England in the
early years of the First World War for hydraulic operation of ships’
steering gear and other auxiliary, the pump has been in successful produc-
tion with few alterations or modifications in the basic design. This
speaks well for the excellence of the original design and the genius of its
inventor.

The kinematics of the pump correspond to those discussed in connec-
tion with Fig. 74. Pistons have wrist or gudgeon pins operating in
segmental shoes called ‘‘slippers,” which are mounted in the reaction-
rotor halves. As shown in Fig. 77, the reaction rotor operates on ball
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bearings and is caused to rotate by the friction of the slippers as the pri-
mary or cylinder rotor is turned by the drive shaft. The slippers care for
the difference in peripheral speed, as the pistons operate at varying
distances from the center of the cylinder rotor. It should be mentioned
here that all radial pumps are in perfect dynamic balance, as the center of
gravity of their rotating parts always coincides with their center of rota-
tion, notwithstanding the fact that an eccentricity is produced between
the two rotors. The reaction-rotor halves are semisteel castings, care-
fully machined and bolted together to form an oiltight casing for the
operation of the slippers. Sliding blocks in which the reaction-rotor
bearings are mounted serve to shift the reaction rotor. The sliding
blocks operate in ways provided in the pump and covers. Rods threaded
in the sliding blocks permit attachment of suitable devices on the outside
of the casing to shift the blocks and reaction rotor in either direction to
produce corresponding pumping action. The rotor is mounted in ball
bearings in the pump end covers and rotates about the stationary pintle
or valve spindle, which is supported in the pintle end cover in the manner
of a cantilever beam. A pressure oil film is depended upon to support the
closely fitted pintle inside the rotor,

The manufacturers recommend oils from 1,000 to 1,500 SSU viscosity
for operation, according to severity of service. Oil temperatures must
not exceed 110°F. Pressures as high as 3,000 psi may be obtained.

The pump is made in 10 high-pressure sizes ranging from 334 t0 120 gpm
at speed ranging from 1,200 rpm for the smallest to 600 rpm for the
largest pumps. Pressures are from 3,000 to 2,000 psi. A low-pressure
series is also available in nine sizes for a pressure of 1,200 psi and capacity
up to 150 gpm. As in all radial pumps, suitable controls may be supplied
to permit operation by manual or automatic control. They will be
dealt with in Sec. 6 of this chapter. ' e

The Hydro-Power Radial Pump. This pump, designed by the author, is
manufactured by Hydro-Power Inc., Mount Gilead, Ohio. The pump,
shown in Fig. 79, has a pure harmonic piston movement as analyzed in
Fig. 73. The pistons are one-piece, T-shaped, alloy-steel forgings with
the crossheads fitted in T-shaped thrust shoes, which are clamped between
the reaction-rotor halves, as shown in Fig. 78.

The cylinder rotor is mounted directly on the central valve spindle or
pintle by means of ultraprecision Timken roller bearings, preloaded so
that there is no looseness or clearance within the bearing. Clearances and
pintle deflection are so calculated that there is no contact between rotor
and pintle, even at heavy loading, and consequently wear or seizing
between these parts is impossible. The original setup of the pintle bear-
ings may be restored or maintained by means of the adjusting nut on the
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Fia.

ne., Mount Gilead, Okhio,)

78. Piston and guide block. (Hydro-Power T

F1a. 79. Hydro-Power radial pump.

(Hydro-Power I ne.)
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outside of the pintle hub, by which
the pintle may be drawn toward
the pintle end cover, thus taking up
any looseness in the bearings. The
pintle is a close sliding fit in the
pintle end cover and has passages
and valve slots of conventional
design. The shift ring, which con-
tains the reaction-rotor assembly,
may be shifted, as shown in Fig. 79,
by means of control rods threaded
in suitable bosses and extending to
the outside of the casing.

Various controls may be applied
to operate the shift ring by manual
or automatic means. The pump
may be equipped with an integrally
mounted slippage pump, as shown
in Fig. 79. An ingenious arrange-
ment permits driving an auxiliary
pump from one of the slippage-
pump gears. The auxiliary pump
provides hydraulic pressure for
auxiliary lubrication, servo controls,

F16. 80. Integral slippage pump.

Power Inc.)

F1a. 81, The Hydro-Power radial pump. (Hydro-Power Inc.)

(Hydro-
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and other purposes. An exterior view of the pump is shown in Fig.
81.

The pumps are being manufactured in a range of sizes from 114 to 185
gpm. One-way and reversible models are available. The pumps are
conservatively rated at 2,500 psi, but have successfully operated at 3,000
psi and higher. The full range of variable-delivery pumps is shown in
Fig. 82, containing the essential dimensions and pertinent data.

For heavy-duty service, oil of 750 to 1,000 SSU at 100°F is recom-
mended. Ordinarily, maximum oil temperature recommended is 120°F.
Pumps have been successfully operated at temperatures as high as 150°F.

The Oilgear Pump. This pump is manufactured by the Oilgear Com-
pany, Milwaukee, Wis. The company is a pioneer in the introduction of
fluid power feeds and their industrial applications. The pump has under-
gone a process of evolution and simplification culminating in the present
design, based on the rolling-piston principle. A single, simple piece of
ingeniously machined steel in the form of a rolling piston reacting on a
steel ring has reduced the number of working parts to a minimum and
makes possible smooth quiet and positive reciprocating motion at high
speeds and varying strokes. Both variable- and fixed-displacement units
are available.

VARIABLE-DISPLACEMENT UNITS. The variable-displacement units, as
shown in Fig. 83, consist of a pintle, a cylinder barrel with seven or more
closely fitted pistons, one or more reaction rings, and a rotor and slide block.
The cylinder barrel, lined with an antifriction metal, rotates on a fixed,
closely fitted pintle, made of alloy steel, hardened and ground, which is
pressed into the case. A floating coupling shaft, splined to the input
shaft, which is mounted on antifriction bearings, drives the cylinder
barrel. Centrifugal force, which may be augmented by back pressure
from the built-in gear pump or from return oil, keeps the convex surfaces
of the rolling pistons (made of roller-bearing alloy steel, hardened and
ground) against the concave surface in the reactionringat all times. The
rotor and rotor head, which contain the reaction rings, are mounted on
large antifriction bearings and rotate with the cylinder barrel through
contact of the rolling pistons against the reaction rings. A slide block
mounted between four horizontal ways in the case and connected to the
control mechanism carries the complete rotor unit and is used to vary the
stroke of the pistons.

In Fig. 83 a handwheel screw control is shown that consists of a large
screw flanged to the slide block, a long working nut, a handwheel, and
lock nut. This handwheel provides accurate control of slide-block posi-
tion and hence of the volume of oil displaced. Compression springs
opposing the control hold the slide block firmly against the control
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mechanism. Other controls are available for either manual or automatic
actuation of the shift block; these will be discussed in Sec. 6 of this
chapter.

A gear pump is built in the front housing for operating hydraulic
controls, lubricating cylinder and pintle, and supplying make-up oil to
the main system. On one-way variable-displacement pumps, a combined
suction and return valve is flanged to the bottom of the case. Two-way

s bandelits Goanslirn an vr e e

Fia. 83. Oilgear variable-delivery pump. (The Oilgear Co., M Uwaukee, Wis.)
variable-displacement pumps use an automatic two-way suction and
return valve.

Pumps are equipped with built-in relief valves for limiting the pressure
of the variable-displacement unit and auxiliary gear pump.

The operating principle is very similar to that of the other makes dis-
cussed in this chapter. A unique part is played by the rolling pistons
and illustrated in the following. When the center lines of cylinder and
rotor coincide (see Fig. 84), no reciprocating motion is imparted to
pistons as unit rotates, so no oil is delivered. As the slide-block-and-
rotor unit is moved to the left by control mechanism (see Fig. 85),
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Fig. 85. Maximum-stroke position of Oilgear pump, left-hand. (The Oigear Co., M-
waukee, Wis.)

reciprocating motion is so imparted to the pistons that those passing
over the upper port in pintle are delivering oil to that port, while those
passing over the lower port are sucking or filling up with oil. When the
center lines of cylinder and rotor do not coincide, the differences between
the radii from the center of cylinder to points of contact of the several
piston heads with the conical reaction-ring surface in the rotor unit cause
the piston heads to move faster or slower than their points of contact
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with the reaction ring. This difference in speed is adjusted by slow
partial rotation of each piston in its bore, in one direction during one
half revolution and in the opposite direction during the other half revolu-
tion. The pistons thus rotate and reciprocate simultaneously.

As the slide-block-and-rotor unit is moved to the right of the cylin-
der-barrel center line by the control mechanism (see Fig. 86), recip-
rocating motion is so imparted to the pistons that those passing over
the lower port in pintle are delivering oil to that port, while those passing
over the upper port are sucking or filling up with oil. The position and
movement of slide block are controlled very accurately, thus permitting

Fic. 86. Maximum-stroke position of Oilgéar pump, right-hand. (The Oilgear Co.,
Milwaukee, W1s.)

the oil delivery to be varied smoothly over a stepless range in either
direction from zero to maximum.

The reciprocating motion of the pistons is modified harmonic, very
similar to the Hele-Shaw pump, illustrated in Fig. 74. A further modifi-
cation is caused by the fact that the contact point between piston and
rotor continually changes, thus changing the length of the connecting
rod. The correction due to this is minute and need not be taken into
consideration.

O1LGEAR CONSTANT-DISPLACEMENT Pumps. Figure 87 shows the
company’s constant-displacement pump. The unit operates on the
same principle as the variable-displacement unit, except that the reaction-
rotor bearings are mounted in the pump housing instead of in a slide
block, and their center is offset a fixed amount relative to the cylinder-
block center. Pumping action takes place by revolving the cylinder
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barrel as in the variable-displacement unit. The pump is equipped with
an external flange-type relief valve for limiting the pressure in the
system. They may be furnished with or without auxiliary gear pump.

Oilgear units show excellent efficiencies over a wide range. Over-all
efficiencies reach 90 per cent in their low-pressure series of pumps. Oil
recommended by the manufacturer for the majority of the units when
operating at temperatures above 45°F should have a viscosity of about
300 SSU at 100°F.

Three series of pumps are offered: Series 1,100 for pressures of 1,100
psi continuous to 1,350 psi peak; Series 1,700 for 1,700 continuous to
2,050 peak; and Series 2,500 for 2,500 continuous to 3,000 peak. Oper-

Fia. 87. Constant-delivery Oilgear pu‘mp. (The Oilgear Co., Milwaukee, W1s.)

ating speeds are from 1,200 to 900 rpm according to size. Pumps range
n capacity from 1.7 gpm for the smallest to 108 gpm for the largest unit.
Both one- and two-way (reversible-discharge) variable-delivery pumps
and constant-dclivery pumps are available in these sizes and capacities.

The company also offers a line of one- and two-way variable- and con-
stant-delivery duplex pumps, consisting of a radial piston pump - of
standard design and a large-volume low-pressure (300 psi) gear pump.
These pumps are available in various sizes and pressures having normal
high-pressure rating from 2 to 60 hp. The combined discharge from the
gear pump and radial piston pump provides a large volume for rapid
traverse at pressures up to 300 psi. When the maximum rapid-traverse
pressure is reached, the gear-pump volume is automatically by-passed,
and only the radial-piston-pump volume is discharged.

Both the low-pressure gear pump and the high-pressure radial-piston-
type pump are compactly arranged in one case. An automatic unloading
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valve for by-passing the full gear-pump volume is built into the drive-
shaft housing. The combined capacity of both pumps flows in one
direction and is piped into one common connection. This combined
volume is usually reversed or by-passed through an external control
valve. All control devices available for the radial-pump units may be
supplied with this combination. ~

Ax1AL PLUNGER Puwmps

Axial plunger pumps were originally developed for use as pressure
generators in connection with hydraulic transmissions and have not
found the wide general-purpose applications for generating hydraulic
pressure that the radial type has. As a general principle, axial plunger
pumps are capable of producing large capacities at relatively low pressures
and are less bulky but mechanically more complicated than the radial
type. Units now offered operate with casings filled with oil, while the
radial units operate with the case drained.

The outstanding representatives of this design of rotary pump are
the Vickers and Waterbury units, both of which are offered as pumps and
transmissions. Since hydraulic motors and transmissions will be dealt
with in Chap. VIII, only pumps will be discussed in the following.

. The operation and construction of this type of pump may best be
explained by referring to the well-known Waterbury unit made by the
Waterbury Tool Co., Waterbury, Conn. Figure 88 shows the pumping
unit in sectional elevation. All working parts are enclosed within the
case casting, the open or large end of which is bolted by long case bolts
to the valve plate. The outer end of the case carries a bushing for the
main shaft and a stuffing box to make the shaft oiltight. The case is
filled with oil to lubricate the moving parts and to make up any leakage
from the oil used to transmit the power. An expansion tank may be
provided to supply an additional volume of oil for make-up and leakage
losses and to care for differential areas in the hydraulic devices operated
by the pump.

Valve Plate. The valve plate, shown in Fig. 89, has a carefully pre-
pared surface against which the cylinder barrel rotates, and it carries two
semiannular passages, which receive and discharge oil from the cylinders.
As the cylinder barrel rotates, the cylinder ports pass in succession over
the valve-plate ports, thus providing one port to receive oil and the other
to discharge oil to the cylinder.

The valve plate is provided with two relief valves, which are usually
set at 1,000 psi. These relief valves also have in them small check valves,
called ‘‘replenishing valves,” which will admit make-up oil from the
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Fie. 88. The Waterbury variable-delivery pump. (Waterbury Tool, Division of Vickers
Inc., Waterbury, Conn.)

Fic. 89. Valve plate. (Waterbury Tool, Division of Vickers Inc., Waterbury, Conn.)

case to the low-pressure side, if needed. The valve plate also carries the
outer race for the bearing supporting the main shaft.

Tilting Box. The purpose of the tilting box is to carry a thrust roller
bearing against which the socket ring may rotate at the desired angle to
the shaft. The tilting box is suspended and may be oscillated on two
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trunnions formed on the box, which bear in bronze-bushed seats in the
case. The output of the pump is governed by the angle of the tilting
box. Projecting from the back of the box is a pin on which the trunnion
block of the control shaft operates. The control shaft tilts the tilting
box on its trunnions in either direction from the perpendicular, and this
governs direction and capacity of pump output. The control consists of
a threaded nut, a control shaft or screw. and suitable bearings. The
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Fie. 90. Tilting box. (Waterbury Tool, Fis.91. Control screw. (Waterbury
Diviston of Vickers Inc., Waterbury, Conn.) Tool, Division of Vickers Inc.,
Waterbury, Conn.)
threaded nut is held by its flange or collar between two thrust rings, one
resting on the case and the other held by the control-nut bearing (see
Fig. 91).

The threaded part of the control nut operates the screw, which is
held from rotating by a spline and which carries a trunnion block in a
housing on its lower end. This trunnion block can rotate in the housing
and slide on the pin attached to the tilting box. As the control nut is
turned, the control shaft is moved up or down, carrying with it the
trunnion block, thereby changing the angle of the tilting box. Other
types of control for manual or automatic actuation of the tilting box may
be supplied.
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Drive Shaft. The drive shaft rotates in a bushing in the case and in a
roller bearing in the valve plate. Its inner end bears against the inter-
shaft disk to locate it endwise and should have a reasonable play. At the
socket ring, it is formed into a closed yoke to form part of the universal
joint with the socket ring. The shaft carries the cylinder barrel and
rotates it by two barrel keys fitting in holes in the shaft. A barrel nut is
threaded on, and its only function is to prevent the barrel from slipping
off when rotating parts are removed from or assembled in the case.

Cylinder Barrel. The cylinder barrel contains seven or more cylinders
ground to size and is keyed to the shaft by the barrel keys. A barrel

1. 92. Socket ring and main-shaft group. (Waterbury Tool, Division of Vickers Inc.,
Waterbury, Conn.)

spring between the back of the barrel and a collar on the shaft holds the
barrel against the valve plate when not under pressure. When in opera-
tion, the cylinder barrel is held against the valve plate by the pressure on
the dlfference in areas between the cylinder and port.

Pistons. The pistons are ground to a good working fit in the cylinder
bores. Each piston is connected to the socket ring by a connecting rod
having spherical ends and drilled throughout its length to admit oil from
the high-pressure system to the two end bearings. The two ends of the
connecting rod are held by split end-bushings and threaded cap nuts.

The socket ring is provided with seven or more bronze sockets to
receive the connecting rods. On the back, the socket ring has one race of
a roller bearing that transmits the thrust of the pistons. The body of
the socket ring has inward projections forming pockets for the main-shaft-
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trunnion bearing blocks, which are secured by taper pins. The shaft
and the socket ring are connected by a universal joint consisting of a shaft-
trunnioned block. This rotates through a limited angle in the bearing
block in the sacket ring and carries a pin that rotates in a bushing in the
main shaft, making a form of Hooke’s joint.

Operation. In Fig. 88, with the tilting box and socket ring set at the
neutral position; that is, perpendicular to the shaft, rotation of the shaft
will carry around with it the socket ring, cylinder barrel, pistons, and
connecting rods, but the pistons will not reciprocate. Therefore, there
is no displacement of oil. If now the control nut is turned a little to
move the top of the tilting box away from the valve plate, with the shaft
turning clockwise, all the pistons, as they move down on the far side of
the machine, will force oil through the port in the far side of the valve
plate. Likewise, all the pistons, as they move up on the near side, will
slide away from the valve plate and suck oil through the port in the near
side of the valve plate. The far port will thus be under pressure while
the near port is in suction.

It may be readily seen that the amount of oil pumped is proportional
to the tilting-box angle. Also, if the tilting box were tilted toward the
valve plate, the drive shaft rotating as before, the movement of oil
through the valve plate ports would be reversed.

Displacement, Power, and Efficiency. The displacement of an axial
plunger pump may be computed in the same manner as that of a radial
pump [see Eq. (40)]. Average displacement of all pistons is

Q= 2¢AnN
= 7231 gpm

where e = eccentricity = R tan g

B = maximum swash-plate angle (usually 20°)

R = radius of piston circle (neglecting connecting-rod tilt)
Horsepower and efficiencies may be expressed in the same terms as shown
in Eqgs. (2) to (7) in this chapter. Efficiencies of this type of pump are
very high. Waterbury pumps show efficiencies of 90 per cent over a
range of 60 to 120 per cent of maximum load. At lower load percentages,
efficiencies drop rapidly. The Vickers pump shows efficiency well over 80
per cent at as low as 20 per cent of rated load, and has volumetric effi-
ciency of 95 per cent at 2,500 psi.

The reason for these excellent efficiencies lies in the following:

1. Minimum leakage loss due to hydraulically balanced valve plate and
closely fitted pistons

2. Use of antifriction bearings and properly fitted connecting rods (no
sliding friction)
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Oil of about 320 SSU viscosity at 100°F is recommended by the
manufacturers for this type of pumping unit. The best working tem-
perature is about 120°F, and temperature of 155°F should not be exceeded.
For continuous duty, the Waterbury unit is provided with cooling coils
mounted inside the case and surrounding the cylinder rotor.

Hydraulic Working Pressure. Horizontal plunger pumps are pri-
marily low-pressure large-displacement units. Waterbury pumps are
designed for 400 psi continuous duty, with 500 psi intermittent service,
and 1,000 psi starting duty.

The Waterbury units are available in the sizes shown in Table V.

TaBLE V
Size no. Speed, rpm Working horse- ('J.apacity,' Approx, weight,
power (cont.) cu in per min b

2 900 8 8,000 200

5 600 12 14,000 260

10 550 24 27,000 450

20 500 40 48,000 850

50 400 80 99,000 2,000
150 250 160 170,000 4,900
172 350 300 272,100 13,300

Vickers pumps are rated at much higher working pressure, comparable
with that of the radial type of pump.

Materials of Construction; Design of Pump. Horizontal plunger
pumps are precision machines built from the finest materials available
and with precision workmanship. Low-pressure units employ semisteel
cylinder rotors and valve plates with gray-iron pistons. Connecting
rods are steel forgings carburized and hardened. Bearing sockets are
bronze, and bronze retainers for connecting rods are employed with steel
retaining nuts. Drive shafts are steel forgings. The socket ring or
swash plate is also a steel forging mounted on roller bearings for axial
thrust load.

Problems encountered in the design of this type of unit may best be
illustrated by proceeding with a calculation to establish the main dimen-
sions of a unit. '

Ezample: Let us assume that we wish to design a unit of 43-gpm capacity at a
maximum pressure of 1,000 psi. Total efficiency is assumed to be 90 per cent and
we have

_ Q0 X 0.000583p _ 43 X 0.000583 X 1,000

HP o 0.90

= 28 hp
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The geometric capacity of the pump at 900 rpm is 43/0.95 = 4514 gpm at 95 per cent
efficiency. With Q, = 4514 gpm, n = 900 rpm, and N = 7, we have from Eq. (40)

Ao = 155 X 231

3% 7 x 900 ~ 034

To determine piston diameters and stroke, we proceed as follows: With a maximum
swash-plate angle 8 = 20°, we have

¢ = R tan 20° = 0.364R

The pistons are arranged with their centers circumferentially spaced on a circle of
radius R. Assuming that 75 per cent of the circumference is occupied by cylinders,
we have witl seven pistons

0.75 X 360

d = 2R sin T2

= 0.66R
and since Ae = wd%/4 = 0.84, we have, by substitution,

§=mmm=am
from which follows
R = V68 =1.89
and
d =11 e = 11¢1in,

With the displacement of the pump thus determined we proceed to compute the
valve-plate slot area and the dimensions of the lap spaces. Slotted ports are provided
in the bottoms of the cylinder bores to communicate with corresponding crescent-
shaped slots in the valve plate. We compute the area of the ports as follows.
Approximately, neglecting certain corrections that will be dealt with in Chap. VIII,
the velocity of the pistons is sinusoidal, the same as shown in the case of a radial
pump.

Q1 = Awe sin wt

Q1 max (for sin wt = 1) = Awe = 4-9—2(%1 cu in. per sec
With ¢ = 0.6875, n = 900, and A = 1.22, we have
1.22 X 0.688 X 2= X 900 .
Q1 mux = 80 = 79 cu in. per sec

With port slots 7{¢ in. wide and 1} in. long, the port arca becomes 0.55 8q in. and the
port velocity 79/0.565 X 12 = 12 ft per sec. This is quite high but permissible owing
to the short path and to the fact that it occurs at a peak in the piston travel.

The land area on the port plate must be so dimensioned that the hydraulic pressure
existing on it will approximately balance the pressure exerted against the bottom of the
cylinder holes. For this, the following empirical relationships are given:

ANm — 8(m — 1) = (d® — a?®)r 41)
and

b—a
d—-c=0'8 (42)
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where A = area of piston
N = number of pistons
= area of port annulus, all around
= pressure-ratio factor
radius of inner edge of pressure surface
= radius of inner edge of port annulus
= radius of outer edge of port annulus
d = radius of outer edge of pressure surface
m = 1.6 to 1.8 on pumps. (On motors, m = 1.1 on 45° each side of center of land.)
With a port-annulus width of 7{¢ in. and a pitch radius of B = 174 in., we have

a8 S

b =1214, and c =244
S = 13.77 — 8.62 = 5.15 8q in.
m =18
AN = 8.5
Therefore

m(d? —a?) =85 X 1.8 —5.15 X 0.8 = 11.18 sq in.
With d = 234, we have a = 17{¢. Then

b—-—a 7
a“‘__'(‘: —§=0.78

The outside diameter of the cylinder rotor is 514 in.  As shown in Fig. 93, the port-
plate outside diameter is made to match
the cylinder-rotor diameter and is sub-
divided into a number of segments,
vented to the casing to serve as addi-
tional support for the rotor thrust.
The surfaces of the segments should be
slightly tapered, as in Fig. 76, to facili-
tate creation of a pressure-sustaining oil

film, .
Suction pipe area at 5 ft per sec =

45 x 231 2.98qin

12 X 5 x 60 <78

Two-inch pipe connections with Sched-
ule 80 pipe will be required. Connect-
ing-rod length L, with an L/e ratio of
4:1, equals 237 in. Socket diameter of
connecting rods is approximately one- Fig. 93. Port-plate dimensions.

half piston diameter, or 3§ in.

Connecting rods are provided with axially drilled holes to permit lubrication of
socket-ring bearings. These holes communicate with corresponding holes in the
piston so that oil under pressure may be supplied. Bearing pressure on connecting
rods is 4,000 psi. Connecting-rod diameter is approximately 3¢ in. Compressive
stress in connecting rods is 16,000 psi.

2.75

- o078 ~ 30

Slenderness ratio =
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. . . S 100,000
Critical buckling load (Rankine’s formula) p = 1 ¥ (13/6.250r%) =1+ 12004, .0
_ = 85,000
Safety factor against buckling = %%%gg = 5—1:-3

Connecting rods are made from carburized and hardened alloy steel.

The socket ring is a steel forging operating on thrust and radial roller bearings.
Roller bearings should be designed so that roller length does not exceed roller diameter,
and arrangement and spacing of thrust rollers should be such that rollers will not
“track” on race surfaces. The design of this type of bearing is a problem outside
the scope of this text and need not be elaborated upon in detail. It may suffice to
say that the thrust bearing should be designed for a total load of 8,500 cos 8 = 8,000 1b,
and the radial bearing for 4,880 sin 8 = 1,660 lb. The socket-ring bearings are
mounted in the tilting block, which is a steel casting carricd on trunnions in the
housing of the pump.

The drive-shaft diameter selected is 114 in. in bearing, 1}; in. at end. Torsional
stress (bottom of keyway) is

5,250 X 28 X 12 X 16
X 900 X (74)3

= 15,000 psi

The drive shaft is forked in center to receive the trunnion block of the universal joint
driving the swash plate. The shaft drives the cylinder barrel by means of kevs with
spherical surfaces to permit a slight angular displacement of the cylinder barrel to
allow for the difference in oil-film thickness between suction and discharge.

The barrel spring must have sufficient strength to permit the pistons to draw a
vacuum in the cylinders without air infiltration. We calculate the spring force at a
pressure of 15 psi on the net piston area of 0.67 X 7 sq in,, or 70 1b. The inner end
of the drive shaft is supported by a standard roller bearing of 25-mm bore and 62-mm
OD.

No mention has been made in the preceding analysis of the fact that
the action of the universal joint introduces a variation in the rotating
speed of the swash plate, which introduces irregularities in the pump
output. Ordinarily, with the pump used as pressure generator, these
variations are not serious. In case of a transmission with the motor
running at very slow speed, the variation becomes quite noticeable and
may be compensated for by altering the circumferential or radial spacing
of the cylinders. This problem will be dealt with in further detail in
Chap. VIIIL.

The Vickers unit, described in the following, avoids this difficulty by
tilting the cylinder barrel rather than the socket ring, thus maintaining
uniform angular velocity of the connecting-rod sockets.

The Vickers Axial Plunger Pump. This design, originally developed
by Professor Thoma in Germany, is being manufactured by Vickers Inc.
in Detroit. Redesigned by Vickers engineers, the pump has been
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ingeniously adapted to automotive production methods and is capable of
sustaining high operating pressures at unusually high rotative speeds.

As shown in Fig. 94, the socket ring is made in one piece with the drive
shaft. The drive shaft is carried in roller and ball bearings to care for
both thrust and radial loads. Connecting rods are mounted in brass
sockets in the socket ring and are hardened and ground steel forgings.
The other end of the connecting rod is secured in the piston, which is also
hardened and ground. Vickers employs bronze cylinder barrels and
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¥1a. 94. Vickers axial plunger pump. (Vickers Inc., Detroit, Mich.)

hardened steel port plates. An ingenious arrangement permits operation
at high working pressure by utilizing the maximum-sized piston rod and
socket that the design can accommodate. To this end, the pistons are
bored out for minimum permissible wall thickness, and instead of using
retaining nuts, the pistons are merely crimped over the connecting-rod
ball. Similarly, the opposite end of the rod is inserted in a brass socket,
force-fitted in the socket ring, and the brass socket is crimped over. . Thus
the body diameter of the rod may be made as large as perhaps one-half
the piston diameter, which results in manageable stresses even at pressures
as high as 3,000 psi.
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The barrel is driven from the drive shaft by an ingeniously designed
universal joint shaft. This shaft has spherical ends with pins going
through the center of the sphere, which is flattened perpendicularly to
the pin axis. The pin carries two square sliding blocks, which fit into
slots in a drive bushing that is inserted into the cylinder rotor and drives
the rotor by means of projections engaging the slots. The cylinder
barrel is carried through a ball bearing on a pin that passes through the
port plate and secures the rotor to the port plate. A spring is interposed
between the head c¢f the pin and the barrel to hold the barrel to the port
plate with a force sufficient to secure proper operation and maintainance
of suction. Port plate is carried on a swiveling yoke, which may be

e sm—— s 4 e
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Fia. 95. Dfive-shaft and cylinder-barrel a’rrahgement. (Vickers Inc., Detroit, Mich.)

tilted to produce piston stroke and delivery. Passages are carried
around and into the hollow trunnipns that support the yoke. Pipe
flanges are attached to these trunnions for suction and discharge. Figure
95 shows the arrangement of driving mechanism and cylinder barrel
removed from the pump housing.

Very high rotative speeds are recommended by the manufacturer of
this unit. As a result port velocities become unmanageable and super-
charging must be resorted to to utilize the full rated capacity of the
pumps. Vickers vane-type pumps are recommended for this purpose.
The largest models are provided with power take-off for flange-mounted
supercharging pumps. Approximately two-thirds of the rated delivery
is obtainable with conventional suction or gravity supply.

Vickers pumps are available in capacities ranging from 5 gpm at 1,800
rpm to 340 gpm at 900 rpm. They may be equipped with any of a
number of suitable controls, which will be discussed in Sec. 6 of this chap-
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ter. Oil of 315 SSU viscosity at 100°F is recommended by the manufac-
turer, with oil temperature not to exceed 155°F.

Figure 96 shows installation dimensions of the line of pumps equipped
with handwheel stroke-adjustment control.

The Sundstrand PW and PWX Feed Pump. A unique axial plunger
pump for machine-tool feed service has been developed by the Sundstrand
Machine Tool Co., Rockford, Ill.

The unit consists of the company’s Rota Roll pump, previously
described, which serves as rapid-traverse and supercharging pump,
together with the axial-plunger-type, variable-delivery pump, all com-
pactly assembled in one housing. The PWX pump also contains all
necessary control valves in the same housing, making a complete self-
contained feed unit, requiring only a pilot valve and piping to operate the
machine. The PW unit contains the pumps only, the operating and
control valves being mounted separately.

The variable-displacement or feed pump may provide one, two, or
three rates of feed, all adjustable from zero to maximum. The operating
principle of the pump is shown in Fig. 97. In this design, the swash-
plate does not revolve, but is given a wobbling movement by the eccentric
on the drive shaft. The end of the swash-plate shank carries a ball bear-
ing with spherical outer race operating in an angular bore in the drive-
shaft head. The opposite end of the swash plate is mounted on a
spherical trunnion, which in turn is carried by a hydraulic piston that
permits adjustment of the trunnion in axial direction. Adjustable limit
stops locate the trunnion in either one of two extreme positions, resulting
in two feed adjustments. It may be seen readily that the wobbling
motion of the swash plate imparts reciprocating movement to the pistons,
the amount of piston stroke depending upon the eccentricity of the swash-
plate shank. This eccentricity in turn is altered by the axial location of
the trunnion. One important characteristic of this design, which dis-
tinguishes it from all others, is that at very short strokes the clearance
space between pistons and valves is at a minimum, reducing oil com-
pression in the pump cylinders and contributing materially to the
accuracy of feeding.

Check valves of conventional design take the place of the customarily
used pintle or valve plate. The constant-displacement pump charges
the piston pump, and the oil pressure keeps the pistons in contact with
the swash plate. An exterior view of the unit is shown in Fig. 98.

PWX units are available in six models, with feeds in one or both
directions and feed-pump capacities of 250 and 450 cu in. per min, and
rapid-traverse capacity up to 4,300 cu in. per min. Operating speed for
all sizes is 1,200 rpm. Pressure developed is 1,000 psi maximum for the
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MR

Fiu. 97.  Sectional view of PWX pumping unit. (Sundstrand Machine Tool Co., Rockford,
)

Fra. 98. The PWX-series pumping unit. (Sundstrand Machine Tool Co., Rockford, Ill.)

piston pump and 750 psi for the rapid-traverse pump. Oil of 150 SSU
viscosity at 100°F is recommended.

6. INSTALLATION AND OPERATION CF HYDRAULIC PUMPS

Operating Oil. Pumps described in the preceding sections of this
chapter are precision-made pieces of equipment, constructed of the finest
materials available and fitted with close clearances for efficient operation
and minimum leakage. This fact should be continually kept in mind by
those designing hydraulic systems and installing and using these units.
Recommendations given by the manufacturers for oils to be used should
be strictly adhered to. This text contains information on and require-

_ments for oils suitable for use in these units. Only the best and highest
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grades of lubricating oils should be considered for operation of these
pumps.

Oil-tank Design and Capacities. OQil reservoirs may be designed to
form the base for pump and motor. Either cast-iron or welded-steel
construction is satisfactory. The design must provide for cleanout
openings sufficiently large to permit thorough cleaning of tanks. It is
essential to have all openings properly gasketed and sealed to prevent
entrance of dirt and grit. The tanks must be vented to the atmosphere
to permit the pump to draw oil by suction. For these vent openings,
combined strainers and air vents have been designed by Vickers Inc. and
others, which permit filling the oil tanks by pouring oil through a strainer,
which at the same time serves as air vent. Commercial types of air
filters, such as the AC or Airmaze, may also be used for this purpose.
Visual indication of oil level should be provided by sight glasses or oil-
level gauges. All oil lines entering the reservoir should be carried well
below the oil level to prevent air infiltration. Tanks should be baffled
near inlet or suction openings to prevent agitation of the oil. In some
hydraulic circuits, auxiliary tanks are used that serve to prefill the
hydraulic cylinder during a portion of its travel. Generally, prefill
tanks operate by gravity or suction. Air vents must be large enough to
permit an intake of air corresponding to the withdrawal of oil from the
tanks. In some installations, this may lead to sizable units. Oil-bath-
type air filters, as made by the Airmaze Corporation, Cleveland, Ohio,
have been found very satisfactory for this purpose. The size of the
filter connection should be about one-half that of the prefill valve.

Tank Capacities. Capacity of oil tanks used with hydraulic pumps
and transmissions must be sufficient to permit operation of pumps at
reasonable temperatures, prevent air infiltration, and permit escaping air
to reach the surface. Tank sizes actually employed are largely empirical,
depending upon the capacity of the pumps, frequency of operation,
absence or presence of heat-generating devices such as chokes and
metering valves, magnitude of hydraulic pressure, etc. In general, tank
capacities should never be less than the capacity of the pump or pumps
for 1 min. In most cases, tanks having a capacity of from twice to three
times the pump capacity per minute will be found satisfactory. Installa-
tions using large operating cylinders requiring great volume changes must
have tanks large enough to care for these additional requirements. Pre-
fill tanks should have a capacity of three times the cylinder volume that
they supply.

Oil Temperatures. Manufacturers’ recommendations for oil tem-
peratures are given in this text. In general, temperatures of 150°F
should not be exceeded for oil hydraulic installations. Heavy pressure
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systems employing radial plunger pumps are held to temperatures of
120°F and less to prevent excessive slippage at the higher temperatures.
For this reason, water cooling must be resorted to in some installations.
Whether water cooling should be used on any particular installation is
determined by requirements, type of service, and custom. Generally,
medium-pressure circuits employing rotary-type pumps at pressures of
1,000 psi and less do not require water cooling. Hydraulically operated
machine tools are rarely equipped with cooling systems, although recently
some heavy-duty metal-working machines have appeared employing
this means of oil-temperature control. Oil hydraulic presses employing
high pressures are generally equipped with water coolers. Hydraulic
transmissions operating continuously under heavy load are sometimes
water-cooled.

The following empirical rule may be used to determine the necessity
for and the amount of cooling required. The heat that is generated in a
hydraulic system may, in general, be assumed to be the equivalent of
about 20 per cent of the connected horsepower. The figure may vary
considerably above or below this amount, depending upon the efficiency
of the pump and circuit, the existence of heat-generating devices, ete.
The pumping unit, hydraulic cylinders, reservoir, and piping may serve
to dissipate most or all of this amount, depending upon conditions. For
medium-pressure installations with moderate service, oil tanks in accord-
ance with the recommendations of this paragraph will generally dissipate
the heat generated in the hydraulic system. A heat-transfer coefficient
of about 2 Btu per °F per sq ft per hr may be used to calculate heat
dissipation.

Heat dissipation by natural radiation may be assisted by installation
of water cooling coils in the oil tank. This is a low-cost but not very
efficient means and is economical only for small installations. Copper
coils may be used for this purpose. Coils of this type will dissipate 10 to
15 Btu per hr per °F per sq ft of surface.

Heavy-duty high-pressure installations should be equipped with oil
coolers and circulating pumps. Several makes of coolers are available
that have given satisfactory service. Figure 99 shows the cooler made by
the Harrison Radiator Co., Division of General Motors, Lockport, N.Y.
The unit consists of a series of cooling plates enclosed in a cast-metal
housing. The individual plate consists of an upper and lower stamping
of nonferrous metal alloy, which encloses a distributor strip that breaks
up the oil stream and adds to the structural strength. Several of the
‘plates are assembled to form the cooling element or core, the plates being
so spaced that the cooling water circulates freely over the exposed
surfaces. The header plate is added, and the entire core assembly is
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copper brazed in a deoxidized atmosphere. The assembly is mounted in
a cast housing with a cast cover plate suitably gasketed to prevent water
leakage. Cooling water passes through the housing. The unit will
withstand reciprocating pressures up to 75 psi and constant pressure up

Fi1a. 99. Harrison plate-type oil cooler. (Harrison Radiator Co., Lockport, N.Y.)

to 150 psi. Harrison coolers are available in eight sizes to meet any

requirement within normal operating range of hydraulic equipment.
Table VI contains recommendations for coolers and circulating-pump

capacities. It must be remembered that at lower temperatures and/or

TaBLE VI. CoorLer Sizis AND CIRCULATING-PUMP CAPACITIES®

Size of cooler | Oil flow, gpm Ol p;(;?suro, 311‘10;:“:{; B(t:l:)a::tg\’in Hp
HE 206 3% 5 10.4 128 3.0
HE 209 3% 34 11.6 140 3.2
HE 212 313 313 12.4 158 3.6 °
HE 45 5 5 10.8 180 4.2
HE 50 10 % 12.8 400 9.4
HE 60 15 7 16 800 18.1
HE 70 25 7% 16.8 1,400 33
I 80 35 8 17.6 2,000 47

* Based on average conditions, and the following data:
Oil viscosity, 350 to 500 SSU at 100°F
Oil temperature entering cooler, 130°F
Cooling-water-to-oil flow ratio, 2:1
Cooling-water temperature, 75°F,
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with more viscous oils much higher pressures are developed in these
coolers. Circulating pumps, if separately driven, should not be under-
motored for this reason, and care must be used not to exceed the pressure
rating of the coolers, especially in reciprocating service.

Most radial- and axial-plunger-type pumps are equipped with auxiliary
pumps that may be used to circulate oil through the cooler. Tapped
holes are provided for this purpose on the Oilgear unit to take off oil flow
for coolers and pipe it back into the pump housing. Similarly, gear pilot
pumps supplied with the Hydro-Power units may be utilized for this
purpose. If we assume that the horsepower removed by cooling con-
stitutes one-fifth of the total connected horsepower, and if we figure
roughly 1 gal high-pressure output per connected horsepower, then the
circulating-pump capacity should be an average of 20 per cent of the
main-pump capacity. This will result in sufficient capacity for efficient
operation of auxiliary hydraulic controls, servo motors, etc., as will be
explained later. '

Another very satisfactory cooler is the Ross cooler, made by the Ross
Heater and Mfg. Co., Buffalo, N.Y. This unit is of the conventional
multiple-tube type, with tubes mounted in a housing between headers.
In the Ross cooler the water passes through the tubes and the oil around
them. Units are available of almost any capacity to meet any required
condition. Circulating oil capacities correspond to those worked out
for the Harrison coolers.

Oil cooling may be made automatic by the use of any of the number of
thermostatically controlled valves on the market. The author prefers
for this purpose electrically operated valves controlled by thermostatically
actuated switches.

Cleanliness. It will hardly be necessary to convince the reader who
has attentively followed the descriptions and instructions of this text that
utmost cleanliness and care in excluding dirt, grit, and foreign matter is
one of the essentials for the construction and operation of hydraulic units.
To this end, the greatest care must be used by the builder and user of
hydraulic units to exclude these enemies of a hydraulic system. All
castings should be pickled before machining to remove core sand and
carefully washed, and burrs, chips, and shavings must be removed after
machining. Oil-resisting paint should be applied to all inside surfaces
that are not finished. Heat-treated parts should be sandblasted to
remove scale. All machined parts should be degreased and treated with
dry film before being placed in stock. Assembly should proceed with
utmost cleanliness, and good housekeeping should prevail in the assembly
shop.

Similar precautions must be used in testing the units. Oil supply
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used in testing should be periodically filtered and renewed occasionally.
Testing of the units may be preceded with a reasonable run-in period,
gradually increasing pressure and/or speed until the rating is reached.
Temperature and power consumption should be checked and efficiency
of the unit determined. -

Before shipment all openings should be hermetically sealed. Plastic
pipe plugs are now available for this purpose that make a tight seal
excluding dirt and water and will not be mistaken for parts of the unit.

An equal responsibility for maintaining care and cleanliness rests upon
the users. When installing the units, care must be taken that the reser-
voirs, tanks, and parts of the system are absolutely clean. Pipes should
be pickled and examined for scale and residue. When repairs are
necessary on a hydraulic system, the workmen should be cautioned not
to track dirt and shavings off the floor into oil tanks or leave openings
uncovered in dirty and dusty atmosphere.

Some hydraulic systems are equipped with pressure oil filters operated
by the circulating pumps. These filters have merit where the amount of
oil in use is small, as in aircraft hydraulic systems and small machine
tools. In large hydraulic systems containing several hundred gallons of
oil, the author has found them of little value. The author does not
recommend suction-type oil filters. A good pressure filter for hydraulic
work is made by the Cuno Engineering Company of Meriden, Conn.

Loads and Speeds. It should be almost unnecessary to point out that
the manufacturer’s recommendations for operating speeds and pressures
should be rigorously observed. The temptation seems to be great to get
just the extra few hundred pounds or rpm, to use the next smaller unit,
to lower the cost, etc. Such practices will reap a bitter reward in pre-
mature wear, maintainance trouble, and loss of customer good will.
Most standard units now on the market will give excellent service when
operated within their rating and contain reasonable margins for opera-
tional overloads, but the designer should never attempt to borrow these
margins on his original specifications.

Great care should be taken to have suction lines of proper size and
without restrictions. Manufacturers’ recommendations should be fol-
lowed on the size of these lines. In general, suction lifts over 3 ft are not
recommended.

The preceding recommendations apply to all makes of pumps. For
the operation of variable- and reversible-delivery plunger pumps the
following is of importance. Variable-delivery pumps may be used as
one-way pumps with operating valves to reverse the flow to the operating
cylinder, or as two-way pumps where the reversal of flow is accomplished
by reversing the pump. With the former hookup, the flow through the
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pump is always in one direction. In this case, the pumps may be
mounted on reservoirs and supplied with oil by suction. The discharge
from the operating valve should be returned to the tank at a point
relatively remote from the location of the suction pipe or separated from
it by a baffle. In radial pumps, which operate with the case drained,
leakage or slippage drains from the bottom of the casing back into the
oil tank. For this purpose a tapped hole is provided in the bottom of the
pump casing. A pipe nipple may be screwed into this hole and terminates
above the oil level. If this nipple passes through a clearance hole in the
tank cover, it should be sealed to prevent entrance of dirt. Horizontal
plunger pumps operate with the case filled and are provided with overflow
vents. Pumps may also be supplied with suction oil from overhead
tanks. In this case, radial pumps are provided with a slippage or leakage
tank from which the slippage is removed by a scavenging pump and
returned to the overhead tank. Horizontal plunger pumps do not
require this provision, but are vented to the overhead tank. One-way
pumps may be connected in a closed circuit by connecting the return line
from the operating valve to the suction connection of the pump and
supercharging the entire system by means of an auxiliary rotary pump.
Differential oil between both sides of the actuated cylinder or hydraulic
motor is made up by the supercharging pump, or permitted to escape
through the auxiliary-pump relief valve. Generally a check or foot
valve in combination with auxiliary suction pipe is installed to ensure an
oil supply to the plunger pump independent of supercharging. Super-
charging pressures range from 35 to 65 psi.

In two-way, or reversing, pump systems we again find atmospheric
and supercharged systems. One of the characteristics of two-way pump
operation is that the oil is continually shuttled back and forth between
both sides of the system, which makes it difficult to prevent air accumula-
tion without keeping a positive head of oil on the entire system. On
nonsupercharged systems, therefore, pump and operated cylinder or
motor are often mounted below the oil tank to provide a measure of force
feeding of the oil. In that case, leakage drain from radial pumps is
returned to the overhead tank by an auxiliary scavenging pump.

In the application of supercharged systems, it should be remembered
that the supercharging pump must make up the volume due to the differ-
ence in area between both sides of the hydraulic cylinder operated by the
pump. Supercharging pumps built into plunger-pump units or driven by
power take-offs may not have sufficient capacity to supply this volume in
case of extremely large differentials, such as are often encountered in
hydraulic-press work. In such cases, recourse must be taken to auxiliary
atmospheric suction or extra-large supercharging pumps. Great care is
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indicated, when employing atmospheric suction, to prevent air accumula-
tion at high points in the system. Hydraulic cylinders with overhead
prefill tanks and prefill valves mounted at the highest point of the
cylinder are self-purging.

To summarize, the designer should remember that the four enemies of
an oil hydraulic system are

1. Dirt

2. Heat

3. Water

4. Air

Determination of Motor Size. The actual horsepower required to
operate a pump at a given pressure may be computed with the aid of the
formulas given in preceding sections or taken from information or tables
supplied by the manufacturer. Care should be taken to include power
consumption of auxiliary gear pumps, power-take-off devices, etc. With
the power for the peak loads determined, the size of motor may be
determined by computation of the rms horsepower.

Rms horsepower = P H.®+ P2 H2+ ... +

P,

o -® 2
100 100 100 H.> (43)
where Py, Py, . . ., P, is the percentage of time during which the
horsepowers H,, H,, . . . , H, are applied. Of course,
P1+P2+"°+Pn=100~

Rating of motor selected should not be less than the computed rms
horsepower. The motor thus determined must be checked for pull-out
torque. As a safe rule, the maximum torque required to operate the
pump at the heaviest loading should not exceed the normal rated running
torque of the motor by more than 100 per cent. The pull-out torques of
mcst commercially available electric motors are safely above this figure.
Caution is indicated where special motors are used, and motor manu-
facturers should be consulted. :

In general, belt or chain drives are not recommended for hydraulic
pumps, as no provisions are made for the bending loads imposed upon the
shafts. Some manufacturers permit operation of their pumps at reduced
pressures under these conditions. In all other cases, outboard bearings
must be resorted to, with pulleys mounted between two bearings and
pulley shaft coupled to pump shaft by flexible coupling. Connection
between motor and pump shaft is made by flexible coupling. Care
should be taken to align pumps and:motors properly to prevent vibration
and stresses.
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Almost all hydraulic pumps accompany their work with a certain
amount of noise. This is less pronounced in small low-pressure units
but may become quite obnoxious in large high-pressure pumps. Vane
pumps are the quietest running of the rotary type. Noise in rotary
plunger types may run from a slight whine to a pronounced humming or
buzzing sound typical for this type of unit. Provision of adequate ample
suction and freedom from entrained air will assist in reducing this noise.
Restriction in suction lines will produce loud rattling and hammering
noises. The author has found that abatement of the noise will be
facilitated by mounting units on subplates of heavy and substantial
section, which in turn are carried on rubber mountings such as those made
by U.S. Rubber Co. or Firestone. Natural frequencies of most rubber
mountings in their recommended deflection range are sufficiently low to
assure almost complete insulation from the rest of the machine, leaving
only air- and pipe-borne noises.

6. VARIABLE- AND REVERSIBLE-DELIVERY-PUMP CONTROLS

As previously shown, all variable-delivery pumps have sliding or
oscillating members to adjust the eccentricity of the pumping action and
thus vary the delivery. In order to produce adjustment of these mem-
bers, a number of controls has been developed by the builders of these
pumps, which may be applied interchangeably to their pumps to produce
shifting and adjustment movement, maintain given pressure and stroke
settings, etc. In the following, the basic controls available will be
described in the different forms in which they are embodied by the
respective manufacturers, and design information on some of the most
important will be given.

Stem Control. This control merely consists of a sliding stem or pin,
attached to the pump-shifting means, to which an external mechanism
may be attached to vary the volume or reverse the discharge. This type
of control is available for Vickers pumps and may also be supplied, in
modified form, with the Hele-Shaw pump, as shown in Fig. 77. In this
illustration, two stems are shown threaded in the pump shift rings, having
a yoke or crossbar attached to them. By connecting suitable actuating
mechanism to this crossbar, the position of the pump shift ring may be
adjusted. The force required to move the pump-stroke shift ring or
maintain it in its set position is, of course, of interest to the designer of
controls. In a radial pump having harmonic motion, the horizontal force
opposing or assisting stroke movement at any angle wt will be

i=N

F = pAzcos(wt + g’;) (44)

t=]1
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where A = area of one plunger
p = working pressure
N = number of pistons

If the summation is carried out for angles wt of 0 to 180°, it will be
found that the force fluctuates between +0.5pA and —0.5pA. The
total of all fluctuations cancels out over the arc of 180°. For purposes
of control design, a force F = 0.5pA to 0.75pA should be used to deal
with the peak variations. Mechanical or hydraulic actuating devices
should be designed to furnish this force.

Handwheel Control. A stem extension from the stroke-control cross-
head is threaded to receive a nut onto which is keyed a handwheel, by
means of which the location of the stroke crosshead may be adjusted.
Figure 83 illustrates the handwheel control of the Oilgear pump. The
springs shown on the end opposite the handwheel serve to eliminate
backlash and permit accurate stroke adjustment. Similar controls are
supplied by the manufacturers of other pumps. Ordinarily, these con-
trols serve as stroke adjustments for one-way delivery, but modifications
may be supplied for reversible delivery. The control locks the pump on a
fixed predetermined delivery, and relief valves are necessary to protect
the pump against overload.

Remote Adjustment of Stroke by Electric Motor. Instead of the
handwheel used on the control screws, a gear reduction motor may be
attached to the pump to operate the adjusting nut. Horsepower of the
motor depends on torque required, which may be computed from the
force required to shift the pump, developed under Stem Control above,
and the speed desired for the adjustment. Care must be taken to avoid
sudden stalling of the adjusting motor at the limits of the adjustment.
This is done by suitable limit switches. Adjustable limit switches may
be provided to select automatically any preset displacement. Protection
of the pump by relief valves is necessary.

Stroke Adjustment and Reversal by Hydraulic Cylinders. Several
modifications of this type of control are possible. One-way delivery with
two selected outputs may be produced by small hydraulic cylinders
flanged to the side of the pump casing together with adjustable stops to
limit pump stroke to the desired value. Oil pressure from an auxiliary
source, such as a built-in gear pump, is directed to either one of the two
cylinders to produce either one of the two preselected deliveries. Stops
may have setscrews, knurled-wheel, or handwheel adjustments. This
type of control is particularly adapted for reciprocating machine tools to
produce rapid traverse and feed. The control may be arranged for one-
way action with two selected speeds or two-way action with one selected
speed in each direction.
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All these combinations of pump settings are accomplished by hydrau-
lically actuated pistons in combinations with adjustable stops and pilot
valves to direct the application of pilot pressure to the selected cylinders.
Figure 100 shows the typical arrangement of a two-speed control as
applied to a one-way pump. Cylinder bores are provided in both ends
of the housing in which the actuating pistons are mounted. Pressure
may be supplied to these pistons through pipe connections as shown.

The screw adjustments made with the external threaded knobs limit
the stroke of the pump in the following manner: Assuming that discharge
of the pump is produced by shifting the crosshead to the left in the plane
of the picture, then the left-hand screw adjustment determines the
maximum-stroke setting, which is produced by pilot pressure forcing the
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F1a. 100. Hydraulic stroke-adjustment control.

TO PILOT
VALVE
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right-hand piston toward the left and against the stop. The maximum-
stroke setting may be varied by changing the adjustment of the left-hand
screw.

To obtain the smaller one of the two deliveries, pilot pressure is supplied
to the left-hand piston, forcing the pump crosshead toward the right
against the right-hand adjustable stop. This results in the minimum
delivery. For one-way pump operation, the right-hand stop is so
arranged that the pump cannot be shifted past the neutral position, and
the result is two remote preselected volumes being available for one-way
flow. If the right-hand stop is so arranged that the pump may be
shifted past neutral to the right side of its delivery position, delivery in
the opposite direction will take place, and we have a two-way pump with
a preset delivery in each direction.

Figure 101 shows the arrangement with three positions for a two-way
pump having a neutral and two adjustable end positions. By applying
pressure to both sides of the controls, the pump crosshead will be forced to
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neutral. Exhausting pressure at either end causes corresponding move-
ment of the crosshead and resulting delivery. Auxiliary pistons may be
provided to select additional positions for coarse or fine feeds or rapid
traverse. Design and description of suitable control valves will be
covered in Chap. X.

Area of control pistons must be made large enough to ensure shlftlng
of the crosshead against the resistance of the hydraulic pressure in the
pump, as covered under Stem Control. Control piston area should be
equal to 0.54p/p. as a minimum, where A4 is the area of one pump piston,
p is the maximum pump pressure, and p, is the pressure available in the
auxiliary or pilot system. Pilot pressures customarily used vary from 150
to 500 psi.
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F1a. 101. Hydraulie stroke-adjustiment controls with neutral position.

Oilgear units may be supplied with modifications of this control, con-
sisting of complete machine-tool cycling devices with five positions, as
follows:

Rapid traverse forward

Coarse feed forward

Fine feed forward

Neutral

Rapid traverse reverse
Selection of these five positions is made by means of a pilot valve mounted
in the control unit. The pilot valve is actuated by cams or trip dogs from
the carriage of the machine tool. Coarse and fine reverse feeds can also
be obtained with standard units. Another Oilgear control provides
selection of three positions for a reversing pump, consisting of forward,
neutral, and reverse positions. All three are controlled by an electric-
solenoid-actuated pilot valve. Energizing one solenoid produces forward
delivery; energizing the other produces reverse. Deenergizing both
solenoids causes pump to assume a neutral or no-delivery position.
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Pressure-compensating Control. One of the most popular of the
many control devices available for variable-delivery pumps is the
pressure-compensating or -maintaining control. The basic purpose of
this control is the application of a sustaining pressure by the pump at a
minimum consumption of power. The application of this principle con-
stitutes one of the most important advantages of the variable-delivery
pump, which permits maintaining a preset pressure in a press or other
hydraulic machine with only enough delivery of pressing fluid to com-
pensate for leakage losses in pump and system and following up a possible
yielding in the work being processed in the machine.

The operating principle of this control is basically the same for the
different makes offered. It comprises a source of fixed pressure, such as a
spring or hydraulic cylinder, which forces the pump crosshead on delivery
stroke, opposed by a hydraulic piston that receives a supply of pressure
from the discharge connection of the pump and counteracts this tendency.
Discharge pressure building up in pump and system is transmitted to this
piston, gradually overcoming the resistance of the fixed-pressure means
and forcing the pump toward neutral or no-delivery position. The two
tendencies will balance at a point where just enough delivery is produced
by the pump to maintain the system pressure against the fixed resistance.

The difference in design between the different makes of control consists
largely in the means used to produce and vary the fixed resistance for
adjustable pressures. This may be done by springs with adjustable
tension, by springs with fixed tension opposed by hydraulic cylinder with
adjustable pressure, and by hydraulic cylinders.

Characteristics and operation of this type of control may best be
illustrated by a sample calculation.

Ezample: We assume that we wish to design a pressure-compensating control for the
20-gpm radial pump designed in Sec. 4 of this chapter. The area A of one piston was
1.1 8q in. Pressure = 2,500 psi. Total control force =F = 0.75 X 1.1 X 2,500
= 2,050 Ib.

Area of control piston = 20504.,, = 0.82 sq in.
or approximately 1-in. diameter. Spring-pressure maximum with 1-in. plunger will be
‘ 0.785 X 2,500 = 1,960 Ib

For further computation of spring characteristics a decision must be made to what
pressure the full output of the pump is to be carried until a reduction in delivery should
take place. This depends on a number of considerations. Figure 102 shows the pres-
sure-volume relationship of a spring-plunger compensating control. The length of the
horizontal line at the 20-gpm or maximum-capacity point indicates the pressure up to
which full discharge may be maintained. At the peak pressure the delivery is zero.
The diagram contains two extremes that are impractical or impossible. One is a zero
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cutoff; that is, the pump would begin reducing stroke as soon as pressure started to
rise. This condition cannot he realized in practice, as no initial spring pressure would
be available to put and maintain the pump on stroke. The other is maximum-
pressure cutoff, which means that the pump would maintain full discharge up to the
pressure limit and then cut off sharply to zero delivery. This condition is impossible
of achievement with a spring-loaded control of this design, as it would require an
infinitely long spring. It may be accomplished with some other types of controls,
as will be described later. The general run of applications lies in the middle between
these extremes, with full discharge maintained at from 40 to 80 per cent of maximum
pressure. By referring to Fig. 102, it may be seen also that the cutoff pressure affects
the minimum holding pressure, which cannot be less than the difference between cutoff
and zero-delivery pressure. High cutoff pressures, therefore, permit greater choice
in holding pressures and enable the pump to deliver full volume at a higher pressure,
while lower cutoff pressures permit use of smaller motors. Motor size for pumps
equipped with this control are figured with the cutoff pressure as maximum pressure
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Fia. 102. Diagram of spring-plunger compensating control.

at full delivery, which may result in a material saving in motoring these pumps and in
power consumption.

Exzample: With the above explanation, let us assume that we wish to maintain full
discharge up to 1,750 psi, or 70 per cent of maximum pressure. Then, while the
pump moves from full stroke to zero delivery, or 3g in., the spring force increases from
1,750 to 2,500 psi, or 750 X 0.785 = 588 lb. The spring gradient, therefore, is
588/0.375 or 1,570 1b per in. The spring specification, therefore, reads 1,960 1b maxi-
mum pressure with a gradient of 1,570 Ib per in.

A spring with 4-in. mean coil diameter and 3¢-in. wire diameter is selected, having a
stress (uncorrected) of 80,000 psi at the maximum load of 1,960 Ib. The spring index
is 4/0.625 = 614, and the Wahl correction factor is 1.22, resulting in a corrected
stress of 97,500 psi.

Alloy steel SAE 6150 should be used for this spring. As a general consideration,
alloy steel is recommended for control springs that carry heavy loads in order to stay
within reasonable space limits.

For a gradient of 1,570 Ib per in., about 214 acting coils are required, and we should
have a total of 414 coils. The total compression to obtain 1,960 lb should be
1960{ ..o = 134 in. With an allowance of about 0.6 in. for coil clearance, we then
have a free length of 414 in.

The general arrangement of a control designed with these specifications is shown
in Fig, 103. The purpose of the choke check arrangement on the hydraulic cylinder
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is to permit free access of hydraulic pressure to the control cylinder through the ball
check valve to actuate the control rapidly upon the building up of pressure. In case
of sudden release of pressure, the choke valve prevents slamming of the control to full
stroke. For this size of control, 14-in. pilot line is recommended.

faoroa
| f CROSSHEAD

PRESSURE
F1c. 103. Spring-plunger compensating control.

A modification of the spring-opposed plunger control is made with a
fixed spring tension and adjustable hydraulic pressure opposing it. This
type of control permits practically maximum-pressure cutoff, maintaining
full pump delivery up to the maximum set pressure. Figure 104 shows
the principle of this control. Assum-
ing that the spring -in our example
above is set at a fixed pressure of 1,960
lb, we may oppose it with a piston of
sufficient area to produce the minimum
desired holding pressure. At 500 psi,
for instance, we will require 3.9 sq in.
to do this. The adjustable relief valve
will then be set for any desired pressure
above this minimum and will open at’
the set pressure to admit pressure to
the control piston to force the pump to
Fic. 104. Compensating control with  zero stroke. The pump will automati-
hydraulic-pressure adjustment. cally maintain the set pressure. If
there is a tendency for this pressure to drop, the relief valve will close
and bleed off oil from the control cylinder to make up sufficient pump
stroke to restore the equilibrium.

This type of control is made by the Oilgear Company. Figure 105
shows the Oilgear pump with compensating control as applied to a
pressure-storage vessel. This constitutes an ideal application of the Oil-
gear type of compensating control, as it permits charging the pressure
vessel at substantially full pump delivery just slightly below the shutoff
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pressure and automatically unloading pump and motor for minimum
power consumption when the maximum pressure is reached and the
pressure vessel is fully charged.

In another form of control, the hydraulic piston is held between two
pressures; one end opposing the spring is directly subjected to the line
pressure, which bleeds through a small restriction into the opposite end,
which is equipped with a relief valve of conventional design. This relief
valve establishes the setting of the control. If the pressure in the line

¥Fia. 105. Pump with hydraulic compensation control and pressure vessel. (The Oilgear
Co., Miwaukee, W1is.)

rises, a tendency will be created to unbalance the control, causing it to go
toward no-stroke position, which causes a reduction of delivery and
pressure, again establishing equilibrium. A drop in line pressure has the
opposite result. The spring will take charge and move the pump shift
ring toward full-delivery stroke until equilibrium is again established.
Great flexibility in cutoff differentials is possible with this control. For
instance, if a control spring as above calculated is used, having a maxi-
mum force of 1,960 1b and a gradient of 588 1b for 3% in., and assuming
that we make the control piston 3 sq in., then the differential between full
stroke and no stroke is 195 psi. This differential may be readily reduced
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to almost any desired amount by increasing the control-piston area. The
commercial models of the Vickers variable-delivery pump are equipped
with this type of control.

A number of modifications of the pressure-compensating control are
available. The control may be combined with a preset stroke adjust-
ment by an auxiliary handwheel or setscrew, so that the pump may be set
for any desired initial output. Figure 106 shows this type of control as
made by Hydro-Power Inc. By using an auxiliary control plunger,
three different pressure adjustments may be had by using either plunger
independently or both in combination. This arrangement is useful in
connection with double-acting cylinders, where full pressure is desired in
the forward or working dircction, and a lower pressure is satisfactory for

FiG. 106. Pressure-compensating control with auxiliary volume adjustment. (Hydro-
Power Inc., Mount Gilead, Ohio.)

the retraction or pullback direction. In that case, one plunger may be
connected directly to the pump pressure line, and the other to the pullback
connection of the cylinder, so that on the retraction stroke both plungers
are effective.

In a good many applications, an initial reduction of pump discharge is
desirable immediately before the hydraulic motor or cylinder operated by
the pump meets resistance. This is particularly useful for plastic-mold-
ing presses, where the platens must come together rapidly until ready to
engage, and then close slowly at a preset speed to build up the molding
pressure. This control, developed by the author and built by Hydro-
Power Inc., is shown in Fig. 107. In principle, it consists of the regular
pressure-compensating control with the addition of a large auxiliary piston
with an adjustable abutment to engage and reduce the stroke of the
control crosshead. The amount of stroke may be preset by means of the
adjustable abutment. The pressure required to raise the moving weight
does not suffice to actuate the control. At an adjustable position in the
travel of the press platen, a restriction is introduced in the pipe line, which
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causes sufficient pressure to build up to actuate the stroke-reducing piston.
The remainder of the travel is then made 4t reduced stroke until pressure
builds up on the work, further reducing delivery to the zero-stroke
position.

It should be kept in mind that on any of these controls, stroke reduction
takes place until a minimum delivery is reached, where the pump delivers
just enough oil to maintain the set pressure against leakage within itself
and the hydraulic system. This affords an excellent means to check and
compute the leakage losses in the system by measuring the pump stroke,
if the pump is equipped with a stroke indicator, as all Oilgear pumps are.

(F)‘;:; ;07‘ Compensating and stroke-reducing control. (Hydro-Power Inc., Mount Gilead,
0.

For instance, if a pump is rated at 3¢ in. eccentricity, or control stroke
from neutral, and 20 gpm at full stroke, and if the stroke indicator shows
144 in. control stroke from neutral, then the pump is delivering 1.665 gpm
to make up leakage losses.

At times pressure-compensating controls, particularly those of the
spring and plunger type, have a tendency to ‘ hunt,” or oscillate about the
set pressure. This condition is aggravated by the presence of air in the
system. Suction lines should be checked for tightness, and, if necessary,
air bled from the cylinders and pipes. The tendency to hunt may
generally be relieved by providing a small by-pass bleeding off sufficient
oil to keep the pump from going past neutral and over on negative stroke,
which invariably leads to serious oscillation. Careful workmanship and
good finish is required on the moving parts of the controls to prevent
sticking and binding with subsequent erratic behavior.

Servo-motor Control. So-called ‘“servo-motor’’ controls are widely
used for the control and actuation of reversing, or two-way, pumps.
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Admittedly, the characteristics of reversing or two-way pumping systems
are very desirable, owing to the absence of shocks on reversal, the smooth
acceleration and deceleration of fluid flow, and the simplification of the
hydraulic circuit by the elimination of four-way control valves. These
advantages may be fully realized in a fast-acting machine, if rapid
reversal of the pump-stroke control can be accomplished. We have seen
that very heavy forces are involved in moving the pump-stroke control,
and the power required to do this at rapid cycles would become quite
excessive. Obviously, an auxiliary source of power, controllable so that
the variable-delivery characteristics of the pump are retained and yet
movement of the control crosshead may be accomplished with a minimum
of effort, would be a most desirable solution.

Obviously, this purpose cannot be attained with a conventional oil-
pressure cylinder and pilot valve. If such a device were used and the
pilot valve shifted to admit pressure to one side of the piston, the pump
crosshead would immediately shift in response to the pressure applied
and would continue to shift until the pilot valve had been returned to its
neutral position. Therefore, to obtain a desired delivery rate or cross-
head position, the operator would have to jog the pilot valve in a series
of short movements, to prevent the crosshead from overrunning the
desired position. There would be no assurance that the pump would
maintain its set delivery, as leakage through the pilot valve could cause
the control piston to shift and alter the delivery stroke.

These shortcomings may be avoided by a tie-up between the pilot
valve and power piston so that for any given increment of pilot-valve
stroke, the resulting piston stroke will automatically reset the pilot valve
to its neutral position and thus prevent further movement cf the piston.
Any inadvertant displacement of the piston immediately corrects itself
by producing a corresponding pilot-valve movement, which will admit
pressure fluid to restore the original position of the power piston.

The servo motor as such is quite old; the invention is attributed to one
Farcot, a Frenchman who described it in a treatise ‘‘I.e Servomoteur ou
moteur asservi’”’ in 1873. The first use of these devices was made in
relay governors for steam turbines, and considerable literature was
devoted to their theory and design as applied to the regulation of prime
movers. In this text we shall confine ourselves to their application to the
control of variable-delivery pumps, which has become a fertile field.

Figure 108 shows an elementary form of servo motor with restoring
linkage. The clevis is attached to the pump shift ring, so that the stroke
may be shifted by the movement of the power piston mounted in the
servo-motor cylinder. A pilot valve is mounted above the power piston
and so arranged that the two valve heads exactly cover two annular slots
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in the valve body, which communicate through suitable passages with
both sides of the power piston. Pressure from an auxiliary pump is
supplied at the center of the pilot valve between the two valve heads. An
exhaust opening is provided, as indicated, permitting exhaust of pressure
from either end of the pilot valve through a bore. in the pilot-valve
plunger.

The valve may be operated by means of a hand lever that is mounted
on a fulerum that is not fixed, but travels with the power-piston rod. If
the hand lever is now swung in clockwise direction, the pilot valve will
move to the right, admitting pressure to the right-hand side of the power
piston, causing it to travel to the left. Momentarily, the hand of the
operator holding the valve lever becomes the fixed fulcrum about which
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Fra. 108, Servo motor with restoring linkage.

the lever will turn, being pulled to the left by the power piston. This
movement restores the pilot valve to its original neutral position. The
final result is that the hand lever assumes a position corresponding to that
of a fixed fulcrum at the top, and the action has taken place as if the
operator had moved the power piston manually by means of the hand
lever turning about its upper fulcrum. Thus the operator in effect moves
a heavy load with little effort a controlled distance, determined by the
desired pilot-valve stroke. A similar action will take place in the
opposite direction. In case of accidental displacement of the power
piston, the valve will be displaced and cause the position of the piston to
be restored, provided that the lower end of the lever is either held in
position or locked in place by mechanical means.

A modern version of this old device is illustrated in Fig. 109. In this
design all external linkage is eliminated, and the power piston follows the
servo valve in proportion to the servo-valve displacement. The pressure
enters at the connection indicated and acts permanently against the
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differential area of the power piston, tending to move it and the pump
shift ring connected to it to the left. Pressure may enter the radial holes
in the undercut position of the power piston and pass into an annular
groove that is closed by a ‘‘line-on-line”’ cutoff by the pilot valve.
Similar passages closed off by the opposite end of the pilot valve lead to
the large area of the power piston and may connect it to the interior of the
pilot-valve bore and from there into the exhaust. A slight movement of
the pilot valve to the right will cause admission of pressure to the head
end of the power piston, which in turn will overcome resistance of the
pressure on the smaller differential area and move the power piston to the
right, until the valve opening is again closed and the device comes to rest.
“onversely, if the valve is moved to the left, oil is exhausted from the
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Fig. 109. Full hydraulic servo motor.

head end, and the piston will move to the left under the influence of the
constant pressure in the differential area. Care must be taken in the
design of these devices to have the valves well balanced to prevent
sticking and locking. To this end, the valve is grooved circumferentially,
all but relatively narrow ledges being cut away to prevent pressure fluid
from squeezing between valve and valve bore and locking the valve.
The exhaust end of the valve also carries a balancing piston to prevent
back pressure from the exhaust from interfering with the action of the
valve.

In designing a servo motor, care must be taken to make passages and
openings of sufficient size to carry the flow of oil for which the device was
designed. Hydraulic working pressures of from 150 to 500 psi are used
in these devices, generated by small auxiliary pumps of the gear or vane
type. Sufficient capacity should be available to move the shift ring from
‘“hard over” to ‘“hard over” in from 0.3 to 0.5 sec.

A few figures made for the 20-gpm unit designed previously will illustrate this.
The total control force F was 2,050 Ib. With a hydraulic pilot pressure of 260 psi, the
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differential area should be 205050 = 8.2in. The head should be twice this area or
16.4 sq in. To traverse crosshead 34 in. in 0.3 sec will require

8.20 X 0.75 X 60
0333l - >3sepm

A 14-in. valve and passages are satisfactory.

Figure 110 shows a very unusual servo control manufactured by the
Oilgear Co. Pressure is continuously maintained on the small piston,
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o control. (The Oilgear Co., M ilwaukee, W1s.)

while it may be selectively supplied or exhausted through spiral slots in
the servo valve, which are brought successively into engagement with an
opening in the valve body. The great care used in the Oilgear design is
well illustrated in the provision of the small ball bearing between servo-
valve-and-piston assembly and the pump shift block, which permits the
shift block to ““‘breathe’’ up and down between the clearances in the shift
pads without cramping or binding the servo valve. An exterior view of
the same device is shown in Fig. 111.
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Servo controls exhibit at times a tendency to ‘“hunt.” This is gener-
ally due to excessive valve speed (power piston unable to catch up),
loose or worn linkage, or air in the hydraulic system.

Precision Controls. The Oilgear Company in Milwaukee manufac-
tures a precision control that rigorously maintains constant output of a
variable-delivery pump despite fluctuation in load, temperature, and
power supply. For the description of this control, the following is
quoted from the manufacturers’ bulletin with their permission:

Disk-type DT Precision Speed Control (Differential-time). The DT
control unit is the heart of this system, which converts the fluid power

v S
&

Fi¢. 111. Pump with servo control, exterior view. (The Oilgear Co., Milwaukee, Wis.)

transmission from merely an adjustable-speed drive to the most precise
and flexible industrial driving means now obtainable.

It is well known that hydraulic power transmissions heretofore used will
depart somewhat from their set speeds as changes occur in load and
temperature. While the amount of departure is well within the limits
permitted, on many commercial applications, the requirements of other
machines and processes are such as to demand precise and uniform speed
control.

The departure from set speed in hydraulic transmissions is caused by
the leakage of oil past the running fits. The hydraulic motor tends to run
more slowly when the load increases, when the temperature of the oil
increases and the viscosity of the oil is reduced, or if the transmission
wears, permitting more oil to escape past the running fits.

The essential principle of the DT precision control is that the hydraulic
motor, driven by the flow of power from its variable-stroke pump,
simultaneously transmits the resulting speed back to a differential com-
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parator. This differential also receives a standard or master speed from
a small synchronous motor (time control), or from some other unit, roll
stand, or float roll (measuring control). In any case, the differential
continuously compares the actual speed with the master speed and
translates every discrepancy into exactly the increase or decrease of pump
discharge necessary to correct the error. The action of the disk-type
control is so quick that fluctuations of speed due to ordinary load changes
are caught and corrected within about 1o sec. With moderate load
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Fi1a. 112. Disk-type precision speed control. (The Ougear Co., Mdwaukee, W1s.)
fluctuations, such as usually exist in a continuous processing plant, the
momentary governing errors are held within 14 of 1 per cent plus or
minus, while the integrated error over a period of time (say 10 sec or more)
is not measurable by a stop watch. .

The DT disk-type control is shown in its usual form in Fig. 112 with a
small synchronous or Selsyn motor 7', furnishing the master speed. If
T, is a synchronous motor, the control is by time, and the speed of the
hydraulic motor is in rpm. If 7', is a Selsyn motor, it receives its current
from a Selsyn generator driven by its master unit, and follows the speed of
that master through its entire range from a standstill to maximum.

The master speed is transmitted to the differential D through the
friction disk-ratio changer, comprising a movable idler disk T';, spring-
pressed between the driving (master) disk T'» and the driven disk T..



162 OIL HYDRAULIC POWER

Disk T'; is mounted in a slide block, adjustable by a push-button control
motor S; (or by manual or float-roll control) through cam S, and segment
Ss.

The master speed as modified by the ratio changer, is transmitted by
gear teeth in edge of 7’4 to the sun pinion D,, the first leg of the differ-
ential comparator already mentioned. Planet gear D, is mounted on a
radial valve-actuating crank D; (third leg of differential), which actuates
pilot valve C, through floating lever F;. Planet gear also meshes with
internal ring gear D,, exactly twice the sun-gear diameter. Any move-
ment of pilot valve resulting from movement of axis of planet gear and
crank Dj; changes the pump stroke and hydraulic-motor speed. To hold
pilot valve stationary, ring gear D, (second leg of differential) must be
driven by hydraulic motor M at exactly one-half the standard speed of
gear D). Any discrepancy will result in a slight movement of valve C,,
permitting oil from gear pump C: to enter pump-stroke-changing cylinder
C; and increase pump discharge, or permitting oil to escape from C; and
reduce pump discharge. When the change in pump discharge has
corrected motor speed to balance the speeds of the differential gears
again, the pilot valve will resume its neutral position.

In order to prevent hunting, an essential part of the mechanism is the
follow-up lever F,, which responds to the movement of pump slide block
and by means of link F, closes the pilot valve as soon as the required
correction has been made.

As the disks 7'y, Ty, T'5 are made of hardened steel, accurately ground,
and transmit no appreciable power, they show no wear after long service.
This is true even when the speed is not changed and idler disk T, runs
in one location continuously.



CHAPTER VIII
THE UTILIZATION OF OIL HYDRAULIC POWER

1. Rotary Hydraulic Motors. In Chap. VII we have seen how
hydraulic power is generated by means of rotary pumps, supplied with
power by prime movers such as electric motors. These pumps supply oil,
flowing under pressure in conduits, to carry the hydraulic power to the
point of application. There the fluid power may again be converted into
mechanical power expressed in torque and rotating speed. This is done
by rotary hydraulic motors.

Almost all designs of hydraulic pumps may, at least theoretically, be
used as hydraulic motors, if hydraulic power in the form of oil flowing
under pressure is supplied to them. Actually there are only a few com-
mercially successful designs of motors in use, for a number of reasons.

First, only a few of the different designs of rotary pumps will make
efficient motors, for inherent hydraulic and mechanical reasons. Second,
rotary hydraulic power has been and is relatively little used, owing to the
abundance of economically priced, readily available electrical motors.
Only where special considerations dictate their use have hydraulic trans-
missions and rotary motors gained a foothold and displaced electrical
power for producing rotary motion and torque. This refers in particular
to cases where extreme range of speed adjustment is required, which
cannot be met by electrical units, or where compactness is a prime
requisite not obtainable by any other means. Hydraulic motors have
been developed that have more horsepower in less space and weight than
any other known source of power. In cases where hydraulic power is
available, as on a hydraulically operated machine tool, press, or other
machine, the designer may do well to give consideration to the use of
hydraulic motors for auxiliary functions. Hydraulic transmissions have
found an excellent field of application in paper-machine and printing-
press drives and in other fields where extreme range and close adjustment
of speeds are required.

Rotary motors now in commercial production are either of the gear or
plunger type. The most important representative in the former category
is the Vickers hydraulic gear motor. We have shown in Chap. VII that
heavy unbalanced loads exist in gear pumps. The Vickers gear motor,

illustrated in Fig. 51, avoids this objectional feature. This is done by
163
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providing a packet approximately diametrically opposite the pressure
port and conducting pressure from the pressure port to this pocket.

Another method, used successfully by the author, is to drill holes from
one tooth space diametrically through the gear into the diametrically
opposite tooth space. (Gears must have an even number of teeth and
must be made integrally with their shafts.) There are as many drills as
there are teeth or tooth spaces, and the drills must, of course, not interfere
with each other. The resul} will be almost perfect balance and excellent
operation as gear motors at pressures as high as 1,000 psi.

Torque, Horsepower, and Effictency. The primary purpose of a
hydraulic motor, like that of any motor, is to develop torque. Hydraulic
pressure supplied to the motor acts on the surface of the teeth, pistons, or
vanes and creates a force, and this force or a component of it, acting
tangentially to the distance from the center of rotation, produces a
turning moment or torque. Torque may be expressed in terms of horse-
power and speed as follows.

A force F acting at a distance from the center of rotation, L, produces a
moment or torque F times L. The work done by this force is 2rFL. If
F times L is denoted as T, then the work the power developed is 2rTn
ft-lb per min, or expressed in horsepower:

27 Tn
HP = 35500 (1)
Tn
= 5250 (2)

where T = torque, ft-lb
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